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ABSTRACT 
___________________________________________________________________ 
Although alternative power sources are getting well-established, transportation will remain 
primarily dependent on IC engines using fossil fuels for at least a few more decades. The IC 
engines typically employ reciprocating pistons to convert the combustion pressure into 
mechanical work required by the vehicle. Engine NVH issues make their appearance at the 
piston-cylinder interface in the form of impulsive vibration signals. The piezo-viscous nature 
of the lubricant at the piston-cylinder conjunction can change the dynamic response of the 
impacting structures. Much of the published research to date has excluded the elasto-
hydrodynamic effects of the lubricant on piston impact noise. Even when these effects were 
studied, the research focus has been primarily on the tribology of the contact. Thus, an accurate 
methodology is required to identify and predict piston impact noise using real in-cylinder 
conditions, especially at the lubricated piston-cylinder conjunction. 
This thesis presents a methodology to identify and predict piston impact noise for lubricated 
piston-cylinder conjunctions based on a multi-physics, multi-scale approach. The piston’s 
kinematics and dynamics are determined in macro scale. The model of piezo-viscous lubricant 
film is developed in micro scale. The transferred impact power to the cylinder liner is evaluated 
through the elasto-hydrodynamic lubricant film. The radiated power from the engine surface 
integrates dynamics, tribology and acoustics. The model created has been verified against 
surface vibration and acoustic measurements in the laboratory using a single cylinder engine. 
One of the key findings is that identification of piston impacts is more accurate through 
methods developed for lubricated conditions. 
In the second part of the thesis, the feasibility of nonlinear energy absorbers to passively control 
the undesirable piston secondary motion is explored. The broadband operational frequency of 
the nonlinear absorbers shows the potential for reduction of the impact excitations. The 
examined absorber designs are single pendulum and double pendula oscillators with nonlinear 
stiffness and linear damping. The key finding is that the application of nonlinear energy 
absorbers can reduce the number and severity of impacts through controlling piston’s 
secondary motion. The potential of this concept should be explored experimentally in the future 
in terms of the actual piston impact noise improvement, as well as the associated effects in 
power loss. 
Keywords: Transient elasto-hydrodynamic lubrication, Piston impacts, Slap noise, 
Structural vibration energy, Targeted energy transfer, Nonlinear energy sink 
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𝐹𝐹ℎ𝑦𝑦𝑑𝑑 : Lubricant hydrodynamic force [𝑁𝑁] 
𝐹𝐹𝑘𝑘 : Stiffness reaction force in Hertz contact [𝑁𝑁] 
𝐹𝐹𝑡𝑡 : Piston side (lateral) force [𝑁𝑁] 
𝐹𝐹𝑣𝑣 : Viscous friction force [𝑁𝑁] 
𝐹𝐹𝑣𝑣𝑣𝑣 : Non-Newtonian viscous friction force [𝑁𝑁] 
𝑓𝑓 : Frequency [𝐻𝐻𝐻𝐻] 
𝑔𝑔 : Gravity acceleration [𝑚𝑚/𝑠𝑠2] 
ℎ : Lubricant film thickness [𝑚𝑚] 
ℎ𝑚𝑚 : Minimum film thickness [𝑚𝑚] 
𝐼𝐼𝑝𝑝𝑑𝑑𝑑𝑑 : Piston centroidal moment of inertia [𝑘𝑘𝑔𝑔.𝑚𝑚2] 
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𝑚𝑚𝑡𝑡 : NES mass [𝑘𝑘𝑔𝑔] 
𝑁𝑁 : Number of impacts (NoI) [ - ] 
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𝑟𝑟 : Crank radius [𝑚𝑚] 
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𝑡𝑡 : Time [𝑠𝑠] 
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Chapter 1  
Introduction 
1.1. Problem definition 
Since the first use of internal combustion (IC) engine technology in automotive applications, 
the industry has advanced considerably and numerous enhancements have been developed. 
Although different power sources including electric drives and hydrogen fuel cells have been 
introduced to the automotive market, the combustion engine remains the most popular power 
source because of its high mechanical power and long-distance driving service. A report by the 
government in 2015 showed that 86 percent of the UK driving licence holders are reluctant to 
buy an electric vehicle in the near future (Patel (2015). While, in the longer term, alternative 
power sources are getting well-established, the transportation will remain dependent on engines 
burning fossil fuels. The pre-eminence of IC engines in transport raises concerns about their 
environmental effects such as fuel, air pollution and noise emissions. 
In the 21st century, transport relies on oil but reports have been published on the oil supply 
falling below the level required to meet international demand in the upcoming decades. 
Excessive consumption of oil products has led to concerns about the price of fuel (petrol and 
diesel). A survey has been implemented between 2000 and 2012 to show the comparison of 
crude oil, petrol and diesel prices. The cost of crude oil has quadrupled per barrel and the cost 
of petrol and diesel has almost doubled over the last decade (Figure 1.1). 
 
Figure1.1. Soaring fuel costs: Petrol and diesel prices between 2000 and 2012 (Anderson and Kahya (2011))  
 2 
Fuel-dependent technologies are accountable for climate-changing emissions and they have a 
high impact on public health and environment. A survey indicates that the major air pollutants 
are Sulphur, Nitrogen Oxides (NOx) and Carbon Monoxide (CO) in the United Kingdom. The 
main sources of these emissions are power stations and the transport sector. The latter accounts 
for almost 50% of NOx and 73% of CO emissions in the UK (Figures 1.2 and 1.3). These 
estimations are similar in a global scale and the European Union has started to implement strict 
control measures on emission levels from the transport sector, especially the automotive 
industry. The first European legislation was enacted on passenger and commercial cars in 1992. 
Since then, the legislation has been reviewed on a regular basis and the latest release (Euro 6) 
was published in 2014. CO2 emissions are direct product of combustion and a fraction of fuel 
is oxidised to CO during incomplete combustion (Colvile et al (2001)). Euro 6 targets 95 g/km 
of CO2 emissions for passenger cars by 2020, while CO emissions are restricted to the same 
levels of Euro 5 (ICCT (2014)). The new regulation also restricts engine manufacturers to NOx 
level of 0.080-0.125 g/km for different vehicle categories, which is lower compared with 0.180-
0.280 g/km in Euro 5 (Ebbs (2015), European Parliament (2007)). 
 
Figure1.2. Sources of NOx pollution in the UK (Air quality (2001)) 
 
 
Figure1.3. Sources of CO pollution in the UK (Air quality (2001)) 
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Although particulates emitted from combustion engines have the highest impact on public 
health and environment, the effect of noise pollution cannot be neglected either. In urban areas, 
residents are exposed to road traffic noise longer than any other noise sources. Traffic noise 
has been a problem with medium health impact in six European countries including Belgium, 
Finland, France, Germany, Italy and Netherlands (table 1.1). Further investigations by the 
World Health Organisation (WHO) also suggest that noise is a leading environmental nuisance 
in the European community and the second largest environmental health risk in the Western 
Europe. Annoyances, sleep disturbances, stress and physiological reactions are the implicit 
effects of traffic noise (Ouis (2001)). The most vulnerable groups to noise exposure are 
children and the elderly. Generally, moderate blood pressure effects are apparent in noise 
impact investigations and in the case of children, hearing impairment in early ages is proven to 
influence their cognitive performance (WHO (2015)). 
 
Table1.1. Relative public health impact of the selected environmental stressors in the participating countries 
(EBoDE (2010)) 
Public health im
pact 
 Certainty of assessment 
 High Medium Low 
High 
Particulate air 
pollution 
  
Medium 
Second hand smoke 
Radon 
Traffic noise 
Lead 
Ozone 
Dioxins 
Low Benzene  Formaldehyde 
 
 
Noise pollution does not only influence the health and society’s wellbeing; the economic 
effects can be considerable as well. However, the monetary value of this effect is not directly 
appreciated. An economic analysis has been carried out by the UK government in 2014 to 
evaluate the social cost of exposure to urban road noise. Urban road noise pollution is estimated 
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to cost England over £7 billion annually, which is comparable to the economic impact of road 
accidents and higher than the influence of climate change (table 1.2). 
 
Table1.2. Economic cost of the impact of three environmental factors in England (UK Government (2014))  
Environmental Factor Annual cost (£ billion) 
Road noise 7-10 
Road accidents 9 
Climate change 1-4 
 
Legislative committees are further convinced that traffic noise will be equally important - if 
not more - to air pollution in large cities in the near future. Control measures related to the 
permissible sound level of motor vehicles date back to 1970. Partial revisions have been made 
up to 2007; however, the European community has been more active recently and a new 
directive on noise measures was published in 2014. A comparison between noise limits in 2007 
and the expectations between 2016 and 2026 is given in table 1.3 for different categories of 
passenger vehicles. Generally, 2 dB(A) reduction to permissible noise levels of passenger 
vehicles is desirable by the middle of 2016. By 2026, the average noise reduction expected in 
passenger cars is 4-5 dB(A). Generally, the noise sources at high speeds (motorway drive 
conditions) are aerodynamic and tyre noise; whereas, the noise mainly originating from the 
engine at low speeds is related to urban drive conditions (Rahnejat (2000), Gupta (2002)). 
The ramifications of these pollutions are driving the automotive community to improve the 
design of the sources of these emissions. This approach is economic and imperative as the 
efficiency of the system also increases when directive expectations are met. The sources of 
energy loss in a passenger car are depicted in Figure 1.4. Power transmission and drivetrain 
account for only 30% loss. 10% of the energy is wasted as parasitic losses in the water pump, 
alternator, etc. Over 60% of the fuel energy is dissipated in the IC engine, leading to 
comprehensive research efforts on engine components. Moreover, the dynamic nature of 
engine components makes it the main source of noise pollution. 
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Table1.3. Limit noise values for different types of passenger vehicles: Regulation (EU) No 540/2014 
(European Parliament (2014)) 
Vehicle category 
Limit values expressed in dB(A) 
From 01/07/2007 01/07/2014 01/07/2020 01/07/2024 
To  01/07/2016 01/07/2022 01/07/2026 
power to mass ratio below 
120kW/1000kg 
74 72 70 68 
power to mass between 
120kW/1000kg and 160kW/1000kg 
74 73 71 69 
power to mass ratio over 
160kW/1000kg 
74 75 73 71 
over 3.5 tonnes  and rated engine 
power below 150 kW 
78 76 74 73 
over 3.5 tonnes and rated engine 
power between 150kW and 250kW 
80 78 77 76 
over 3.5 tonnes and rated engine 
power over 250 kW 
80 80 78 77 
 
 
Figure1.4. Energy losses for combined city/highway driving (US Department of Energy)  
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1.2. Engine improvements to tackle the problem 
Further emission reductions are expected by modifications in engine design. The study of 
engine energy losses is a complicate task because of its highly transient and dynamic nature. 
50-60% of the generated fuel energy inside the combustion chamber is wasted through 
thermal/mechanical losses. Mechanical losses encapsulate the inefficiencies due to moving 
parts, such as mechanical out-of-balances, Noise/Vibration and friction.  
Engine mechanical losses are mainly generated in the piston, the piston ring packs, the 
connecting rod, the crankshaft bearings and at the valve train. The contributions of these 
components to the total engine losses in combination with transmission losses are presented in 
Figure 1.5. The piston and cylinder liner conjunctions approximately take up to 25% of the 
combined mechanical losses, which accounts for 33% of the engine mechanical losses alone 
(Rahnejat (2010)). The sizeable effect of the piston skirt on efficiency raises interests in 
potential improvements in frictional losses. 
 
 
Figure1.5. Engine/transmission friction losses (Rahnejat (Ed.) (2010))  
Piston skirt mechanical losses can be broken down into friction, vibration and noise. Noise is 
mainly generated by the impulsive loads due to the secondary motion of the piston (translation 
and rotation) within the piston-cylinder clearance, which varies from engine to engine but it is 
typically of the order 10-100𝜇𝜇𝑚𝑚. Higher clearance results in higher piston skirt impact energy 
and thus, louder noise is emitted. On the other hand, tighter clearance causes more friction 
losses. Although vibration and noise account for the smallest part of losses through the piston 
skirt, the emitted noise is high and comparable to the overall engine noise. The results of a 
study by Kanda et al (1990) on a 3-cylinder water-cooled diesel engine reflect the contribution 
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of different engine components to the overall engine noise at 2500rpm (Figure 1.6). As it can 
be seen, the piston impacts and combustion are the main contributors with their cumulative 
share representing about 80% of the total engine noise output. Piston impacts represent the 
most significant mechanical noise, comparable with the combustion-induced noise. The 
significance of piston skirt on frictional losses and noise emissions necessitates the attention to 
improvements at the piston-cylinder conjunction. 
Improvements in frictional losses and reduced noise with improved Noise, Vibration and 
Harshness (NVH) characteristics can only be accomplished by consideration of the lubrication 
system at the piston-cylinder conjunction. The lubricant film separates the two contacting 
bodies and results in the reduction of friction. It also improves the dynamic response of the 
system through partially damping the impulsive loads and deforming the piston skirt. On the 
other hand, the pressure built in the lubricant film transfers the undamped part of the dynamic 
load to the cylinder liner in the form of cylinder deformations, resulting in vibration and noise 
radiation at the surface of the engine block. The space available to be filled by lubricant is 
mainly influenced by the clearance between the deformable bodies, which in turn reflects the 
dynamics of the piston assembly and the severity of the excitation force (combustion pressure). 
Therefore, a combined study of piston skirt friction (tribology) and piston dynamics is essential 
for this purpose (tribodynamic analysis). 
 
 
Figure.1.6. Noise source contribution in IC engine (Kanda et al (1990)) 
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1.3. Aims and objectives 
In this thesis, the intrinsically impulsive behaviour of conformal contact at the piston-cylinder 
conjunction is targeted. The main aim is to develop fundamental understanding of the piston 
impacts due to its secondary motion and to investigate potential solutions to reduce the resultant 
noise.  
In order to meet the aim of this research, certain objectives should be defined and achieved. A 
set of validated analytical/numerical tribodynamic routines are required to describe piston’s 
transient motion leading to impacts and to predict its resultant audible noise. Transient 
tribodynamics encapsulate novel techniques for the identification of impact events. The piston-
cylinder contacting surfaces are separated by oil film, suggesting that its effect should be taken 
into account in both the impact force evaluation and the wave propagation (through the oil-
film) to the cylinder’s boundary. The accuracy of analytical/numerical approaches will be 
examined for the identification/prediction of impact events through a range of engine operating 
conditions. Then, these developed modules can be exploited to examine improvements in NVH 
performance through the application of passive control techniques tailored for the piston 
assembly. Parametric modifications require a trade-off between noise quality and friction 
losses. The use of a passive technique will be examined for the concurrent satisfaction of both 
criteria. The aforementioned objectives will be met following the steps below: 
• The available piston-cylinder contact tribodynamic model (Dynamics Research Group) 
will be adapted to the objectives of this thesis. An add-on module will be developed in the 
programme to assess the new identification criteria. The performance of the new 
techniques will be compared with conventional techniques available in the literature. 
• A separate numerical/analytical module will be developed for noise levels prediction. The 
oil-film squeeze velocity, film thickness and pressure will be the inputs to the module. The 
radiated noise from the engine block surfaces due to piston impacts will be evaluated at 
any desired distance from the structure.  
• The identification and prediction analyses will be validated through a series of experiments 
on a Honda CRF 450R engine. Vibration and noise data will be acquired for different 
operating conditions. The Cylinder pressure will be measured simultaneously in order to 
reflect the combustion load. 
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• The developed numerical models in the previous steps will be exploited for the passive 
control of piston’s secondary motion. The dynamics of the controller will be 
accommodated in the programme and parametric studies will be carried out for the optimal 
design of the controller. 
 
1.4. Thesis structure 
Herein above, the background to automotive industry concerns and legal restrictions imposed 
by legislation bodies in Western Europe were highlighted. The significance of IC engines’ 
impact on the environment and society was accentuated in section 1.1. The impetus for 
improving engine noise through modifications on the piston-cylinder impulsive behaviour (as 
part of lubricant’s cushioning effect) was provided in sections 1.2 and 1.3, thereby leading to 
the undertaken research in this thesis. The thesis is presented in seven chapters, beginning with 
the current one. 
In Chapter 2, a literature review is carried out on the past research in various aspects of piston 
secondary motion oscillations. A comprehensive survey is made on experimental and 
simulation studies, including the influential parameters on the severity of impulses. Therein, 
various approaches to the control of piston impacts are investigated including manipulation of 
the characterised parameters and other possible energy transfer techniques. 
Chapter 3 explains the primary kinematics of the piston assembly. The transient tribodynamics 
for the simulation of piston’s secondary motion are briefly explained for impact identification 
and noise computation routines. The identification comprises both conventional and novel 
concepts. The noise computation is established by employing the energy method with the 
impact energy being a function of lubricant’s hydrodynamic pressure and film thickness 
variations. The hydrodynamic load and lubricant film shape are predicted at the conjunction 
surface by solving Reynolds’ equation (including the deformability of piston skirt). The 
experimental setup and test procedure used throughout the project are also presented, along 
with post-processing techniques applied to the results.  
Chapter 4 details the results of numerical computations for different engine operating 
conditions. The functionality of the proposed concepts in identifying impact events and 
predicting the generated noise through the lubricant are evaluated against experimental results 
from a single cylinder engine in laboratory conditions. 
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In Chapter 5, the concept of Targeted Energy Transfer (TET) through the use of Nonlinear 
Energy Sinks (NES) is presented. This technique is proposed to reduce the severity of impact 
dynamics by controlling piston’s secondary motion. The equations of motion are derived for 
the piston assembly coupled with the NES attachments. The approach to an optimal design of 
these 3-DoF and 4-DoF models is discussed. 
In Chapter 6, the nonlinear absorber parameters are designed through a design of experiments 
(DoE) process. The results of the parametric study and DoE are explained therein. The 
behaviour of the main system equipped with the optimal designs is presented (numerical 
simulations).  
Chapter 7 highlights the aim and objectives of the project and discusses their achievement 
throughout the thesis. Conclusions are made on the findings, including the novelty of work and 
the main contributions to knowledge. Finally, suggestions for future work are proposed. 
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Chapter 2 
Literature Review 
 
2.1. Introduction 
Internal combustion engines are the most common form of engine exploited in the transport 
sector due to their high performance output. The term internal combustion signifies that fuel is 
discharged and ignited inside the cylinder chamber. The chemical energy of the fuel is 
transformed into heat and pressure; the latter is the origin of the mechanical power transmitted 
through the engine crankshaft. There are different criteria for the classification of internal 
combustion engines, such as their application, basic design, working cycle, type of fuel, 
ignition method, cooling method etc.  
The main two types of internal combustion engines are spark ignition (SI) and compression 
ignition (CI) in terms of the ignition method. In SI engines, the fuel and air mixture is ignited 
by a spark after being compressed in the combustion chamber; whereas the preheated 
(compressed) air in CI engines is sufficient to immediately ignite the injected fuel (Stone 
(1999)). The compression ratio of CI engines is typically up to 60% higher than in SI engines, 
which can raise the air temperature above 500°C and compensate for spark ignition (Heywood 
(1988)).  
The first internal combustion engine was developed by the Dutch physicist Christian Huygens 
in 1673. In 1688, Denis Papin addressed the Royal Society of London on the description of a 
similar engine. These engines used gun powder to produce vacuum and provide mechanical 
power. The late 18th and early 19th century was a period of rapid development for the internal 
combustion engine design. Lenoir, Otto and Langen invented the first marketable generation 
of SI engines with very low efficiency. Lenoir’s gas engine of 1860 comprises two power 
strokes per revolution (Figure 2.1a). This design is also known as double-acting engine, since 
combustion occurs at both sides of the piston. In the first half stroke, gas and air are drawn in 
and combustion initiates during the second half on one side of the piston while the exhaust 
gases are expelled on the opposite side. The early atmospheric (free-piston) engine of Otto and 
Langen (1866) is shown in Figure 2.1b. The efficiency of the free-piston engine was 11%, 
which is approximately two times greater than that of Lenoir’s engine. Otto and Langen’s 
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engine is known as free-piston engine due to its mechanism for work generation. During the 
first 10th of the cycle, gas and air are impelled in and combustion drives the piston to the top of 
the cylinder. The piston weight generates the work in the output during the downward stroke. 
Nicolaus A. Otto devised the well-known four-stroke engine cycle in 1876, which compensated 
for the deficiency in his previous design. The working cycle of four-stroke engine includes 
compression, combustion, exhaust and intake successively. The Otto engine was later tailored 
by eminent engineers, such as Dugald Clerk and James Robson in UK and Karl Benz in 
Germany to suit the automotive industry. CI engines were simultaneously developed by other 
inventors, such as Beau de Rochas and Akroyd Stuart since 1885. However, the modern CI 
engine is named after the German engineer Rudolf Diesel (1892) for his distinguished design 
with high compression and high thermal efficiency (Figure 2.2). The efficiencies of 
contemporary SI and CI engines are about 30% and 45%, respectively (Perera (2006)).  
 
   
Figure 2.1. Early designs of internal combustion engines: (a) Lenoir’s gas engine patented in 1860 and (b) Otto-
Langen gas engine patented in 1867 (Stone (1999)). 
 
(a) (b) 
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Figure 2.2. Diesel’s original 1897 engine in Munich, Germany (Thomas (2008))  
The efficiency of IC engines has been improved by holistic changes in their design during the 
past century. Improvements are specific to each engine type, its application and operating 
environment, ensuing high expertise and massive research on engine components. The 
efficiency considerations might differ from public transportation engines to Formula 1 designs. 
These concerns, together with the growing pervading competition have motivated industry to 
increasingly invest in research and development. As the parasitic losses of the piston-cylinder 
system account for 6-9% of fuel consumption (Howell-Smith et al (2014)), including friction 
and errant dynamics, their investigation has been regarded as paramount. The transmission of 
power in internal combustion engines takes place through the piston assembly. The significance 
of studying the dynamic interactions in the piston-cylinder conjunction has been discussed in 
Chapter 1. The piston dynamics and lubricant’s cushioning effect are reviewed hereafter in 
connection with the noise radiation mechanism due to the secondary motion of the piston. 
 
2.2. IC Engine components 
IC engines comprise several components (dynamic and static in terms of their state of motion). 
In spite of the continuous progress made in internal combustion engine design, the main 
components of contemporary SI and CI engines have remained the same. The dynamic 
components are responsible for the generation of power, parasitic losses and noise. In the area 
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of piston-cylinder interactions, the dynamic components refer to those parts encapsulated 
inside the engine block. Other components such as the flywheel, valves, timing gears etc. are 
not discussed as their influence on piston impact noise is negligible. The influential 
components in piston impact generation are depicted in Figure 2.3 and are itemized as follows: 
• Engine block 
• Cylinder liner 
• Piston 
• Ring pack 
• Piston pin 
• Connecting rod 
 
Figure 2.3. Piston assembly components (Littlefair (2013)) 
The engine block and the contained cylinder liners are important when studying piston impacts, 
as the radiated noise is the direct result of their oscillations at the piston conjunction. The block 
has been traditionally made of cast iron; recently, aluminium is utilized in smaller IC engines. 
The piston characteristics also play a significant role in noise investigations. Piston designs 
vary in terms of their size, shape and material with the engine application. For instance, pistons 
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are mainly made of aluminium in small engines with high performance, while cast iron is used 
in large slow-speed engines (Heywood (1988)). The density of aluminium alloy is 
approximately 2.5 times lower than that of cast iron, which makes the former desirable for 
lightweight design, fuel economy and emissions considerations (Cole and Sherman (1995), 
Miller et al (2000)). 
The ring pack usually comprises three rings, which are fitted to the top of the piston. These 
serve the following key aims: (i) to seal the combustion chamber in order to minimise gas blow-
by, (ii) to transfer heat from the piston to the cylinder liner and (iii) to control the oil flow. The 
piston’s reciprocation is converted into crankshaft rotation through the swing of the connecting 
rod. The small end of the connecting rod is attached to the piston through the pin and its big 
end is connected to the crank through a journal bearing. The piston pin (also known as gudgeon 
pin) is usually hollow for weight reduction purposes, while its stiffness is not significantly 
affected. 
 
2.3. Noise generation mechanism in an IC engine 
The cylinder pressure fluctuation leads to the useful mechanical work in an internal combustion 
engine. Combustion can take place within a few milliseconds for normal speeds, such as 3000 
rpm (Litak et al (2005)), leading to cyclic excitations. The cylinder pressure is a key factor for 
the prediction of engine performance, thermal efficiency and emissions (Hiroyasu et al (1983), 
Kaminski et al (2004)). The combustion force is the input to piston dynamics models, used to 
study piston-impact noise.  
The four-stroke internal combustion engines require two crankshaft revolutions to produce one 
power stroke. The sequence of events is the same for both SI and CI engines, comprising 
compression, combustion (also known as expansion), exhaust and intake. The cylinder pressure 
variations for the four strokes are schematically shown in Figure 2.4. The piston moves from 
the bottom dead centre (BDC) to the top dead centre (TDC) during the compression stroke and 
the cylinder pressure rapidly increases towards the end of this stroke. The high-temperature, 
high-pressure gas pushes the piston downwards during the combustion stroke. The burnt gases 
are expelled out of the combustion chamber during the exhaust stroke. The intake stroke 
completes the engine cycle by supplying the cylinder with the fresh fuel-air mixture for SI 
engines (just air for CI engines). The engine load effect on cylinder pressure variation is also 
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shown in Figure 2.4. As the engine load increases, the peak pressure becomes higher and the 
combustion zone concentrates near the TDC. 
 
 
Figure 2.4. In-cylinder pressure with respect to the engine strokes for a Honda CRF engine at 6000rpm: (i) low 
load, (ii) medium load and (iii) high load. The graphical representation of strokes is given by Pandey (2015) 
The cylinder pressure can be accurately measured using pressure sensors designed for the 
severe operating conditions met in the combustion chamber (Chen and Mehregany (2008), 
Litak et al (2005)). Saitzkoff et al (1997) proposed several models to improve the pressure 
prediction and locate the peak pressure using spark plugs as sensors. Moreover, there have been 
attempts to analytically approximate the combustion pressure (Litak et al (2005), Kaminski 
et al (2004)). In any analytical procedure, the combustion is the most complex process to model 
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as it is a nonlinear multidimensional phenomenon leading to cycle-to-cycle pressure variations 
(Litak et al (2005), Kaminski et al (2004)). Hence, a compromise between model simplicity 
and the accuracy of the nonlinear thermodynamic behaviour is required. Kuo (1996) and 
Eriksson and Andersson (2002) proposed cylinder pressure models for four-stroke SI engines 
using the ideal Otto cycle. Hiroyasu et al (1983) studied the mathematical model of spray 
combustion in CI engines. Nevertheless, the measurement methods are still more preferable, 
since they contain realistic information regarding cylinder pressure variations. As expected, 
there are deviations from the ideal Otto and Diesel cycles during real engine running conditions 
and experimental data are required for different engines/operating conditions in order to 
calibrate the analytical model parameters, which vary between different systems. 
The engine noise originates from different sources, such as combustion pressure, piston 
impacts, valve closure, timing gears, bearings etc. These noises are transferred through air-
borne and structure-borne mechanisms. The air-borne noise is radiated into and transmitted 
through air. On the other hand, the noise energy is directly imparted to and transmitted through 
the component material in structure-borne noise. The cyclic excitations deform the interacting 
components according to specific structural vibration mode shapes (structure-borne energy). 
The physical boundary of the structure excites the adjacent air molecules, creating pressure 
fluctuations known as air-borne noise. Hence, the reduction in system noise emissions can 
ensue as a result of the attenuation in structural vibrations. 
The severity of piston impacts depends on cylinder pressure variations and on piston assembly 
inertia. The resultant excitation travels between the engine components in the form of vibration. 
Figure 2.5 depicts the contribution of different engine components to the radiation of piston 
impact and combustion noise for a four cycle, three cylinder diesel engine (Kanda et al (1990)). 
Combustion and piston impact impulses mainly appear in the flywheel, oil pan, gear case and 
engine block. The piston impact contributions remarkably surpass the combustion noise in the 
engine block, which confirms the significance of the engine block vibrations in piston impact 
noise generation. 
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Figure 2.5. Noise radiation contribution of the major engine parts (Kanda et al (1990)) 
The piston impact transfer paths to the engine block surface are schematically shown in Figure 
2.6. The mechanism of noise generation can be divided into three phases: (i) vibration 
generation at the source, (ii) transfer of energy through a structural path and (iii) noise radiation 
from the vibrating surfaces (Kanda et al (1990)). The cylinder pressure excites the assembly 
comprising the cylinder head, cylinder liner and piston. Piston excitations are transmitted 
through two transfer paths: the cylinder liner (piston-liner impact) and the connecting rod. The 
vibrations of the connecting rod travel through the big-end journal bearing to the crankshaft 
and finally appear at the crankcase and the engine block. The excitation of the cylinder liner 
directly causes surface vibrations of the engine block. The air particles are excited in the 
vicinity of the block surface and the acoustic wave is radiated in the form of pressure 
fluctuations and associated sound. 
 
Figure 2.6. Noise generation and transfer paths in an IC engine 
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2.4. Principles of Lubrication 
Tribology is the engineering science of lubrication, friction and wear based upon the Greek 
word tribos, meaning rubbing action between two surfaces. The extraordinary breadth of this 
science calls for contributions from various disciplines, such as chemistry, materials science, 
mechanical engineering and so on. Tribology emerged in 1960s although the sub-disciplines 
of the subject had been developed long before that. Rubbing between surfaces is present in 
every facet of life, from nano- to macro- scales in live cells, engine lubrication and seismology. 
Machinery can fail due to wear of interacting surfaces undertaking relative motions such as 
rolling, sliding, normal squeeze or separation. The concerns for maintenance, reliability and 
efficiency of these devices underline the important role of tribology (Dowson (1998)). 
Lubrication can influence both friction and wear between the contacting surfaces via forming 
a shearing film during the motion. When one surface moves relative to the other in a lubricated 
contact, the lubricant is dragged into the narrow conjunction (Cameron (1966)). As the almost 
incompressible lubricant enters into a narrow converging space, hydrodynamic pressure builds 
up and separates the contacting surfaces (Petrov (1883)). This phenomenon is known as wedge 
effect (Cameron (1966)). The shearing motion causes internal friction in the lubricant film, 
whose coefficient of friction is known as dynamic viscosity (𝜂𝜂) (Cameron (1981)). Tower 
(1883) experimentally confirmed that high pressures build up at higher entraining velocities, 
leading to the variation of friction. Reynolds (1886) formulated these observations by applying 
basic hydrodynamic equations to viscous flow between conforming surfaces. The Reynolds’ 
analytical model thoroughly describes the wedge effect in narrow conjunctions and establishes 
a two-dimensional pressure distribution as a function of lubricant’s velocity and film thickness 
over the surface, which appears to explain the presence of the oil film at high pressures. The 
derivation of Reynolds’ equation is based upon Navier-Stokes equations accompanied with 
some degree of simplification and a number of assumptions: (i) Inertia effects due to lubricant’s 
mass are negligible, (ii) Gravity and magnetic forces are negligible, (iii) Lubricant entrains into 
a narrow conjunction leading to negligible variation of pressure across the film thickness. 
Nevertheless, pressure variation is retained over the contact surface, (iv) The curvatures of the 
contacting surfaces are large compared with the film thickness, (v) Newtonian fluid conditions 
apply to the problem, meaning no-slip boundary prevails between the surfaces and fluid 
particles and the flow holds low shear rate nature, (vi) Laminar fluid flow exists between the 
conforming surfaces, (vii) Viscous forces largely overwhelm surface tension effects, (viii) 
Viscosity remains constant across the lubricant’s film thickness. 
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Later lubrication studies are founded on the fundamental work of Reynolds. Friction force 
varies with the lubricant’s film condition. The formation of film depends on the lubricant’s 
entraining velocity and hydrodynamic pressure, as well as on the surface topography of the 
mating solids. Stribeck (1902) reported the minimum friction force as the demarcation 
between full fluid-film lubrication and some asperity interaction. His results were consistent 
with wide-ranging series of load and speed on journal bearings and led to Stribeck’s friction 
diagram (Figure 2.7). Stribeck curve determines the regimes of lubrication in tribological 
contacts by taking into account the lubricant’s film thickness and surface asperities. 𝜇𝜇 is the 
ratio of friction force over load, which varies with the ratio of film thickness over asperity’s 
height, 𝜆𝜆𝑑𝑑. The regime of lubrication is hydrodynamic, provided the conjunction is flooded by 
lubricant such that the two surfaces are completely separated. As the compression load 
increases, the fluid film becomes remarkably thin and friction force reduces, yet asperities are 
not engaged. The lubricant load is sufficient to deform the solid structures at this state; therefore, 
this regime of lubrication is called elasto-hydrodynamic lubrication (EHL) and continues up to 
𝜆𝜆𝑑𝑑 = 3. Mixed lubrication emerges as the film thickness partially reduces below the height of 
larger asperities (1 ≤ 𝜆𝜆𝑑𝑑 ≤ 3). This condition represents a combination of lubricated and solid 
contacts, leading to the increase in friction force. For 𝜆𝜆𝑑𝑑 ≤ 1, contact loads are carried only by 
asperities and no lubrication prevails at the conjunction. 
 
 
Figure 2.7. Stribeck curve: lubrication regimes (not to scale) (Gohar and Rahnejat (2008))  
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Although Stribeck (1902) had observed friction properties at EHL conditions, the nature of 
the phenomenon was fully understood by Grubin (1949) almost half a century later. The piezo-
viscous effect had been investigated long before by Barus (1893), who showed the viscosity 
variations with pressure for idealised isothermal conditions. Grubin (1949) deployed Barus 
law in combination with the localised Hertzian deformation to explain the absence of wear and 
successively the minimum friction in EHL conditions. Dowson and Higginson (1959) 
observed that lubricant’s viscosity largely increases to the levels of amorphous solids upon 
high-pressure entrainment into contact. High contact loads and increase in viscosity locally 
deform the elastic solids, thus changing the shape of the lubricant film and pressure distribution 
in the contact. Recent research activities have been mainly concentrated on the wide range 
application of EHL models to different problems (Hamrock and Jacobson (1983), Jalali-
Vahid (2000), Grimble (2009), Balakrishnan (2002) and Littlefair et al (2014a)). Hereafter, 
the fundamentals of tribology will be extended to piston tribodynamic problems. 
 
2.5. Piston Tribodynamics 
In order to study the occurrence of piston impact events (piston slap), one should carefully 
monitor piston’s secondary motion, which leads to skirt-to-cylinder liner contacts. The forces 
and moments acting on the piston assembly originate from three main sources: (a)The cylinder 
pressure, (b)Component inertia and (c)The lubricant film at the piston-cylinder conjunction. 
The main points about the cylinder pressure characteristics and principles of lubrication were 
discussed earlier. The piston’s secondary dynamics, piston-cylinder tribology and a review on 
piston tribodynamic analyses will be presented in this section. 
 
2.5.1. Piston’s secondary motion 
The excitation conditions (forces and moments) on the piston are responsible for the secondary 
motion, which occurs laterally within the clearance (translation) and around the piston pin 
(rotation). The schematic of these motions is given in Figure 2.8. 𝜃𝜃 and 𝜑𝜑 are the crank and 
connecting rod angles, respectively (Meng and Xie (2012), Li et al (1983)). When the 
crankshaft rotation is clockwise, the two sides of the cylinder wall are commonly referred as 
thrust side (TS) for the left-side wall and anti-thrust side (ATS) for the right-side wall (Zhu et 
al (1992), Zhu et al (1993)). The piston can impinge on either side of the liner; however, the 
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maximum excitation takes place at the thrust-side TDC during the combustion stroke. The 
piston skirt extends from the bottom of the piston to the oil control ring (𝐿𝐿𝑑𝑑𝑘𝑘𝑑𝑑𝑟𝑟𝑡𝑡 in Figure 2.8). 
The piston dynamics are commonly defined by the piston eccentricities on the top and bottom 
of the skirt (𝑒𝑒𝑡𝑡 and 𝑒𝑒𝑏𝑏), resulting from its secondary motion (Li et al (1983)). 
 
   
Figure 2.8. IC engine arrangement and its secondary motions 
The secondary motion of the piston is generally investigated in two common engine conditions: 
motorized and fired (Wong et al (1994), Dursunkaya et al (1994), Nakada et al (1997), 
McClure (2007)). In motorized conditions, the engine is run by an external electric motor and 
ignition is excluded. During fired engine conditions, the effect of gas excitation on piston 
dynamics is included. The former method is ideal for studies, where cylinder pressure variation 
and temperature effects are not essential. Hence, the latter is preferred in 
experimental/analytical investigations, as realistic operational conditions are met.  
Inertia forces result from the piston, piston pin and connecting rod masses. The influence of 
the connecting rod inertia on piston’s secondary motion is commonly neglected in piston 
impact studies (Littlefair et al (2014b), Nakashima et al (1999), Knoll and Peeken (1982)). 
In a few studies, the connecting rod mass is proportionally divided between its two ends and 
the inertia at the piston-pin end is taken into account (Zweiri et al (1999)). Meng and Xie 
(2012) considered the entire inertia of the connecting rod at its centre of gravity and studied its 
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effect on the piston-cylinder lubrication. Offner et al (2001a) and Dursunkaya et al (1992) 
also included the inertia of connecting rod in piston-cylinder tribodynamics. 
 
2.5.2. Piston-cylinder tribology 
Piston-cylinder tribology primarily considers three components (McClure (2007)): 
• Piston surface deformation and piston secondary motion 
• Cylinder liner deformation 
• Lubricant’s hydrodynamics (fluid) 
In piston-cylinder studies, there are two extremes of the problem with regard to the way these 
components are considered. At one extreme, contacting components are considered as rigid 
bodies and the tribology of the mating surfaces is completely neglected (Bishop and Leavitt 
(1975), Haddad and Howard (1980), Haddad and Tjan (1995), Nakashima et al (1999)). 
On the other extreme, the full Reynolds equation is combined with structural deformations 
using the compliance method (D’Agostino et al (2006), Littlefair et al (2014b); Zhu et al 
(1993)). Some studies have also pushed these boundaries by focusing on the mixed regime of 
lubrication and cavitation in piston-cylinder and piston-ring conjunctions (Offner (2013), 
D’Agostino et al (2006), Priest et al (2000), Zhu et al (1993)). Depending on the focus of the 
study and computational resources, the piston tribological model can be pushed towards either 
of those extremes. The models with less tribological components are primarily exploited for 
the identification and noise prediction at the piston-cylinder conjunction (Nakashima et al 
(1999)). The models with more tribological components are mainly focused on lubrication, 
friction and wear characteristics of the contact with respect to piston secondary motion 
(D’Aostino et al (2006)). However, inclusion of the three components will present a more 
realistic indication of the system for both tribology and noise identification purposes. 
Reynolds formulation is widely applied to the lubricated piston-cylinder conjunction, as it 
accurately approximates the tribological properties of the contact. It is usually assumed that the 
lubricant floods into the clearance. The typical clearance size at the piston-cylinder conjunction 
is 0-100 𝜇𝜇𝑚𝑚. Therefore, the film thickness is small compared to the curvature of the contacting 
surfaces. The piston’s axial sliding velocity is typically in the range of 0-15 m/s and its lateral 
motion produces significant squeeze in the film. The combined effect of these actions leads to 
pressure generation during sliding. The oval shape of the piston allows for circumferential flow, 
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thereby decreasing the hydrodynamic pressure. This side leakage is usually neglected in the 
study of piston secondary motion (Balakrishnan and Rahnejat (2005)). 
 
2.5.3. Numerical/analytical models 
The piston’s secondary motion is recognised as the source to many engine issues such as piston 
impact noise, friction losses, cylinder liner vibrations, skirt scuffing, wear and oil consumption. 
Analytical and experimental investigations have broadened the insight regarding these issues, 
especially piston impact noise. The early piston impact models have generally excluded any 
tribological effects on the mating surfaces of the piston assembly, even though these models 
are aimed for calculation of noise and vibration (Bishop and Leavitt (1975), Haddad and 
Howard (1980)). Those models would also initially neglect the tilting motion of the piston, 
since piston translation inside the clearance has been considered as the main cause of the piston 
impacts (Ungar and Ross (1965), Haddad and Fortescue (1977), Lalor et al (1980)). Later, 
constrained Lagrangian dynamics have been applied to compensate for the component 
reactions due to piston rotation (Haddad and Howard (1980)). In the most recent attempts, 
multibody dynamics have been exploited in commercial software such as MSC ADAMS and 
MSC NASTRAN to study piston dynamics along with the dynamics of other engine 
components (Offner and Priebsch (2000), Offner et al (2001a), Offner et al (2001b), 
Murakami et al (2011), Perera et al (2010), Perera et al (2007)). 
The developed dynamics models have been exploited to study both piston impact noise and 
piston-cylinder tribology. (Li et al (1983)) were pioneers in proposing a full tribodynamics 
model of the piston. The two dimensional Reynold’s formulation describes the hydrodynamic 
regime of lubrication in the absence of structural deformations. This analytical model has been 
employed by Keribar and Dursunkaya (1992) for the same iso-bar viscosity conditions of the 
lubricant (the term “iso-bar” indicates the independency on pressure fluctuations). Both studies 
highlight the effect of viscosity on piston’s secondary motion, lubrication and friction although 
they do not explore the viscosity variations with contact pressure. Zhu et al (1992) and Zhu 
et al (1993) adapted Li’s (Li et al (1983)) tribodynamics model to accommodate the effect of 
surface roughness and waviness of the piston skirt. Moreover, the compliance matrices of the 
structures have been extracted through FEA to take into account the elastic and thermal 
deformations. These tribodynamics models are utilised to study the effect of piston design 
parameters (such as piston-pin offset, clearance size and piston profile) on piston motion and 
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tribology. Thereafter, variations of the mentioned approach have been presented in the 
literature. Cho and Moon (2005) initially assumed that the piston and the cylinder behave as 
rigid bodies during the contact while in a later analysis of the lubricant-structure interactions 
they were treated as deformable. D’Agostino et al (2006) explored the mixed regime of 
lubrication using an improved Parallel Full Multi-Grid approach. Meng and Xie (2012) 
conducted a study on the effect of connecting rod inertia on piston’s secondary motion and 
friction properties of the conjunction. Littlefair (Littlefair et al (2014a) and Littlefair et al 
(2014b)) specifically focused on the piston motion and lubrication in elasto-hydrodynamic 
contacts. His results are verified through ultrasonic measurements of the film thickness for 
different engine operating conditions. Meng et al (2015) carried out a series of parametric 
studies to investigate the influence of cylinder’s mass and stiffness on piston’s secondary 
motion and tribology. Tribodynamics models have contributed to the study of piston motion, 
lubrication, friction and the influence of elastic and thermal deformations on these parameters. 
However, these studies have not included piston impact identification, neither examined the 
resulting structural vibrations and noise radiation. 
Although the tribology of piston-cylinder conjunction has been fully detailed by 1993, piston 
impact models have been in their rudimentary form. Nakada et al (1997) were pioneers in 
combining the dynamic aspects of the problem with the tribology of impacting bodies. 
Structural deformations were considered using linear spring-damper arrangements located at 
the four corners of the piston skirt. The constants of the spring elements were extracted from 
measured compliance data. The damping constant of the lubricant is determined from the 
hydrodynamic load, using one dimensional Reynold’s formulation. In this study, the film 
squeeze action, wedge effect due to piston profile and pressure variations along the skirt, were 
neglected. The variations of piston’s kinetic energy and the acceleration of the cylinder liner 
are parametrically included. Cho et al (2002) adapted Nakada’s model (Nakada et al (1997)) 
and improved the contact arrangements to distinguish between lubricated and solid-to-solid 
contact conditions. They assumed that piston is a rigid mass in the presence of lubricant at the 
contact. The piston deforms only in direct contact with the cylinder liner, for which the 
presence of the lubricant is neglected. This study focuses on the vibration levels of the cylinder 
liner and engine block as indication of piston impacts. Ohta et al (2011a) expanded this 
approach by defining the piston-cylinder deformation over a 50-point contact along the piston 
skirt. They utilised the spring-damper concept and applied the acoustic power concept of 
Ungar and Ross (1965) to predict the impact noise levels. The constant of stiffness is derived 
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from Hertzian contact theory and the constant of damping is determined by lubrication analysis 
of the oil film. This study is further developed by adding the interactions of other vibration 
sources, such as torsional vibrations of the crankshaft, reciprocation of valves and impact of 
timing gears with piston secondary motion and engine block vibrations (Ohta et al (2011b), 
Zheng and Ohta (2014)). 
The lubricant’s squeeze action is influencing piston deformation, the imparted energy and 
impact severity. Moreover, piston vibrations are transferred across a thin layer of lubricant, 
which possesses specific mechanical impedance. These characteristics of the lubricant could 
be best described through a two dimensional Reynolds formulation, including elasto-
hydrodynamic effects and squeezing action of the film over the piston’s skirt area. Although 
attempts have been made for piston impact studies to encapsulate as much tribological 
information as possible, there is a necessity for a full tribodynamics model that could combine 
the lubricant squeeze action and its effects on the mechanical impedance of the contact with 
piston impact identification and noise prediction. 
 
2.6. Influential factors on piston’s secondary motion 
The main influential factors on piston’s secondary motion can be classified to those related to 
the engine operation conditions and those related to the geometrical and physical characteristics 
of the piston assembly components. The study of piston’s secondary motion is focused on 
characterising and optimising those factors in terms of piston design for impact-generated noise 
purposes. 
 
2.6.1. Engine operation parameters 
The engine speed is the most significant factor amongst its operational parameters. Lalor et al 
(1980) studied the engine speed effects on piston impact behaviour. They reported that impact 
levels are dominant at lower engine speeds, whilst combustion levels overshadow piston impact 
at higher engine speeds. Nevertheless, both piston impact and combustion levels consistently 
increase as speed rises. Piston impacts (quantitatively) can occur between 6 to 10 times during 
a complete engine cycle (Kaiser et al (1988)). The number of impacts varies with the engine 
speed, load and cylinder pressure. More impacts are possible at higher engine speeds; higher 
engine loads normally lead to more severe impact noise.  
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The effect of engine load on piston impacts is not as significant as that of the engine speed. 
Lalor et al (1980) compared impact noise levels for no-load and full-load operating conditions. 
Their results showed that piston impact noise is rather insensitive to load at higher engine 
speeds, whilst full-load operation leads to higher noise levels at lower speeds. 
The cylinder pressure is the driving force behind piston’s secondary motion. The location of 
the pressure peak with respect to the TDC during combustion stroke affects the excitation 
properties. Patel et al (2007) described that delay in combustion increases piston translation 
and slightly reduces piston rotation. The combustion delay results in greater contact forces at 
the piston-cylinder conjunction, as the connecting rod will be at an angle with respect to the 
cylinder axis when the peak pressure takes place. 
 
2.6.2. Geometrical and physical characteristics of the piston assembly 
The assembly’s influential components on piston impact noise have been discussed earlier in 
Section 2.2. The main design parameters are: 
• piston mass and centre of gravity location 
• piston pin offset 
• crankshaft offset 
• piston profile 
• piston-cylinder clearance 
• piston-skirt stiffness 
• piston-skirt surface roughness 
• liner stiffness and profile 
Those parameters are concisely explored hereafter. 
Piston mass and centre of gravity location: the weight of the piston is directly related to the 
inertia forces developed, influencing piston’s secondary motion dynamics and thus, impact 
noise. A large piston mass transmits higher impact energy to the cylinder liner. Therefore, 
lighter pistons are desirable in high performance engines. Haddad and Howard (1980) and 
Haddad and Tjan (1995) studied the effect of the centre of gravity on piston impact noise for 
both no-load and full-load operating conditions. They reported that the centre of gravity offset 
does not return any clear trend in noise reduction and no-offset condition is ideal in piston 
design (in terms of noise purposes). Nakashima et al (1999) conducted similar simulations 
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and concluded that the centre of gravity should be closer to the centre of the piston pin (in 
addition to Haddad’s findings). 
Piston pin offset: The offset of the piston pin was first proposed by Burrell and Bulter (1953) 
for the minimization of piston impacts. Rohrle (1975) defined piston pin offset as a small 
lateral displacement of the pin away from the piston axis either to the thrust side or to the anti-
thrust side. The pin offset can remarkably influence piston kinematics and noise. The severest 
impact takes place shortly after the TDC during the combustion stroke. An optimal piston offset 
can shift this impact slightly before the TDC at the end of the compression stroke. Moreover, 
either the upper or the lower corner of the piston may initiate contact with the cylinder liner 
and the other corner approaches the liner shortly thereafter. This behaviour increases the 
contact time and decreases impact severity. Haddad and Howard (1980) and Haddad and 
Tjan (1995) suggested that piston pin offset to the thrust side can considerably reduce kinetic 
energy loss and noise, whilst offset to the anti-thrust side improves mechanical efficiency 
(friction loss). Nakashima et al (1999) reported that piston pin offset alone cannot lead to 
engine noise reduction, as cylinder pressure and inertia force fluctuations may vary piston’s 
motion from cycle to cycle. Hoffman et al (2003) achieved similar results to Haddad’s work. 
She suggested that a trade-off is required in the size of the piston pin offset to minimize both 
engine noise and friction losses.  
Crankshaft offset: The crankshaft offset is an accepted method to reduce piston side force 
magnitudes and friction losses. Nakayama et al (2000) conducted a series of experiments to 
study the effect of crankshaft offset on piston impacts during compression and combustion 
strokes. He reported that crankshaft offset to the thrust side delayed the side-to-side motion of 
the piston for about 20° during the combustion stroke, leading to an increase in impact duration 
and reduction in severity. During the compression stroke, the piston is consistently pushed 
towards the thrust-side. Despite an increase in the side force following crankshaft’s offset to 
the thrust side, the generated friction on the piston surface is not affected (during compression 
stroke). This behaviour is the result of the side force being supported over a larger contact area, 
as piston rotational angle decreases with respect to cylinder liner and lubricant film develops. 
The numerical study by Haddad and Tjan (1995) confirms that the proposed crankshaft 
arrangement improves both kinetic energy loss and mechanical efficiency. 
Piston profile: The piston skirt surface was considered as flat in early studies of the piston-
cylinder interactions (Knoll and Peeken (1982) and Li et al (1983)). This assumption was 
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mainly due to neglecting the piston-cylinder contact and accounting for ring-cylinder 
interactions alone (Oh et al (1987)). Oh et al (1987) raised the necessity of investigating the 
piston skirt profile effects on its performance through comparative analyses using elasto-
hydrodynamic lubrication models. They showed the effect of piston profile on piston’s 
secondary motion and friction. Hence, a series of studies were conducted on optimising piston 
skirt profile by Oh et al (1987), Keribar and Dursankaya (1992), Kerr (1995) and Jang and 
Cho (2004). The results of these studies agreed in terms of the optimal profile shape; barrelled 
shape piston skirts were desirable, as they create a hydrodynamic wedge to simultaneously 
maintain the fluid-film pressure at both sides of the piston, compensating for the thermal and 
mechanical deformations of the piston skirt and leading to suppressed piston impacts. Keribar 
and Dursankaya (1992) studied different barrelled type profiles and explained that a 
symmetrically barrelled profile performs better as it maintains the hydrodynamic wedge effect 
during both the upward and downward strokes. The piston profile has an oval shape (top view 
of the piston), with the diameter being greater across the thrust axis than over the pin axis 
(Littlefair (2013)). The oval shape ensures that piston and cylinder conform sufficiently and 
the load is uniformly distributed over the surface (Figure 2.9). 
 
Figure 2.9. Piston profile: (a) top view, (b) magnified side view of the piston skirt 
Piston-cylinder clearance: the piston-cylinder clearance is relatively large when the engine is 
cold. As the engine’s temperature rises in the combustion chamber, the piston is thermally 
expanding within the available clearance. Therefore, the clearance size (design) depends on the 
mechanical and material properties of the piston and cylinder liner. The cold piston-cylinder 
clearance is used as a standard reference in the numerical studies of piston impacts, 
representing the maximum gap size due to the barrelled shape of the piston skirt during engine 
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warm-up (Mansouri and Wong (2005)). The clearance design studies by Mansouri and Wong 
(2005), Haddad and Howard (1980) and Nakashima et al (1999) show that contact forces 
increase as clearance increases, leading to excessive impacts and noise as piston velocity 
increases in the secondary direction. Tighter clearances improve noise behaviour although 
higher friction and wear may be encountered (Figure 2.10). Therefore, a trade-off for the 
minimum noise and better mechanical efficiency is required (Haddad and Howard (1980) and 
Offner et al (2012)).  
(a) (b)  
Figure 2.10. (a) Skirt impact velocity as a function of the crank angle, (b) effect of clearance on piston skirt 
friction (Mansouri and Wong (2005)) 
Piston-skirt stiffness: Mansouri and Wong (2005) investigated the effect of piston-skirt 
flexibility on its load-carrying capacity. Rigid contacts produce smaller contact area; therefore, 
the peak pressures are larger (and the contact forces are higher). On the other hand, the 
deformed bodies in elastic contacts conform appropriately and accommodate a sufficient 
amount of lubricant at the conjunction. Hence, hydrodynamic loads are uniformly distributed 
over a larger surface and lubricant pressure spikes are suppressed (Edara (2008)). 
Piston-skirt surface roughness: Mansouri and Wong (2005) have found a direct relation 
between skirt friction power loss and surface waviness/roughness and an inverse relation 
between the friction power loss and the initial oil film thickness prior to piston impact. 
According to these, a smoother surface allows thinner oil films. The effect of piston surface 
properties and/or modification becomes significant at the TDC, where piston reverses its 
motion and lubricant starvation takes place. Piston impacts are severe at this instant and surface 
modifications can retain lubricant and reduce the impact force. 
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Liner stiffness and profile: Offner et al (2012) have found that piston impact severity depends 
on the exact contact conditions between piston and cylinder liner. One of the contact elements 
is liner profile and stiffness. The flexibility of cylinder liner influences the lubrication at the 
piston-cylinder conjunction, leading to variation in piston secondary motion, piston impact 
severity and power losses (Edara (2008)). Perchanok (2000) showed that cylinder liner 
deflects about 10% of the piston skirt, while carrying the side loads. Cylinder deformations, 
however, are larger under cylinder pressure excitations. 
 
2.7. Targeted energy transfer concept 
The concept of targeted energy transfer is relatively recent in dynamic systems. This 
phenomenon is taking place through an essentially nonlinear attachment with relatively small 
inertia. The nonlinear device captures the part of unwanted vibration energy from the primary 
system and it dissipates the energy excess through weakly linear damping or it transfers those 
from the low- to higher frequency modes, where damping properties are higher. The nature of 
oscillations can be impulsive, periodic, self-excited, random, seismic etc. Figure 2.11 is 
representative of a typical linear system with an attached nonlinear energy absorber of cubic 
nonlinearity.  
 
Figure 2.11. The generic mechanism of passive TET (Lee et al (2008)) 
Experimental and theoretical studies highlight the significance of this phenomenon in passive 
absorption of vibrations. One of the early numerical studies was carried out by Gendelman et 
al (2001). They focused on linear systems that are weakly coupled with nonlinear components. 
They showed that one-way (irreversible) pumping of the imparted energy from the linear 
system to the nonlinear attachment is possible, provided the available energy is above a critical 
threshold. The nonlinear device that is employed to establish (almost) irreversible energy 
transfer is known as nonlinear energy sink (NES). Gendelman et al (2001) analysed the 
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dynamics of the underlying undamped system and revealed that a 1:1 resonance of the 
undamped system is mainly responsible for energy pumping. This resonance condition cannot 
be excited at low energy levels. Therefore, Gendelman (2001) explored the conditions for 
effective energy transfer in a separate study. It was proven that systems with strongly nonlinear 
oscillators are independent of the excitation frequency provided the amplitude of the external 
forcing is sufficiently enough to excite the nonlinear vibrations of the NES. The main downside 
of such oscillation absorbers lays in the fact that they are not active below the critical amplitude 
and they cannot absorb more than a certain amount of energy at a given frequency. The primary 
systems are often more complicated in real applications in terms of nonlinearity and degrees of 
freedom, calling for further investigations. Vakakis et al (2003) explored the dynamics of a 
linear chain of coupled oscillators with a nonlinear attachment. They showed that nonlinear 
absorbers can be designed to resonate and suppress the energy from multiple modes of a 
structure. Manevitch et al (2007) carried out an experimental study of energy pumping in a 
strongly nonlinear two-degree-of-freedom system and verified the previously reported 
analytical/numerical results on the efficiency of energy sinks. The typical form of nonlinearity 
in the targeted energy transfer is polynomial (especially, cubic form). Gendelman (2008) 
explored the non-polynomial nonlinearity, motivated by requirements for practical designs. 
In the aforementioned studies, the linear part of the system is excited by an initial impulsive 
force. Gendelman and Starosvetsky (2008) also investigated the external periodic forcing of 
the primary system in conjunction with the NES. The conditions of external forcing leading to 
quasi-periodic response of the linear system were predicted analytically and numerically. In a 
similar attempt, Kurt et al (2014) studied the steady state solutions for forced and damped 
systems with nonlinear vibration isolators. Simultaneously, attempts have been made to expand 
the practical application of nonlinear energy absorbers to mechanical engineering problems. 
One application is the self-excited instabilities for limit cycle oscillations (LCO) and Van der 
Pol (VDP) oscillator in fluid-structure interactions. These problems comprise flutter of 
aeronautical structures (Lee et al (2007a), Lee et al (2007b)), vortex-induced vibrations of 
civil and oil-rig structures (Mehmood et al (2014)) and galloping of cables in power lines. 
Vakakis et al (2003) and Jiang and Vakakis (2003) investigated the robustness of energy 
pumping at fast time scales for shock isolation purposes. Nonlinear energy absorbers can be 
also used to passively control the self-excited vibrations in stick-slip (Viguie et al (2007)) and 
acoustic energy pumping (Bellizzi et al (2006)). Oscillations in rotational systems due to 
unbalance force are critical to system failure and fatigue. Guo et al (2015) applied the concept 
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of nonlinear energy sinks to reduce whirling vibration amplitudes. Application of NES to rotor-
dynamics is more effective compared to tuned mass dampers (TMD), as a priori knowledge of 
the unbalance parameters is not required. 
Despite the recent trend towards the application of nonlinear energy absorbers to highly 
transient and nonlinear dynamics of rotational systems, the concept is very novel in the case of 
automotive powertrains. As mentioned earlier, a compromise is essential between piston 
impact noise and friction power loss at piston-cylinder conjunction, using conventional noise 
control techniques. The ability of nonlinear energy absorbers to only respond above the critical 
energy levels might assist to the isolation of piston impacts with high energy contents, while 
the energy absorber will remain impartial to low energy content motions. Provided such 
behaviour is confirmed, the nonlinear energy absorber will improve the engine noise quality, 
while friction properties might not exacerbate during non-impulsive and impulsive contact 
conditions. A detailed study of nonlinear energy sinks for piston assembly is required to explore 
the effectiveness of this concept for piston impact applications. 
 
Summary  
The current chapter commences with the background of engine development and issues related 
to its performance. The focus of the chapter then narrows down into radiated noise, as well as 
to key components that contribute to noise generation. The engine noise is then divided into its 
comprising sources, amongst which piston impacts are identified as main contributors. The 
essential dynamics and tribology fundamentals for the development of piston tribodynamics 
models are explored. Numerical and analytical models are described as powerful means to 
study piston dynamics, tribology and NVH. The current state of analytical studies are reviewed 
and the significance of contributions to this area is explained. The combination of piston impact 
noise investigations with fully EHL tribodynamics is one of the novelties of the current 
research. The influence of design parameters (e.g. piston-pin offset, crankshaft offset, clearance 
size, piston skirt profile) are detailed. These design parameters are analytically and 
experimentally exploited for the improvement of engine performance and reduction of its 
power losses. The possibility of applying an alternative method to compensate for piston 
impact noise (due to piston’s secondary motion) is investigated, while frictional behaviour of 
the system is not deteriorated (if not improved). The targeted energy transfer (TET) concept is 
considered in this thesis as a novel approach to alleviate unwanted piston impacts in internal 
combustion engines.  
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Chapter 3 
Piston Impact Identification and Engine Noise Tribodynamics 
 
3.1. Introduction 
Internal combustion engines are classified into two categories with regard to their basic design: 
reciprocating engines and rotary engines. Reciprocating engines comprise a crank-slider 
mechanism and are subdivided into different types by their cylinder arrangements. Rotary 
engines, such as the Wankel engine, differ from reciprocating engines in terms of their 
geometries (Heywood (1988)). The slider-crank mechanism in reciprocating engines causes 
translational and rotational imbalances in the system, leading to the piston’s secondary motion. 
Therefore, piston impact phenomena are characteristics of reciprocating engines (Rahnejat 
(1998)).  
The crank-slider’s configuration influences piston impact behaviour as explained in Chapter 2. 
There are two general configurations for the crank-slider arrangement. Provided that the crank 
centre of rotation is aligned with the piston centre of rotation, it is referred to as the zero offset 
crank arrangement. Otherwise a positive or negative crank offset is in place. 
In the current chapter, the piston assembly’s geometrical specifications are detailed and piston 
kinematics are established based on these specifications and crank kinematics. The prediction 
of piston kinematics in the secondary direction requires transient dynamic analysis of the 
system, taking into account the reaction forces at the cylinder liner’s interface. The equations 
of motion of the piston are derived for both the primary and secondary motions. The dynamics 
of the system are known in the primary direction through simple analytical calculations and 
experimental measurements. The combined average acceleration integrator (also known as 
Newmark integrator) and predictor-corrector technique is explained for the solution of the 
dynamics in the secondary direction. The piston-cylinder conjunction is flooded by lubricant 
film. Therefore, the reaction force from the cylinder liner is best described by taking into 
account the piston deformation and the lubricant’s hydrodynamics. The interactions of the oil 
film’s tribology are introduced using Reynolds equation. 
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In the second part of this chapter, the noise estimation methodology is established in the 
lubricated contact. The noise prediction equations relate the piston impacts to the structural 
oscillations and the radiated noise. The contact area is discretised to calculate the local impact 
energy transferred into the structure. Thereafter, structural analysis of the engine block is 
represented and the equations for the calculation of the radiated sound pressure levels from the 
engine surface are derived. The conventional techniques of piston-impact identification are 
described and novel techniques are proposed. In order to prepare the input to simulations and 
compare the analytical results with measured data, a series of experiments are carried out and 
signal processing techniques are deployed. Details of these steps are described at the end of 
this chapter. 
 
3.2. Piston tribodynamic model 
In the study of piston impact dynamics and noise, piston tribodynamics differ from engine to 
engine due to the specific dimensional and inertia properties of each engine type. The current 
study is focused on the impact noise from single cylinder SI engines. Further information on 
engine specifications is given later in the experimental set-up section. Herein, the general 
kinematic and dynamic model of the engine is discussed. The piston’s motion is described by 
a three degree-of-freedom model. These motions comprise translation along the cylinder axis 
(primary motion), translation inside the clearance between the piston and cylinder and piston 
rotation about its pin (secondary motions). The primary motion of the piston is considered as 
purely kinematic, since the input to estimate this (combustion pressure and engine speed) are 
known from experimental measurements. Therefore, the dynamic model is reduced to two 
degrees of freedom. The kinematic and dynamic equations are explored in the following 
sections. 
3.2.1. Piston kinematic model 
The relationships for the vertical acceleration, velocity and displacement are derived purely 
based on kinematics, Oh et al (1987). In the following section, derivation of the piston’s 
acceleration, velocity and displacement along the x-axis are shown (Figure 3.1). 
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Figure 3.1. Piston assembly and its geometric parameters 
The geometric relations between the piston assembly components are a key to piston 
kinematics. The centre of gravity offset is at distances 𝑟𝑟p in the lateral direction with respect 
to the piston’s centre-line and 𝑏𝑏 in the primary axial direction with respect to the upper surface 
of the skirt. 𝜙𝜙 is the connecting rod angle with respect to the cylinder axis. 𝜃𝜃 is the crank angle, 
commencing from the top dead centre (TDC). The rotational location of crank 𝜃𝜃 is related to 
the connecting rod angle 𝜙𝜙  through the connecting rod length 𝐿𝐿𝑐𝑐𝑟𝑟  and crank radius 𝑟𝑟 . 𝑟𝑟𝑐𝑐 
represents the offset between piston pin and crankshaft axis (Figure 3.1). Equation (3.1) 
establishes the displacement relation between the crank and connecting rod along the z-axis 
(Balakrishnan (2002) and Littlefair (2013)), thus 
𝐿𝐿𝑐𝑐𝑟𝑟 sin𝜙𝜙 = 𝑟𝑟𝑐𝑐 + 𝑟𝑟 sin 𝜃𝜃 (3.1) 
The following dimensionless parameters are used in the derivation of kinematics for 
simplification, i.e.  
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Γ = 𝑟𝑟
𝐿𝐿𝑐𝑐𝑟𝑟
, ∇= 𝑟𝑟𝑐𝑐
𝑟𝑟
 (3.2) 
The relations (3.2) reduce equation (3.1) to the form of equation (3.3). All the parameters on 
the right-hand side of this equation are known for any specific engine and the connecting rod 
angle is determined as a result, i.e. 
sin𝜙𝜙 = Γ sin𝜃𝜃 + 𝑟𝑟𝑐𝑐
𝐿𝐿𝑐𝑐𝑟𝑟
𝑟𝑟
𝑟𝑟
= Γ(sin𝜃𝜃 + ∇) (3.3) 
The piston’s displacement at the pin location (𝑥𝑥) can be described along the x-direction with 
equation (3.4), thus 
𝑥𝑥 = �(𝐿𝐿𝑐𝑐𝑟𝑟 + 𝑟𝑟)2 − 𝑟𝑟𝑐𝑐2 − (𝐿𝐿𝑐𝑐𝑟𝑟 cos𝜙𝜙 + 𝑟𝑟 cos 𝜃𝜃) (3.4) 
The piston’s displacement at the primary direction can be expressed in terms of the 
dimensionless relations [Eq. (3.2)], as shown in equation (3.5) (Littlefair (2013)) 
𝑥𝑥 = 𝑟𝑟 ��(1 + 1/Γ)2 − ∇2 − �cos 𝜃𝜃 + 1
Γ
cos𝜙𝜙�� (3.5) 
The trigonometric equality cos2 𝜙𝜙 = 1 − sin2 𝜙𝜙 holds for describing the contribution of the 
connecting rod along the x-axis. This contribution is given in equation (3.6) and the last term 
in equation (3.5) depends on it, i.e. 
cos𝜙𝜙 = �1 − Γ2(sin𝜃𝜃 + ∇)2 (3.6) 
The square root of the displacement unit vector along the x-axis is expanded using binomial 
power series, i.e. 
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cos𝜙𝜙 = 1 − Γ22 (sin𝜃𝜃 ± ∇)2 − Γ48 (sin𝜃𝜃 ± ∇)4 − Γ616 (sin𝜃𝜃 ± ∇)6 − ⋯ (3.7) 
The expansion (3.7) suggests that the angular swing of the connecting rod can be expressed in 
terms of the crankshaft angular displacement. Therefore, the piston displacement in the x-
direction only varies with the harmonics of the crankshaft angle (𝜃𝜃)),  
𝑥𝑥 = 𝑟𝑟[𝐴𝐴0 + 𝐴𝐴1 cos 𝜃𝜃 + 𝐴𝐴2 cos 2𝜃𝜃 + ⋯+ 𝑑𝑑1 sin𝜃𝜃 + 𝑑𝑑3 sin 3𝜃𝜃 + ⋯ ] (3.8) 
The coefficients of harmonics are functions of the increasing powers of Γ. The ratio Γ is smaller 
than unity, thus the contributions of higher harmonics diminish. The accuracy of equation (3.8) 
is more than 99.5% although the higher harmonics are neglected (Rahnejat (1998) and 
Littlefair (2013)). Hence, the coefficients of co-sinusoidal harmonics are described as follows 
 
𝐴𝐴0 = �(1 + 1/Γ)2 − ∇2 − 1Γ + �14 Γ + 364 Γ3 + 5256 Γ5 + ⋯�+ 12 (Γ∇)2 �1Γ + 34 Γ + 4564 Γ3 + ⋯� + 18 (Γ∇)4 �1Γ + 154 Γ + ⋯�+ ⋯ 
 
𝐴𝐴1 = −1 (3.9) 
𝐴𝐴2 = −�14 Γ + 116 Γ3 + 15512 Γ5 + ⋯� + 38 Γ3∇2 �1 + 54 Γ2 + ⋯� + 1532 Γ5∇4 + ⋯  
 
The coefficients of sinusoidal harmonics are given in equations (3.10), i.e. 
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𝑑𝑑1 = −�(Γ∇) �1 + 38 Γ2 + 1564 Γ4 + ⋯� + 12 (Γ∇)3 �1 + 158 Γ2 + ⋯� + 38 (Γ∇)3+ ⋯� (3.10) 
𝑑𝑑3 = 18 Γ3∇ �1 + 1516 Γ2 + ⋯� + 516 Γ5∇3 + ⋯  
 
Piston velocity and acceleration are derived from the displacement by differentiation with 
respect to time. The crankshaft’s angular speed is defined as 𝜔𝜔 = ?̇?𝜃 = 𝑟𝑟𝜃𝜃/𝑟𝑟𝑡𝑡 and it can be 
constant or variable, thus  
?̇?𝑥 = 𝑟𝑟𝑥𝑥𝑝𝑝
𝑟𝑟𝑡𝑡
= 𝑟𝑟𝜔𝜔[𝐴𝐴1 sin 𝜃𝜃 + 2𝐴𝐴2 sin 2𝜃𝜃 − 𝑑𝑑1 cos 𝜃𝜃 − 3𝑑𝑑3 cos 3𝜃𝜃] (3.11) 
?̈?𝑥 = 𝑟𝑟2𝑥𝑥𝑝𝑝
𝑟𝑟𝑡𝑡2
= −𝑟𝑟𝜔𝜔2[𝐴𝐴1 cos 𝜃𝜃 + 4𝐴𝐴2 cos 2𝜃𝜃 + 𝑑𝑑1 sin𝜃𝜃 + 9𝑑𝑑3 sin 3𝜃𝜃] (3.12) 
The acceleration in the x-direction is utilised to determine the primary inertia forces due to the 
piston and pin masses. The desired kinematic variables for the study of piston impacts are 
piston rotation (𝛽𝛽) and translation (𝑒𝑒𝐶𝐶𝑝𝑝) inside the clearance. Piston dynamics are commonly 
defined by the piston eccentricities from its aligned orientation at the top and bottom of the 
skirt (𝑒𝑒𝑡𝑡  and 𝑒𝑒𝑏𝑏 ), resulting from its secondary motion (Gohar and Rahnejat (2008) and 
Balakrishnan and Rahnejat (2005)). The piston eccentricities 𝑒𝑒𝑡𝑡, 𝑒𝑒𝑏𝑏 are the displacements 
from the centre-line of the cylinder liner. All four corners of the piston can be simply located 
as a function of the eccentricities. The transformation between the original coordinate system 
and eccentricities is established through mathematical and geometric relations (Equation 
(3.13)). 𝑎𝑎 and 𝐿𝐿𝑑𝑑 are the distance from the top of the piston’s skirt to the centre of the piston 
pin and the height of the piston’s skirt (along x-direction), respectively. The eccentricity 
velocities and accelerations are derived by differentiation with respect to time (Equations (3.14 
and 3.15)), i.e. 
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𝑒𝑒𝑡𝑡 = 𝑒𝑒𝐶𝐶𝑝𝑝 + 𝑎𝑎𝛽𝛽 
𝑒𝑒𝑏𝑏 = 𝑒𝑒𝐶𝐶𝑝𝑝 − (𝐿𝐿𝑑𝑑 − 𝑎𝑎)𝛽𝛽 (3.13) 
?̇?𝑒𝑡𝑡 = ?̇?𝑒𝐶𝐶𝑝𝑝 + 𝑎𝑎?̇?𝛽 
?̇?𝑒𝑏𝑏 = ?̇?𝑒𝐶𝐶𝑝𝑝 − (𝐿𝐿𝑑𝑑 − 𝑎𝑎)?̇?𝛽 (3.14) 
?̈?𝑒𝑡𝑡 = ?̈?𝑒𝐶𝐶𝑝𝑝 + 𝑎𝑎?̈?𝛽 
?̈?𝑒𝑏𝑏 = ?̈?𝑒𝐶𝐶𝑝𝑝 − (𝐿𝐿𝑑𝑑 − 𝑎𝑎)?̈?𝛽 (3.15) 
Provided that 𝑒𝑒𝑡𝑡  is greater than 𝑒𝑒𝑏𝑏 , the rotation angle 𝛽𝛽  is positive. Piston rotation and 
translation are derived using equations (3.13). 𝑒𝑒𝐶𝐶𝑝𝑝 and 𝐻𝐻 refer to the same quantity because no 
rotation takes place at the piston-pin location, thus 
𝛽𝛽 = 1
𝐿𝐿𝑑𝑑
(𝑒𝑒𝑡𝑡 − 𝑒𝑒𝑏𝑏) 
𝑒𝑒𝐶𝐶𝑝𝑝 = 𝐻𝐻 = 𝑒𝑒𝑡𝑡 + 𝑎𝑎𝐿𝐿𝑑𝑑 (𝑒𝑒𝑏𝑏 − 𝑒𝑒𝑡𝑡) (3.16) 
The centre of gravity of the piston is usually designed with an offset from the piston-pin centre 
for improved dynamics. Therefore, the piston mass undertakes a different acceleration from 
that of piston-pin. The piston acceleration is defined at its centre of gravity and along the z-
axis using its vertical distance from the top of the piston skirt (𝑏𝑏 ) and the eccentricity 
accelerations (Equation (3.17))  
?̈?𝑒𝐶𝐶𝐶𝐶𝑔𝑔 = ?̈?𝑒𝑡𝑡 + 𝑏𝑏𝐿𝐿𝑑𝑑 (?̈?𝑒𝑏𝑏 − ?̈?𝑒𝑡𝑡) (3.17) 
The piston kinematics are determined in both primary and secondary directions. The objective 
of the piston tribodynamic model is to evaluate the piston’s secondary motion by considering 
all the external and inertial forces. These are discussed in the following section. 
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3.2.2. Piston dynamics model 
Figures 3.2 depicts the piston and pin’s free body diagrams. 𝑚𝑚pis, 𝑚𝑚pin and 𝐼𝐼pis are the piston 
mass, pin mass and piston centroidal moment of inertia. The gas excitation force is distributed 
over the piston’s crown surface. The equivalent point force for the excitation is applied with 
an offset at distances 𝑟𝑟𝑔𝑔 in the lateral direction with respect to the piston’s centre-line. The 
inertial forces are represented by 𝑚𝑚pis?̈?𝑥 , 𝑚𝑚pis?̈?𝑒𝐶𝐶𝐶𝐶𝑔𝑔 for the piston and 𝑚𝑚pin?̈?𝑥, 𝑚𝑚pin?̈?𝐻 for the pin, 
respectively. Other forces in Figure 3.2 are: the combustion force 𝐹𝐹𝐺𝐺 , the lubricant reaction 
𝐹𝐹hyd = ∬𝑃𝑃d𝑥𝑥d𝐻𝐻, the oil film viscous friction force 𝐹𝐹𝑓𝑓, the connecting rod force 𝐹𝐹𝑐𝑐𝑟𝑟 and the 
pin reaction forces 𝐹𝐹pin,𝑥𝑥 and 𝐹𝐹pin,𝑒𝑒. The combustion force and piston inertia forces are known 
as the primary forces because they are aligned with the primary axes of motion. 
 
Figure 3.2. Piston and pin free-body diagrams 
The secondary piston motion is related to its primary dynamics. This can be established in any 
of the following approaches: (i) a purely kinematic analysis or (ii) including inertial dynamics. 
In the former approach, the piston’s secondary motion and the lubricant film load carrying 
capacity are ignored when estimating the primary forces. In the latter approach (inertial 
dynamics) these effects are considered. Thus, in the kinematics approach, the lateral resultant 
force acting on the piston, 𝐹𝐹𝑡𝑡, can be calculated using the forces in the primary axial direction. 
The three equations of motion are shown as follows (Littlefair (2013), Zhu et al (1993), Lui 
et al (1998), Balakrishnan and Rahnejat (2005) and Gohar and Rahnejat (2008) 
𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑥 = 𝐹𝐹𝑝𝑝𝑑𝑑𝑝𝑝,𝑥𝑥 + 𝐹𝐹𝐺𝐺 ∓ 𝐹𝐹𝑓𝑓 (3.18) 
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𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑒𝐶𝐶𝐶𝐶𝑔𝑔 = 𝐹𝐹𝑝𝑝𝑑𝑑𝑝𝑝,𝑒𝑒 + 𝐹𝐹ℎ𝑦𝑦𝑑𝑑 (3.19) 
𝐼𝐼𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝛽 + 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑒𝐶𝐶𝐶𝐶𝑔𝑔(𝑎𝑎 − 𝑏𝑏) −𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑥𝑟𝑟𝑝𝑝 = 𝐹𝐹𝐺𝐺𝑟𝑟𝑔𝑔 + 𝑀𝑀ℎ𝑦𝑦𝑑𝑑 ∓ 𝐹𝐹𝑓𝑓𝑅𝑅 (3.20) 
The dynamics of the piston pin are described by the force components in x and z directions 
𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝?̈?𝑥 = −𝐹𝐹𝑝𝑝𝑑𝑑𝑝𝑝,𝑥𝑥 − 𝐹𝐹𝑐𝑐𝑟𝑟 cos𝜙𝜙 (3.21) 
𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝?̈?𝐻 = −𝐹𝐹𝑝𝑝𝑑𝑑𝑝𝑝,𝑒𝑒 − 𝐹𝐹𝑐𝑐𝑟𝑟 sin𝜙𝜙 (3.22) 
The combination of equations (3.18) and (3.21) and simple mathematical operations result in 
the evaluation of the connecting rod force (Equation (3.23)) 
𝐹𝐹𝑐𝑐𝑟𝑟 = 1cos𝜙𝜙 �−𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝?̈?𝑥 − 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑥 + 𝐹𝐹𝐺𝐺 ∓ 𝐹𝐹𝑓𝑓� (3.23) 
The lateral force acting on piston is the component of the connecting rod force in z-direction 
(Equation (3.24)). This lateral force, 𝐹𝐹𝑡𝑡, is exploited in the aforementioned kinematic approach 
for the study of piston secondary dynamics. In this equation, only forces in the primary 
direction are presented and the change of direction in the lateral force imposes the conditions 
for occurrence of piston impacts, i.e. 
𝐹𝐹𝑡𝑡 = 𝐹𝐹𝑐𝑐𝑟𝑟 sin𝜙𝜙 = �−𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝?̈?𝑥 − 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑥 + 𝐹𝐹𝐺𝐺 ∓ 𝐹𝐹𝑓𝑓� tan𝜙𝜙 (3.24) 
In the second approach (as described earlier), the dynamic equations are derived for the piston’s 
secondary motion using inertia dynamics and the oil film hydrodynamics. The combined form 
of equations (3.19) and (3.22) is shown in equation (3.25). Here, 𝐹𝐹𝑐𝑐𝑟𝑟 sin𝜙𝜙 is the same as in 
equation (3.24), with the exception that piston’s secondary motion does not only depend on the 
connecting rod’s lateral force, but also on the oil film’s hydrodynamics and the piston/piston 
pin inertias, i.e. 
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𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑒𝐶𝐶𝐶𝐶𝑔𝑔 + 𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝?̈?𝐻 = −𝐹𝐹𝑐𝑐𝑟𝑟 sin𝜙𝜙 + 𝐹𝐹ℎ𝑦𝑦𝑑𝑑 (3.25) 
Equations (3.20) and (3.25) describe the piston’s secondary dynamics. These relations can be 
restated in terms of the eccentricity parameters using equations (3.16) and (3.17). The system 
dynamics can then be represented in a matrix form as:  
�
𝑚𝑚pis �1 − 𝑏𝑏𝐿𝐿� + 𝑚𝑚pin �1 − 𝑎𝑎𝐿𝐿� 𝑚𝑚pis 𝑏𝑏𝐿𝐿 + 𝑚𝑚pin 𝑎𝑎𝐿𝐿
𝐼𝐼pis
𝐿𝐿
+ 𝑚𝑚pis(𝑎𝑎 − 𝑏𝑏) �1 − 𝑎𝑎𝐿𝐿� − 𝐼𝐼pis𝐿𝐿 + 𝑚𝑚pis(𝑎𝑎 − 𝑏𝑏) 𝑏𝑏𝐿𝐿� �?̈?𝑒𝑡𝑡?̈?𝑒𝑏𝑏� = �
𝐹𝐹hyd ∓ 𝐹𝐹𝑓𝑓 tan𝜙𝜙 − 𝐹𝐹𝑡𝑡
𝑀𝑀hyd + 𝑀𝑀𝑓𝑓 + 𝑀𝑀𝑑𝑑 � (3.26) 
In order to include the effect of the piston’s secondary motion and the lubricant reaction using 
inertial dynamics, the set of equations of motion (3.26) is iteratively solved, coupled with 
Reynolds equation (Balakrishnan and Rahnejat (2005) and Littlefair et al (2014a)). Thus, 
the lateral force is obtained in a more realistic manner. The deviation between the results of 
methods (i) and (ii), when predicting the lateral force, is quite small at lower engine speeds. As 
the piston speed increases and inertial effects become significant, the aforementioned methods 
yield divergent results, as expected. The evaluated lateral force from equation (3.26) is used 
hereinafter to calculate the lateral impact force and approach velocity.  
𝑀𝑀hyd is the moment due to load capacity variation of the lubricant film 𝐹𝐹hyd over the piston’s 
skirt area. 𝑀𝑀𝑓𝑓 is the moment due to the viscous friction of the lubricant film 𝐹𝐹𝑓𝑓. 𝑀𝑀𝑑𝑑 represents 
the tilting moment due to pin or crankshaft offset, which equates to: 𝐹𝐹𝐺𝐺𝑟𝑟𝑝𝑝 + 𝑚𝑚pis?̈?𝑥𝑟𝑟COG. It 
should be noted that the lubricant viscous friction and its generated moment are neglected in 
the current study as their influence on the impact force is quite small, constituting for less than 
3% of the total impact force (Cho and Jang (2004)).  
The flow chart for the iterative solution of the equations of motion is presented in Figure 3.3. 
In the current research, the total simulation time corresponds to three engine cycles for all 
operational conditions (sufficient time to achieve steady state motion per engine cycle). The 
time step is invariable, equal to 5 μs. The convergence criterion is 1%, implemented on the 
eccentricity accelerations (?̈?𝑒𝑡𝑡 and ?̈?𝑒𝑏𝑏), which are the fastest system variables. The eccentricity 
velocity and displacement are evaluated using Newmark’s integration method (Newmark 
(1959)) for dynamic systems. This method is also known as the average acceleration method. 
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The implicit algorithm of Newmark integration is used in the predictor-corrector module. LAM 
I and LAM II are the predictor and corrector routines of the numerical solution. The estimated 
displacement and velocity at each time step are used in the dynamic equations of motion to 
obtain the new acceleration values for the continuation of the integrator. The aforementioned 
procedure is shown for a simple one degree of freedom system in equation (3.27) (Timoshenko 
(1974)). The index 𝑖𝑖 refers to the predicted values at each time step for 𝑗𝑗 = 1 (LAM I) and 𝑗𝑗 >1 shows the number of corrective iterations upon the convergence within a specific time step 
(LAM II). 𝑓𝑓(𝑡𝑡, 𝑥𝑥, ?̇?𝑥) is the general form of the equation of motion for each degree of freedom, 
i.e. (𝑥𝑥?̇?𝚤)𝑗𝑗 = ?̇?𝑥𝑑𝑑−1 + ?̈?𝑥𝑑𝑑−1 Δ𝑡𝑡𝑑𝑑2 + (?̈?𝑥𝑑𝑑)𝑗𝑗−1 Δ𝑡𝑡𝑑𝑑2 , 𝑗𝑗 > 1 (𝑥𝑥𝑑𝑑)𝑗𝑗 = 𝑥𝑥𝑑𝑑−1 + ?̇?𝑥𝑑𝑑−1 Δ𝑡𝑡𝑑𝑑2 + (?̇?𝑥𝑑𝑑)𝑗𝑗 Δ𝑡𝑡𝑑𝑑2  (?̈?𝑥𝑑𝑑)𝑗𝑗 = 𝑓𝑓�𝑡𝑡𝑑𝑑, (𝑥𝑥𝑑𝑑)𝑗𝑗, (?̇?𝑥𝑑𝑑)𝑗𝑗� (3.27) 
If 𝑗𝑗 = 1, the predictor routine (LAM I) is as follows: 
𝑓𝑓𝑓𝑓𝑟𝑟 𝑖𝑖 ≤ 2, ?̇?𝑥𝑑𝑑 = ?̇?𝑥𝑑𝑑−1 + ?̈?𝑥𝑑𝑑−1Δ𝑡𝑡𝑑𝑑, 𝑥𝑥𝑑𝑑 = 𝑥𝑥𝑑𝑑−1 + 12 (?̇?𝑥𝑑𝑑−1 + ?̇?𝑥𝑑𝑑)Δ𝑡𝑡𝑑𝑑 
𝑓𝑓𝑓𝑓𝑟𝑟 𝑖𝑖 > 2, ?̇?𝑥𝑑𝑑 = ?̇?𝑥𝑑𝑑−2 + 2?̈?𝑥𝑑𝑑−1Δ𝑡𝑡𝑑𝑑, 𝑥𝑥𝑑𝑑 = 𝑥𝑥𝑑𝑑−1 + ?̇?𝑥𝑑𝑑−1Δ𝑡𝑡𝑑𝑑 + 12 (?̈?𝑥𝑑𝑑−1)Δ𝑡𝑡𝑑𝑑2 
And if 𝑗𝑗 > 1, the corrector routine (LAM II) is defined as: 
(?̇?𝑥𝑑𝑑)𝑗𝑗 = ?̇?𝑥𝑑𝑑−1 + 12 �?̈?𝑥𝑑𝑑−1 + (?̈?𝑥𝑑𝑑)𝑗𝑗−1�Δ𝑡𝑡𝑑𝑑, (𝑥𝑥𝑑𝑑)𝑗𝑗 = 𝑥𝑥𝑑𝑑−1 + (2?̇?𝑥𝑑𝑑−1 + (?̇?𝑥𝑑𝑑)𝑗𝑗 Δ𝑡𝑡𝑑𝑑3 + 16 ?̈?𝑥𝑑𝑑−1Δ𝑡𝑡𝑑𝑑2 
The approximated error in eccentricity accelerations is 1% for the current problem (Figure 3.3). 
This value ensures that the integrator converges very quickly, whilst the error in the residuals 
vector is constrained to very small values. The residual vector is defined as �𝑴𝑴(?̈?𝒆𝑑𝑑)𝑗𝑗 − 𝑭𝑭�∞ =
𝜖𝜖, using matrices of equation 3.26 and results of LAM II. 𝜖𝜖 is the residual vector error and it 
does not exceed 10−6 for approximation error of 1%. 
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Figure 3.3. Transient dynamic model flow chart 
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3.2.3. The effect of lubricant film 
To include the effect of lubricated contact, the solution of Reynolds equation is required, with 
its general form being, 
∂
∂𝑥𝑥
�
𝜌𝜌ℎ3
𝜂𝜂
∂𝑃𝑃
∂𝑥𝑥
� + ∂
∂𝑦𝑦
�
𝜌𝜌ℎ3
𝜂𝜂
∂𝑃𝑃
∂𝑦𝑦
� = 12 �𝑈𝑈av ∂∂𝑥𝑥 (𝜌𝜌ℎ) + 𝑉𝑉av ∂∂𝑦𝑦 (𝜌𝜌ℎ) + dd𝑡𝑡 (𝜌𝜌ℎ)� (3.28) 
where 𝑥𝑥 is the direction of lubricant entrainment along the axial direction of the cylinder liner 
and 𝑦𝑦 is the circumferential direction (if viewed as an unwrapped cylinder). 𝑃𝑃 and ℎ are the 
generated pressure and lubricant film thickness, respectively. The lubricant density, 𝜌𝜌, is a 
function of pressure (Dowson and Higginson (1959)) as follows 
𝜌𝜌 = 𝜌𝜌0 �1 + 0.6×10−9𝑃𝑃1 + 1.7×10−9𝑃𝑃� (3.29) 
𝜌𝜌0 is the atmospheric density at the average measured liner temperature. The liner temperature 
is chosen because a recent thermo-hydrodynamic numerical analysis by Morris et al (2013) 
using a control volume thermal-mixing method has shown that the lubricant film temperature 
remains close to that of the liner surface, with only a small rise due to its viscous shear 
compared with the surface temperature. The lubricant viscosity, 𝜂𝜂, is also a function of pressure 
and temperature, where 𝜂𝜂0 is the lubricant atmospheric dynamic viscosity at the measured liner 
temperature. The viscosity variation with pressure is given by Roeland (1966), i.e. 
𝜂𝜂 = 𝜂𝜂0e𝛼𝛼 (3.30) 
where 
𝛼𝛼 = 1
𝑃𝑃
(ln 𝜂𝜂0 + 9.67) �� 𝛩𝛩 − 138𝛩𝛩0 − 138�−𝑆𝑆0 �1 + 𝑃𝑃1.98×108�𝑍𝑍0 − 1� 
𝑆𝑆0 and 𝑍𝑍0 are constants, independent of temperature and pressure. 𝛩𝛩 is the temperature (in K 
units). 𝛩𝛩0 is the bulk oil temperature. 𝑈𝑈av is the speed of entraining motion of the lubricant 
(half the piston sliding velocity). No side leakage flow is assumed (𝑉𝑉av = 0). Therefore, the 
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second term on the right hand side of equation (3.28) is omitted from the computations. The 
Reynolds equation can be solved in two different ways: (i)- quasi-static and (ii)- transient. In a 
quasi-static solution, the lubricant film time history is ignored (the third term on the right-hand 
side of equation (3.28) is omitted). In a transient solution, the time history of the lubricant film 
thickness is retained. The instantaneous skirt profile and stiffness are updated in the film 
thickness estimation at each time step (corresponding to a given crank angle position), using 
equation (3.31). Here, 𝐶𝐶 is the nominal clearance between the piston and the cylinder liner 
surface, 𝑟𝑟(𝑥𝑥,𝑦𝑦)  is the piston profile, 𝑟𝑟(𝑥𝑥,𝑦𝑦, 𝑡𝑡)  represents the combined effect of the 
instantaneous clearances 𝑒𝑒𝑡𝑡 and 𝑒𝑒𝑏𝑏 (which are outputs of the system dynamics) and 𝑆𝑆(𝑥𝑥,𝑦𝑦, 𝑡𝑡) 
indicates the overall skirt deflection (McClure (2007) and Littlefair et al (2014a, 2014b)). In 
a quasi-static solution, the term 𝑟𝑟(𝑥𝑥, 𝑦𝑦, 𝑡𝑡) is also neglected, as piston dynamics are not taken 
into account, i.e. 
ℎ(𝑥𝑥,𝑦𝑦) = 𝐶𝐶 + 𝑟𝑟(𝑥𝑥,𝑦𝑦) + 𝑟𝑟(𝑥𝑥,𝑦𝑦, 𝑡𝑡) + 𝑆𝑆(𝑥𝑥,𝑦𝑦, 𝑡𝑡) (3.31) 
 
3.3. Local impact energy 
The advantage of employing energy-based methods is the adherence to the principle of 
conservation of energy through the impact progression (Fahy and Gardonio (2007)). Previous 
piston slap research has either excluded the role of lubricated impacts or employed spring-
damper lumped parameter models for the energy transfer mechanism (Cho et al (2002)). In the 
current study, an elasto-hydrodynamic lubrication (EHL) solution is utilised for the calculation 
of the transferred energy through the lubricant film caused by the piston’s secondary motion. 
Additionally, piston skirt deformation effects are considered, thus reducing the transferred 
energy (as some of the impact energy is consumed in localised deformation). Impact impedance 
calculations are then applied to the energy distribution across the discretised piston skirt in 
order to estimate the energy transferred to the cylinder liner.  
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Figure 3.4. Film shape at time steps 1 and 2. Force and film thickness indicators at an arbitrary point (i, j) on the 
piston skirt are shown to represent the energy calculation 
The tribodynamic equations provide the lubricant film shape and the generated contact pressure 
distribution acting on the skirt area at each time step (crank angle interval). The parameters 
affecting the transferred energy through the lubricant film are illustrated in Figure 3.4. 𝐹𝐹𝑑𝑑,𝑗𝑗,1 
and ℎ𝑑𝑑,𝑗𝑗,1 are the lubricant hydrodynamic force and film thickness at a grid point (𝑖𝑖, 𝑗𝑗) of the 
skirt during time step 1, whilst 𝐹𝐹𝑑𝑑,𝑗𝑗,2 and ℎ𝑑𝑑,𝑗𝑗,2 pertain to the same grid point (𝑖𝑖, 𝑗𝑗) during time 
step 2. The contact force (lubricant reaction) is the integrated pressure (𝑃𝑃) over the elemental 
grid area. 
The transferred energy 𝑊𝑊𝑑𝑑,𝑗𝑗 to the lubricated area at each grid point is calculated according to 
equation (3.32), using the averaged local force 𝐹𝐹�𝑑𝑑,𝑗𝑗 between two consecutive steps of time for 
integration purposes. 𝑣𝑣𝑑𝑑,𝑗𝑗 is the corresponding change in the local film thickness for the grid 
element (𝑖𝑖, 𝑗𝑗). In the integral of equation (3.32), the product 𝑣𝑣𝑑𝑑,𝑗𝑗𝑟𝑟𝑡𝑡 can be replaced with dℎ𝑑𝑑,𝑗𝑗, 
thus 
𝑊𝑊𝑑𝑑,𝑗𝑗 = � 𝐹𝐹�𝑑𝑑,𝑗𝑗𝑣𝑣𝑑𝑑,𝑗𝑗d𝑡𝑡𝑡𝑡2
𝑡𝑡1
= � 𝐹𝐹�𝑑𝑑,𝑗𝑗dℎ𝑑𝑑,𝑗𝑗ℎ2
ℎ1
= 𝐹𝐹�𝑑𝑑,𝑗𝑗 �ℎ2𝑑𝑑,𝑗𝑗 − ℎ1𝑑𝑑,𝑗𝑗� (3.32) 
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Figure 3.5. Calculation of impact energy at the TS and ATS for fully flooded lubrication  
The film shape and the corresponding pressure distribution are shown in Figure 3.5 for a time 
step of the simulation. As shown, the contact pressure and the conjunctional film can be 
obtained simultaneously (if needed) for the piston skirt-liner contact at the TS and the ATS. 
Consequently, energy transfer occurs at both sides of the partially skirted piston. The impact 
energy calculations are implemented accordingly. The lubricant film pressure is either positive 
or diminishes during an engine cycle. This in effect means that any cavitation is ignored in the 
current analysis as a full film is assumed within the conjunction. If the lubricant film is locally 
squeezed; dℎ < 0, then 𝑊𝑊𝑑𝑑,𝑗𝑗 takes a positive value and the oil film absorbs the impact energy 
(shown as Energy in Figure 3.5). Otherwise, the energy is consumed in deforming the piston 
skirt or results in the rigid body motion of the piston away from the cylinder wall (shown as 
 
𝑭𝑭𝒕𝒕  
𝐝𝒉𝑨𝑻 ≥ 𝟎 →  𝑵𝑵𝒖𝒍𝒍 
𝐝𝒉𝑨𝑻 < 0 → 𝐸𝐸𝑛𝑛𝑒𝑒𝑟𝑟𝑔𝑔𝑦𝑦 𝐝𝒉𝑻 ≥ 𝟎 →  𝑵𝑵𝒖𝒍𝒍 𝐝𝒉𝑻 < 0 → 𝐸𝐸𝑛𝑛𝑒𝑒𝑟𝑟𝑔𝑔𝑦𝑦 
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Null). It is assumed that the localised deformation energy does not contribute to noise 
propagation.  
 
3.4. Piston impact identification concepts 
In the present section, a series of techniques are proposed to identify piston impact events. The 
purely kinematic and piston tribodynamic models are fundamental to these techniques. The 
two models are described earlier in this chapter. The occurrence of piston slap events in the 
engine cycle can be monitored by introducing six alternative concepts: (i) the quasi-static 
lateral force, (ii) the transient lateral force, (iii) the minimum film thickness occurrence, (iv) 
the maximum energy transfer, (v) the lubricant squeeze velocity and (vi) the piston-impact 
angular duration. The three first concepts are available in the literature and the three latter are 
proposed as novel identification approaches. The validation of the proposed methods will be 
achieved using experimental measurements taken from a single cylinder petrol engine in 
laboratory conditions. The experimental set-up is described in section 3.6. 
3.4.1. Quasi-static lateral force 
In literature, the change of direction in lateral force is the criterion to identify piston impacts 
(Geng and Chen (2005) and Ungar and Ross (1965)). In the first two concepts here, different 
methods for the identification of lateral force will be discussed. In the first concept, the oil film 
hydrodynamic force and piston tilt are neglected. Therefore, the lateral force is calculated using 
equation (3.24) and neglecting the 𝐹𝐹ℎ𝑦𝑦𝑑𝑑 and the friction effect. The impact events can then be 
directly determined using forces in the primary direction. In other words, whenever 𝐹𝐹𝐺𝐺 =
�𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑 + 𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝�?̈?𝑥 or tan𝜙𝜙 = 0, piston impact may initiate. tan𝜙𝜙 is equal to zero at the top dead 
centre (TDC) and bottom dead centre (BDC). For engines without crankshaft offset, TDC and 
BDC are defined at 𝜙𝜙 = 0 and 𝜃𝜃 = 𝑘𝑘𝑘𝑘 (𝑘𝑘 = 0,1,2, …). When crankshaft offset is present, the 
𝜙𝜙 = 0 positions will slightly shift in terms of the crank angle. The exact 𝜙𝜙 value is calculated 
using equation (3.33) (Balakrishnan (2002)), i.e. 
𝜙𝜙 = asin �𝑟𝑟 sin𝜃𝜃 + 𝑟𝑟𝑐𝑐
𝐿𝐿𝑐𝑐𝑟𝑟
� (3.33) 
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In order to determine whether piston impact occurs at TS or ATS of the cylinder liner, the value 
of tan𝜙𝜙 should be investigated along with the variations of the gas and inertia forces. Two 
general cases could occur within the cycle: (i) angular condition, tan𝜙𝜙 = 0 and (ii) force 
condition, ∑𝐹𝐹 = 0. tan𝜙𝜙 has periodic behaviour. At the position where tan𝜙𝜙 = 0, if the gas 
force is greater than the inertia force, piston impact is expected at the TS, while if the inertia 
force is greater than the gas force, the event happens at the ATS. Alternatively, regarding the 
force condition, the total force can equal zero in the primary direction. This behaviour is 
interpreted as equality between the gas and inertia forces in the graphical representation of 
Figure 3.6. The coincidence point means that the resultant force changes direction. The sign of 
the force and tan𝜙𝜙 prior to the coincidence point can be used to identify the direction of the 
piston impact event. If the resultant force is greater than zero and tan𝜙𝜙 > 0, the piston moves 
from the TS to the ATS. If tan𝜙𝜙 < 0, impact occurs at the TS. Providing that the force is 
smaller than zero prior to the incidence point and tan𝜙𝜙 > 0, then the piston slides from the 
ATS to the TS. If tan𝜙𝜙 < 0, then the piston impacts the cylinder at the ATS. Figure 3.6 shows 
typical plots of the dimensionless gas force (𝜓𝜓𝐺𝐺) and piston/pin inertia forces (𝜓𝜓𝑝𝑝𝑑𝑑𝑑𝑑,𝑥𝑥 + 𝜓𝜓𝑝𝑝𝑑𝑑𝑝𝑝,𝑥𝑥) 
in the primary direction (obtained by dividing by �𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑 + 𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝�𝑟𝑟𝜔𝜔2 sin𝜃𝜃  to form the 
dimensionless contributions (Ungar and Ross (1965))). 𝜔𝜔 is the engine angular speed. The 
graph of Figure 3.6 demonstrates how the method works (Ungar and Ross (1965)). The curves 
for 𝜓𝜓𝐺𝐺  with higher subscript values correspond to higher engine speeds (the engine speed is 
increased by 1000 rpm steps for each curve). For the lowest engine speed (𝜓𝜓𝐺𝐺1), the gas and 
inertia forces do not intersect; therefore, no piston impact is expected except at the dead centres. 
As the engine speed increases, an incident is observed at 𝜓𝜓𝐺𝐺2, while at 𝜓𝜓𝐺𝐺3 the number of 
incidents (impact events) increases to two. Considering the case for 𝜓𝜓𝐺𝐺3, there are five possible 
piston impact events between -180 and 180 degrees. Three of these occur at the dead centre 
positions. According to the method, all three events are expected at the TS because 𝐹𝐹𝐺𝐺 >
�𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑 + 𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝�?̈?𝑥. Two incidents are observed between the gas and inertia forces at about -65 
and -27°. The first one happens at the ATS (with the gas force initially being higher than the 
inertia force and tan𝜙𝜙 being negative, while after the event the inertia force is higher). The 
second position happens at the TS with the gas force being smaller than the inertia forces prior 
to the event. 
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Figure 3.6. Graphical representation on the use of primary forces to identify piston impact events 
3.4.2. Transient lateral force  
The consideration of the oil-film effect and piston rotation provides a more comprehensive 
description of the system’s secondary dynamics. Thus, the prediction of the lateral force is 
achieved by solving piston dynamics with oil film tribology (solution of equations (3.26) and 
(3.28) simultaneously). The dependency of oil density and viscosity on pressure is taken into 
account using Dowson and Higginson (1959) and Roeland (1966) expressions, respectively. 
The elastic deformation of the piston is considered in the film thickness expression. The elasto-
hydrodynamic force is then applied on piston dynamics to calculate the lateral force as the 
criterion for impact events (Meng and Xie (2012), D’Agostino et al (2006) and Littlefair et 
al (2014a)). When the lateral force crosses zero and changes direction, piston impact is 
expected. In this approach, TS contact is indicated by negative side force values and ATS 
contact by positive values. Therefore, when the lateral force changes from positive to negative, 
piston impact is expected at the TS. On the other hand, a lateral force change from negative to 
positive indicates events at the ATS.  
3.4.3. Elasto-hydrodynamic lubrication (EHL) minimum film thickness 
In this approach, the EHL minimum film thickness occurrence is the variable that identifies 
piston-cylinder interactions (D’Agostino et al (2006)). The film thickness is estimated for both 
the TS and ATS. The solution method is similar to that of the transient lateral force criterion 
with the only difference being that the EHL minimum film thickness represents the exact 
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position of piston events rather than their initiation. If the side force on the skirt is sufficiently 
high to make the oil-film squeeze, then an impact event initiates. Because of the piston’s tilt 
motion, squeeze action may take place at either side of the cylinder liner simultaneously. The 
side of the piston skirt, where the EHL minimum film thickness occurs, defines whether piston 
impact direction is towards the TS or ATS. 
3.4.4. Maximum energy transfer  
The oil-film thickness and pressure are available for both TS and ATS directions using piston 
tribodynamics. The transferred energy to the cylinder wall can be calculated between 
successive time-steps using the film properties. The product of force and oil film displacement 
yields the work produced. When the lubricant gets squeezed, the energy is transferred to the 
cylinder liner. As squeeze action continues, the side force increases and the work produced is 
expected to rise. Due to lubricant’s hydrodynamic pressure, the squeeze action gradually slows. 
The position of the maximum work produced is assumed as that of piston impact occurrence. 
The direction of the event depends on whether the exploited oil properties pertain to the TS or 
ATS direction. 
3.4.5. The lubricant squeeze velocity  
In piston-cylinder tribodynamics, a transient solution of the Reynolds equation is obtained (the 
oil-film thickness and pressure depend on the oil properties, as well as its history). In equation 
(3.28), the term 𝜕𝜕ℎ/𝜕𝜕𝑡𝑡 reflects the oil film time history and indicates the rate of change in the 
film thickness. Thus, this term can be referred as lubricant squeeze velocity, which can be either 
negative (squeeze) or positive (separation). In order to highlight the piston impact events, the 
squeeze velocity is investigated for the position of the minimum film thickness. The change of 
sign in squeeze velocity means the squeeze action turns into separation and vice versa. The 
initiation of squeeze action describes piston impact; therefore, whenever squeeze velocity 
moves from negative towards positive values, a piston impact event is defined. The direction 
of the event is identified by the side of piston skirt where the squeeze velocity is observed. 
3.4.6. The piston-impact angular duration 
In all previous concepts, the exact positions of piston impact events are sought. In this method, 
angular intervals are given to cover the entire piston impact process (from the initiation to the 
event completion). In order to pinpoint the positions that piston impact initiates, the lubricant 
squeeze velocity is exploited. The EHL minimum film thickness occurrence highlights the 
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completion of the corresponding events. The initiation and completion positions are paired 
using both angular positions and directions. The angular intervals are smaller at the parts of 
engine cycle where greater film variations are available. The direction of the events depends 
on the predicted directions in the EHL minimum film thickness occurrence and the minimum 
film squeeze velocity criteria. 
 
3.5. The structural attenuation of sound propagation 
The energy transfer pattern from the piston skirt can be converted into impact power, 𝑃𝑃𝑣𝑣, by 
using the data of two successive time steps. The acoustic power of the engine block surface is 
required to estimate the radiated noise levels. Therefore, the structural attenuation ratio (𝜂𝜂𝑎𝑎/𝑣𝑣) 
is used to predict the sound power loss through the engine block structure. Structural 
attenuation is the ratio of acoustic power, 𝑃𝑃𝑎𝑎, at the outer surface of the engine block to impact 
power, 𝑃𝑃𝑣𝑣, at the inner surface of the cylinder liner (Ungar and Ross (1965)), thus 
𝜂𝜂𝑎𝑎
𝑣𝑣
= 𝑃𝑃𝑎𝑎
𝑃𝑃𝑣𝑣
 (3.34) 
The acoustic power is usually expressed as a function of the surface vibration velocity 𝑣𝑣𝑟𝑟 (Ohta 
et al (2011b)) as follows 
𝑃𝑃𝑎𝑎 = 𝜎𝜎𝜌𝜌𝑎𝑎𝑐𝑐𝑎𝑎𝐴𝐴𝑟𝑟𝑣𝑣𝑟𝑟2 (3.35) 
Where subscripts 𝑣𝑣 and 𝑟𝑟 refer to the impacted and radiating structures, and 𝜎𝜎 is the surface 
radiation efficiency (varying between 0 and 1). For metallic parts vibrating at high frequencies, 
𝜎𝜎  approaches unity (Ungar and Ross (1965)). 𝜌𝜌𝑎𝑎  and 𝑐𝑐𝑎𝑎  are the air density and wave 
propagation speed in air, respectively. 𝐴𝐴𝑟𝑟 is the noise radiating surface area. The only unknown 
in equation (3.35) is the surface vibration velocity (𝑣𝑣𝑟𝑟), defined below. The impact power can 
be expressed in terms of the impact impedance 𝑍𝑍 and impact velocity 𝑣𝑣𝑣𝑣, using equation (3.36). 
The impact impedance is the inverse of impact mobility 𝑌𝑌, which expresses the relationship 
between the excitation and response as (Fahy and Gardonio (2007)) 
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𝑃𝑃𝑣𝑣 = 𝑍𝑍𝑣𝑣𝑣𝑣2 = 𝑣𝑣𝑣𝑣2𝑌𝑌  (3.36) 
Thus, the attenuation factor can be rewritten by substituting Equation (3.35) and Equation (3.36) 
into equation (3.34), yielding 
𝜂𝜂𝑎𝑎
𝑣𝑣
= 𝜎𝜎𝜌𝜌𝑎𝑎𝑐𝑐𝑎𝑎𝐴𝐴𝑟𝑟𝑣𝑣𝑟𝑟2
𝑍𝑍𝑣𝑣𝑣𝑣2
 (3.37) 
In order to calculate the surface vibration velocity, a commonly employed assumption in the 
literature is that the impact energy is not dissipated whilst travelling through the engine block 
(Ungar and Ross (1965)). The conservation of energy between the impacted structure (cylinder 
liner) and the radiating structure (engine block) constitutes 
12𝜌𝜌𝑣𝑣ℎ𝑡𝑡,𝑣𝑣𝐴𝐴𝑣𝑣𝑣𝑣𝑣𝑣2 = 12𝜌𝜌𝑟𝑟ℎ𝑡𝑡,𝑟𝑟𝐴𝐴𝑟𝑟𝑣𝑣𝑟𝑟2 (3.38) 
Hence, the surface vibration velocity directly corresponds to the impact velocity. 𝜌𝜌, ℎ𝑡𝑡 and 𝐴𝐴 
are density, thickness and the surface area of the structure. Substitution of Equation (3.38) into 
equation (3.37) yields the power attenuation factor in the form of Equation (3.39), which is 
then calculated for every grid point (𝑖𝑖, 𝑗𝑗) (equivalent to that of the conjunctional local lubricant 
film thickness), thus 
�𝜂𝜂𝑎𝑎/𝑣𝑣�𝑑𝑑,𝑗𝑗 = 𝜎𝜎𝜌𝜌𝑎𝑎𝑐𝑐𝑎𝑎𝜌𝜌𝑣𝑣ℎ𝑡𝑡,𝑣𝑣𝜌𝜌𝑟𝑟ℎ𝑡𝑡,𝑟𝑟 (𝐴𝐴𝑣𝑣)𝑑𝑑,𝑗𝑗𝑍𝑍𝑑𝑑,𝑗𝑗  (3.39) 
The cylinder liner directly interacts with the lubricant. Hence, the impact force should be 
determined using the lubricant film response. In Reynolds equation, it is assumed that the 
pressure gradient is constant through the thickness of the lubricant film (Gohar and Rahnejat 
(2008)). As a result, the impact force, velocity and energy distributions follow the lubricant 
film shape. The impact impedance for the cylinder liner at each grid point, 𝑍𝑍𝑑𝑑,𝑗𝑗, is calculated 
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by using the impact force and velocity distributions, employing equation (3.40) (Fahy and 
Gardonio (2007)), i.e. 
𝑍𝑍𝑑𝑑,𝑗𝑗 = (𝐹𝐹𝑣𝑣)𝑑𝑑,𝑗𝑗(𝑣𝑣𝑣𝑣)𝑑𝑑,𝑗𝑗 (3.40) 
The attenuation factor �𝜂𝜂𝑎𝑎/𝑣𝑣�𝑑𝑑,𝑗𝑗  at each grid point is calculated for both the TS and ATS 
surfaces, using equation (3.39) and equation (3.40). The next step is to convert the local 
acoustic power at any chosen location to the equivalent sound pressure level. This is performed 
for correlation purposes with the experimentally obtained noise levels. The sound power levels 
from the engine surface can be estimated, using equation (3.41). 𝑃𝑃ref is the reference power, 
equal to 10−12 W (Wilson (2006)). Thus, 
(𝐿𝐿𝑤𝑤)𝑑𝑑,𝑗𝑗 = 10 log�(𝑃𝑃𝑎𝑎)𝑑𝑑,𝑗𝑗𝑃𝑃ref � (3.41) 
Therefore, using equation (3.41), the sound power levels (𝐿𝐿𝑤𝑤)𝑑𝑑,𝑗𝑗 at the TS and ATS surfaces 
are calculated. The combination of noise radiation from both sides is received at any chosen 
spatial location. Initially, the local sound pressure levels (SPL) are transferred to any chosen 
location using equation (3.42). ?̅?𝑠0 is the acoustic field characteristics. If the engine is located 
in a free-field, then ?̅?𝑠0 = 1 and if the acoustic field is assumed to be semi-spherical, then ?̅?𝑠0 =2. The latter case has been applied in this study. 𝑅𝑅𝑏𝑏 is the distance from the block surface (Fahy 
and Gardonio (2007)), thus 
SPL𝑑𝑑,𝑗𝑗 = (𝐿𝐿𝑤𝑤)𝑑𝑑,𝑗𝑗 + 10 log� ?̅?𝑠04𝑘𝑘𝑅𝑅𝑏𝑏2� (3.42) 
The SPL values for the TS and ATS are combined using equation (3.43). SPL𝑇𝑇 is the total 
sound pressure level at any location of interest (Wilson (2006)), suitable for comparison 
purposes with the experimentally measured noise levels as 
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SPL𝑇𝑇 = 10 log���10(SPLTS)𝑖𝑖,𝑗𝑗/10
𝑗𝑗𝑑𝑑
+ ��10(SPLATS)𝑖𝑖,𝑗𝑗/10
𝑗𝑗𝑑𝑑
� (3.43) 
  
3.6. Experimental investigation 
The experimental setup used for validating the proposed methodology is explained here. A 
Honda CRF 450R single-cylinder, 4-stroke motorbike SI engine is utilised (engine 
specifications are provided in Table 3.1). This single-cylinder engine is desirable for the 
following reasons: 
• The least number of cylinders – The imbalances leading to piston impact are simply 
traceable and common interventions such as valve closures, combustion and 
imbalances from the neighbouring cylinders are avoided. This means less effort is 
required for signal processing. 
• Less complexity and simple block structure – relatively less number of components 
makes it easier for instrument setup and measurement. 
• High speed and load capability – The data from this Honda engine is compatible to all 
commercially available engines in terms of speed and load characteristics (speeds up 
to 12000rpm and torque up to 222Nm, which well represents the limit in both OEM 
and the motorsport arena). 
• Water cooled – The measurement instruments attached to the engine block are 
temperature sensitive. 
The engine is resisted by an Oswald 250 kW transient dynamometer and is controlled to the 
desired speeds by the installed Ricardo S3000/3345 system. The engine setup and the 
dynamometer are shown in Figure 3.7. The exhaust fume is driven out through a ventilation 
fan, which produces some negative pressure in the test cell to ensure consistent flow of exhaust 
gases to atmosphere. The engine is started using the dynamometer and the gearbox output is 
set to the second gear with a ratio of 4.026. 
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Table 3.1. Specifications of the Honda CRF 450 engine 
Engine Specifications Value 
No. of cylinders 1 
Fuel Gasoline 
No. of strokes 4 
Cooling system Water 
Bore size 96 mm 
Stroke 62.1 mm 
Compression ratio 11.5:1 
Density of the cylinder 2800 kg/m3 
Density of the block 2753 kg/m3 
Constant wave speed in the cylinder liner and engine block 5042 m/s 
Average outside diameter of the cylinder liner 106.5 mm 
Average diameter of the block 138.5 mm 
  
 
Figure 3.7. Honda CRF 450 setup and Oswald dynamometer 
The crank position and speed are monitored using a TTL 1024 point encoder manufactured by 
Hubner Berlin (Figure 3.8). The encoder is mounted to the engine’s balance shaft. The crank 
position is detected through an optical reader, which records 360 pulses in each complete crank 
Dynamometer Honda CRF Engine 
Exhaus
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rotation and detects a single TDC pulse. The resistant torque is measured through a load cell 
within the dynamometer. Both speed and torque outputs are monitored and controlled by the 
Ricardo system. The output signals are input to a LabVIEW programme for post processing 
purposes. The time duration between signal pulses and instantaneous crank angle position are 
used to calculate the instantaneous crank speed. The measurements commence from the TDC 
(0°) and continue to the same position. 
 
 
Figure 3.8. TTL 1024 encoder mounted to the side of the engine 
The cylinder pressure is measured using a Kistler 6081A40 probe rated to 250bar. The 
applied pressure to the piezoelectric sensor generates an electric charge using a quartz crystal. 
The pressure sensor is installed in the cylinder head. The sensor is connected to a Kistler 
charge amplifier which is in turn connected to the National Instruments data acquisition 
system and LabVIEW programme.  
The aforementioned instrumentations are used for the condition monitoring of the engine 
operation. The piston impact study requires any specific instrumentation to be synchronised to 
this setup. The piston-impact experimental set up is shown in Figure 3.9. Two accelerometers 
are attached to the TS and ATS of the engine block to monitor surface vibrations. The TS and 
ATS noise levels are measured at 1m distance from the block surface using microphones. The 
encoder’s signal provides the corresponding crank angle to synchronise with the acquired noise 
signals. The data acquisition operates in the LabVIEW environment.  
The engine block’s surface vibrations contain signals from different mechanical sources. The 
two major contributors to this signal are combustion and piston impacts. The surface vibrations 
are measured using DeltaTron Accelerometers Type 4517-002 manufactured by Bruel and 
Kjaer. The operational frequency range for these accelerometers is from 1Hz to 20kHz, which 
Encoder 
 60 
is ideal for piston-impact studies. The working temperature ranges from -51 to +121°C. The 
engine block temperature lies within this range. The effect of the accelerometer mass on the 
structural response is negligible as its weight is about 0.7g. The signals are amplified in a 
NEXUS Conditioning Amplifier manufactured by Bruel and Kjaer. The amplified signals are 
then input to the same LabVIEW programme and synchronised with crank angle position and 
in-cylinder pressure. 
The engine block surface vibrations excite the contiguous air molecules. Therefore, piston 
impacts are traceable in the sound pressure fluctuations. The pressure signal can be exploited 
as a non-contact piston-impact measurement where the contact instrumentation is impossible. 
Two Bruel and Kjaer microphones (Type 4942A021) are utilised to measure the pressure 
fluctuations at the TS and ATS of the engine and at 1m distance. The microphones are 
connected to battery powered ISOTRON Conditioners (model 4416B). This signal conditioner 
gives a selectable gain of 1 or 10 and its low noise operational condition is ideal for pressure 
measurements. The conditioner’s output is fed into the NEXUS Conditioning Amplifier and is 
synchronised with the other obtained data using LabVIEW. 
 
Figure 3.9. The experimental set up used in the study 
Details of instrumentation and error analysis for measurements are presented in Appendix C. 
3.7. Signal processing 
Different sources inside and outside the engine block contribute to the monitored noise (such 
as valves, gears, bearings, the dynamometer and the test-cell air conditioning system). Signal 
post-processing is a common practice to filter out the contributions of minor interest (Geng 
and Chen (2005), Badaoui et al (2005) and Serviere et al (2005)). The operating frequencies 
Mic TS Mic ATS
Lab View
Pressure 
sensor
Acc ATSAcc TS
Amplifier
BNC Box
Shaft Encoder
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of these events along with those of the piston impacts have been evaluated in the previous 
studies. The mechanical noise content is claimed to lie in the frequency range of 400-3200Hz 
(Chen and Randall (2011)). Other researchers have reported mechanical noise contributions 
to reside in the range: 1000-3000 Hz (Ohta et al (1987)) or within 500-2000 Hz (Nakashima 
et al (1999)). In the current study, the signal bandwidth was set at 450-3500 Hz, based on the 
aforementioned published work. The engine is installed in the test-cell, which is isolated from 
the outside environment to prevent interferences. Nevertheless, the dynamometer and 
ventilation fan inside the test-cell introduce some uncertainties in the measurements. Although 
it was not possible to measure the contribution of these background sources directly - as they 
operate only when the engine is running - the filtered signals were successfully matched to the 
mechanical events, as the presentation of the results will show in the following section. Thus, 
it is believed that filtering has removed the frequency components associated with the test cell 
operation as well. 
In the presence of the above uncertainty and the likelihood of low signal to noise ratio (SNR), 
the essential information contained in the signal can be extracted using time-frequency signal 
processing techniques in order to link the events observed in the signal to their excitation 
source (Chiollaz (1993)). The continuous wavelet transform (CWT) is a well-established 
method for time-frequency analysis of small oscillations that are highly localized in time, 
whereas the Fourier transform effectively misses all time-localised information (Chui (1992), 
Villarroel and Agren (1997), AutoSignal (1999-2003)). Therefore, CWT is applied to the 
highly transient nonlinear dynamics of the piston impact in this paper. The following CWT 
function is used in the AutoSignal software environment, which has been employed in this 
work (Equation (3.44)), i.e. 
𝑊𝑊𝑝𝑝(𝑠𝑠) = � 𝑥𝑥𝑝𝑝′��𝛿𝛿𝑡𝑡𝑠𝑠′�  Ψ0∗ �(𝑛𝑛′ − 𝑛𝑛)𝛿𝛿𝑡𝑡𝑠𝑠′ �𝑣𝑣−1
𝑝𝑝′=0
 (3.44) 
The Ψ0 function is the mother wavelet used in the CWT. The (∗) sign means the complex 
conjugate of the function. 𝑁𝑁 is the data series length and 𝑛𝑛 is an index of the localised time. 𝑠𝑠′ 
is the wavelet scale and 𝛿𝛿𝑡𝑡 is the sampling interval. 𝑥𝑥𝑝𝑝′ represents the data series on which 
CWT is implemented. The Morlet function is the most commonly used mother wavelet and it 
is applied to the current problem (Equation (3.45)), which is 
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Ψ0(𝜏𝜏) = 𝑘𝑘−14𝑒𝑒𝑑𝑑𝑚𝑚𝑖𝑖𝑒𝑒−𝑖𝑖2/2 (3.45) 
𝑚𝑚 and 𝜏𝜏 are the wavenumber and non-dimensional time parameter, respectively. The CWT 
parameters are set to return the best possible comparison between the experimental 
measurements and the analytical simulations for transient problems. The adjustable parameters 
in the AutoSignal environment are 𝑚𝑚, 𝑛𝑛 and the plot gradient. 𝑚𝑚 and 𝑛𝑛 equal 8 and 35 as 
default. The dB format is used with 21 dB value for the gradient. 
Summary 
The piston’s secondary dynamics have been developed in this chapter. The kinematic and 
dynamic models are fundamental to piston impact identification and prediction. The combined 
piston dynamic model and lubricant’s hydrodynamic reactions can precisely describe the 
piston’s secondary motion. Moreover, the lubricant’s mitigating effect is essential to the 
prediction of transferred impact energy, structural oscillations and impact-noise emission 
levels. The relation of the Reynolds and deflection models with the dynamic model and noise 
prediction routine is thoroughly explored in this chapter. The local impact energy along with 
the squeeze properties of the oil film led to three novel impact identification techniques. These 
techniques are detailed along with the conventional identification approaches. The propagation 
of energy from the lubricated piston-cylinder conjunction to the engine block surface and 
finally the prediction of noise emission levels became possible through the noise prediction 
methodology. Overall the calculation of the piston dynamics, transferred impact energy and 
noise emission levels is a relatively simple theory. For the simulation, instantaneous crank 
speed and cylinder pressure are required as input. Furthermore, synchronised measurements 
are essential to validate the simulations. The engine of choice and experimental setup for this 
purpose were detailed in section 3.6. In addition to the simulation routine and experimental 
procedures, there are a number of post-processing and data manipulation steps necessary for 
the localisation of impact events in the time-frequency domain. The theoretical basis of these 
signal processing techniques was given at the end of this chapter. However, a detailed 
investigation of input data, measured and simulated results are explored in Chapter 4.  
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Chapter 4 
Piston impact identification and noise prediction analysis results 
 
4.1. Introduction 
In the previous chapter, the noise methodology and identification techniques were described. 
The features of the piston’s secondary motion were explained using a tribodynamic model for 
the piston-cylinder conjunction. The effect of lubricant was taken into account in the 
calculation of the local impact energy and the relations for the prediction of the radiated noise 
from the engine block were presented. Six identification techniques were proposed to specify 
the position and location of impacts. A Honda CRF 450 engine was selected as the case study 
to validate these methodologies. The experimental setup and its instrumentation were detailed 
and the necessary signal processing techniques were discussed. 
In the current chapter, simulations are carried out for the specified models of Chapter 3 and the 
results are discussed in detail. The measured data for the engine’s operational conditions are 
initially selected to ensure that the inputs are consistent and flawless. The primary kinematics 
of the piston are analysed using the input data. The results of piston-impact identification are 
tabulated for each of the six techniques (described in Chapter 3). A graphical representation of 
these techniques is also provided for clarity. The accuracy of these techniques is qualitatively 
and quantitatively examined against the measured acceleration from the engine block. In the 
final section, the noise methodology simulations are evaluated. The analytical sound pressure 
levels are compared with the measurements in time domain. Signal processing techniques are 
deployed to match the analytical predictions to the measured events in the time-frequency 
domain.  
 
4.2. Primary piston kinematics 
The piston’s secondary motion is directly influenced by the engine imbalances in its primary 
direction. These imbalances are mainly excited by the cylinder pressure due to its drastic and 
violent variations. This effect is traceable in the measured crankshaft data. The literature is 
replete with analytical studies that assume a linear variation of the crank angle, leading to 
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constant crank angle speed. Figure 4.1 shows the measured crank angle position as a function 
of time for different speeds of the Honda CRF 450. Tests were conducted for three different 
engine speed/load combinations: (i) 3000 rpm at 27 Nm, (ii) 3500 rpm at 40 Nm and (iii) 4250 
rpm at 42 Nm. It is shown that the crank angle varies nonlinearly through the engine cycle. The 
crankshaft decelerates towards the end of the compression stroke (-180 to 0°) as the compressed 
fuel-air mixture resists the motion. The combustion pressure (0 to 180°) accelerates the 
crankshaft. The combined result of these actions and other imbalances produce the nonlinearity 
exhibited in the crank angular displacement. 
 
Figure 4.1. Crank angle variations with time for three engine operation conditions 
The nonlinearities in the crank angle position are distinctly pronounced in the crank speed. The 
crank speed variations are shown in Figures 4.2 to 4.4 for the three different engine speeds. 
The aforementioned deceleration and acceleration behaviours are clearly illustrated in the 
speed graphs around the combustion TDC. The speed is at its lowest value at the TDC of the 
combustion stroke (about 14°), where the maximum cylinder pressure is present. Some 
additional oscillations are present during the transition from the combustion stroke to the 
exhaust stroke (90 to 270°), which can be attributed to the piston’s inertial imbalances as the 
inertial forces reach their maxima and the piston crown load (cylinder pressure) is 
simultaneously settled within a short time. The inertial imbalances are greater in single cylinder 
engines, such as the Honda CRF 450. The maximum crank speed takes place in the same 
transition duration at the BDC. The proportionality of cylinder pressure and engine speed can 
be noticed in Figures 4.2 to 4.4. 
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Figure 4.2. Cylinder pressure and crank speed variations at 3000 rpm and 27 Nm 
 
Figure 4.3. Cylinder pressure and crank speed variations at 3500 rpm and 40 Nm 
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Figure 4.4. Cylinder pressure and crank speed variations at 4250 rpm and 42 Nm 
Figure 4.5 shows the sensitivity of the cylinder pressure to both engine speed and load. As the 
engine speed and load increase, the maximum pressure rises and the pressure spike becomes 
sharper. The engine load increases from 27 Nm at 3000 rpm to 40 Nm at 3500 rpm, leading to 
25 bar rise in the cylinder pressure. The engine speed is varied from 3500 rpm to 4250 rpm 
with the load variations being kept to a minimum of 2 Nm. In the latter case, the pressure rise 
is about 10 bar. More comparisons have been carried out for low, medium and high load 
conditions at different engine speeds; however, the illustrations are omitted for brevity of the 
discussion. The combined study of load and speed proves that the cylinder pressure is more 
sensitive to the engine load factor than the engine speed. 
The cylinder pressure and crankshaft kinematics are exploited to calculate the piston 
kinematics in the primary direction. The relevant equations were derived in Chapter 3. The 
connecting rod angle is calculated with respect to the cylinder’s axis and its variations are 
shown in Figure 4.6. The negative values show the connecting rod swinging to the thrust side 
and the positive values pertain to the anti-thrust side. The crankshaft offset causes non-zero 
angular position at the dead centres and greater displacements at the thrust side. The piston’s 
displacement in the primary direction is a function of the crank angle and the connecting rod 
angle (Equation 3.4). This displacement is shown in Figure 4.7. The total stroke length is 
0.0623 m with zero being at the TDC and 0.0623 m being at the BDC. 
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Figure 4.5. Cylinder pressure variations with crank angle for three engine operation conditions (different speeds 
and loads) 
 
Figure 4.6. Angular displacement of the connecting rod with crank angle variation 
The primary velocities and accelerations of the piston are successively given in Figures 4.8 and 
4.9 for the aforementioned speed and load conditions. The cylinder pressure belongs to the 
4250 rpm condition. The velocity is greater at the combustion and exhaust mid-strokes 
compared to the intake and compression strokes. The irregularities after the TDC ignition point 
in the combustion stroke (0°) are related to the pre- and post-combustion pressure variations. 
The piston accelerations are smaller at the TDCs and they spread over a wider crank angle 
range, in contrary to the accelerations at BDCs. Acceleration variations are noticeable between 
0 and 360 degrees. This information conforms to the previous findings in this section and 
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emphasizes the significance of the engine speed fluctuations on the dynamic behaviour of the 
piston and identification of the piston’s secondary motion. Therefore, the measured cylinder 
pressure and crank data are input to the simulation programme to provide real operational 
conditions. 
 
Figure 4.7. Piston displacement in the primary direction for an engine cycle (Invariable with the operating 
conditions) 
 
Figure 4.8. Piston velocity in the primary direction for an engine cycle and three different operating conditions 
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Figure 4.9. Piston acceleration in the primary direction for an engine cycle and three different operation 
conditions 
4.3. Piston-impact identification analysis  
Tests were run for the three aforementioned engine speed/load combinations: (i) 3000 rpm at 
27 Nm, (ii) 3500 rpm at 40 Nm and (iii) 4250 rpm at 42 Nm. The instantaneously captured 
cylinder pressure, engine speed and crank angle are used for the tribodynamics calculations. 
Numerical simulations are performed for three consecutive engine cycles (at each engine 
speed/load combination). The number of impact events and their positions are determined for 
each case (and cycle). The measured surface acceleration is used for validation purposes. Since 
the accelerometers capture signals emitted from all engine parts, signal filtering and wavelet 
analysis have been employed to study piston events. Prior to signal processing, the expected 
frequency of piston impact events had to be determined. Chen and Randall (2011) selected a 
common frequency range of 400 - 3200 Hz for the detection of mechanical events, including 
piston impacts. In other papers, similar frequency intervals have been used: Ohta et al (1987) 
reported a frequency interval of 1 - 3 kHz and Nakashima et al (1999) implied the range of 
500 - 3000 Hz. In the present study, the interval between 450 - 3500 Hz has been selected for 
signal processing (wavelet analysis). 
4.3.1. Engine speed of 3000 rpm and input torque of 27 Nm 
The piston secondary dynamics are initially examined for 3000 rpm engine speed and 27 Nm 
input torque. The calculated piston lateral force is plotted against the crank angle for three 
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consecutive engine cycles (Figure 4.10). The red line shows the quasi-static lateral force due 
to primary forces contribution. The transient lateral force obtained from piston tribodynamics 
is depicted by the black line. The lateral forces reach their maxima in the combustion stroke, 
where the maximum gas force contribution occurs. The inertial effect of the connecting rod is 
neglected in this study; therefore, slight deviations in the number/position of events can be 
expected when comparing the numerical results with the experiment. Due to crankshaft offset 
towards the TS, the change of direction in the lateral force is expected to be delayed/advanced 
from the TDC/BDC by about 14°, respectively. Negative values indicate force on the TS, while 
positive values mean that the piston is moving in the vicinity of the ATS. Using the lateral 
force values, six events are predicted by both criteria during a complete cycle. These are 
distributed across the four engine strokes, following a pattern of 0, 2, 1 and 3 events (starting 
at the compression stroke and ending with the intake stroke). The locations of these events are 
shown by black arrows in Figure 4.10. Each black arrow pertains to two events (one on the red 
and one on the black line). The positions of these events match in the combustion stroke; 
however, they slightly deviate in other engine strokes where inertia forces are dominant. The 
positions and directions of piston impact events are given in table 4.1, using the above 
mentioned criteria. 
 
 
Figure 4.10. Lateral force prediction (quasi-static lateral force and transient lateral force criteria) at 3000 rpm 
and 27 Nm 
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Table 4.1. Prediction of position (crank angle, °) and location of piston impact events for quasi-static lateral 
force and transient lateral force criteria at 3000 rpm and 27 Nm 
 Cycles 
 1st 2nd 3rd 
Criterion Quasi-static Transient Quasi-static Transient Quasi-static Transient 
Crank angle ° 
and 
impact 
location 
13 (TS) 14 (TS) 733 (TS) 734 (TS) 1453 (TS) 1454 (TS) 
166 (ATS) 166 (ATS) 886 (ATS) 886 (ATS) 1606 (ATS) 1606 (ATS) 
304 (TS) 291 (TS) 1027 (TS) 1012 (TS) 1748 (TS) 1741 (TS) 
373 (ATS) 374 (ATS) 1093 (ATS) 1093 (ATS) 1813 (ATS) 1814 (ATS) 
422 (TS) 443 (TS) 1136 (TS) 1167 (TS) 1854 (TS) 1878 (TS) 
526 (ATS) 526 (ATS) 1246 (ATS) 1246 (ATS) 1966 (ATS) 1966 (ATS) 
 
 
Figure 4.11. The EHL minimum film thickness behaviour at 3000 rpm and 27 Nm 
The EHL minimum film thickness occurrence concept is examined in Figure 4.11. The film 
thickness has been evaluated over the piston skirt surface and the minimum value is depicted 
(occurring at different surface locations, depending on piston deformations and tilting motion). 
It is assumed that the piston-liner clearance is flooded with lubricant. The black curve shows 
the TS minimum film thickness, while the red line corresponds to the ATS minimum film 
thickness. The TS film variations are smaller compared to that at the ATS. Due to crankshaft 
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offset towards the TS and the piston motion, thinner films are expected at this side. Five events 
are identified at each side (ten in total). The events’ distribution pattern in the four engine 
strokes is 2, 2, 2 and 4. Red and black arrows indicate EHL minimum film thickness at the 
ATS and TS, respectively. The exact angular positions of these arrows are given in table 4.2 
for each engine cycle. 
Table 4.2. Prediction of position (crank angle, °) and location of piston impact events for the EHL minimum 
film thickness criterion at 3000 rpm and 27 Nm 
 Cycles 
 1st 2nd 3rd 
Crank angle ° 
and 
Impact 
Location 
-118 (ATS) 605 (ATS) 1322 (ATS) 
-65 (TS) 655 (TS) 1373 (TS) 
16 (ATS) 736 (ATS) 1456 (ATS) 
62 (TS) 782 (TS) 1502 (TS) 
249 (ATS) 971 (ATS) 1687 (ATS) 
292 (TS) 1015 (TS) 1721 (TS) 
363 (ATS) 1084 (ATS) 1805 (ATS) 
375 (TS) 1092 (TS) 1809 (TS) 
480 (ATS) 1203 (ATS) 1910 (ATS) 
520 (TS) 1241 (TS) 1963 (TS) 
 
The transferred energy to the cylinder wall is shown in Figure 4.12. The black and red lines 
follow the energy behaviour at TS and ATS, respectively. As already mentioned, the maximum 
energy locations are assumed as piston impact events. Three large contributions can be 
observed in each engine cycle. The maximum energy transfer occurs through the TS, in the 
combustion stroke. The fluctuations in the amplitude of maximum energy are due to the 
fluctuations in the measured in-cylinder pressure values. Ten smaller contributions exist which 
require closer investigation. These events are shown for the third cycle in the inset of Figure 
4.12. The maximum energy contributions are distributed in the engine strokes with the pattern 
of 3, 4, 4 and 2 events (beginning with the compression stroke). In the compression stroke, 2 
events are expected at ATS and 1 event at TS. The number of events changes to 3 for the TS 
and 1 for the ATS in the combustion stroke. In the exhaust and intake strokes, 2 and 1 events 
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occur at the TS, respectively. The similar pattern of TS repeats for the ATS in these strokes. In 
total, 13 events occur in each cycle, whose details are given in table 4.3. 
 
 
Figure 4.12. The transferred energy to the cylinder wall at 3000 rpm and 27 Nm: (a) 3 engine cycles and (b) the 
scaled representation for the third cycle 
The lubricant squeeze velocities are studied for the TS and ATS in Figure 4.13. The locations 
at which the squeeze velocity changes from positive to negative values are sought. Following 
this trend, 10 events are reported in each engine cycle. The events are distributed over the four 
engine strokes with the pattern of 2, 2, 3 and 3 events. In the first and second strokes 
(compression and combustion), the events are divided between TS and ATS equally. In the 
exhaust stroke, two events are allocated to the TS, one of which also occurs at the ATS. 
Therefore, three events are counted in this interval. Finally, one event is present at the TS and 
two events occur at the ATS in the intake stroke. Further details about the crank angles and 
locations are given in table 4.4. 
 
 74 
Table 4.3. Prediction of position (crank angle, °) and location of piston impact events for the maximum 
transferred energy criterion at 3000 rpm and 27 Nm 
 Cycles 
 1st 2nd 3rd 
Crank angle ° 
and 
Impact location 
-154 (ATS) 563 (ATS) 1282 (ATS) 
-112 (TS) 604 (TS) 1324 (TS) 
-30 (ATS) 694 (ATS) 1418 (ATS) 
23 (TS) 745 (TS) 1465 (TS) 
78 (ATS) 805 (ATS) 1522 (ATS) 
94 (TS) 815 (TS) 1536 (TS) 
154 (TS) 876 (TS) 1596 (TS) 
192 (ATS) 915 (ATS) 1635 (ATS) 
260 (TS) 978 (TS) 1700 (TS) 
306 (TS) 1023 (TS) 1750 (TS) 
320 (ATS) 1040 (ATS) 1759 (ATS) 
442 (ATS) 1167 (ATS) 1877 (ATS) 
504 (TS) 1221 (TS) 1935 (TS) 
 
 
Figure 4.13. The film thickness squeeze velocity at 3000 rpm and 27 Nm 
The last criterion combines the EHL minimum film thickness occurrence and the lubricant 
squeeze velocity. The piston impact angular durations are presented in table 4.5. According to 
the aforementioned procedure, the initiation of the piston impact event is estimated by the 
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squeeze velocity. The conclusion of the piston impact event is determined by the EHL 
minimum film thickness occurrence. The events are paired based on their timing and impact 
location. The last interval in the third cycle lacks an ending position (to find the end of it, a 
tribodynamic analysis is required for the fourth cycle). 
Table 4.4. Prediction of position (crank angle, °) and location of piston impact events for the lubricant squeeze 
velocity criterion at 3000 rpm and 27 Nm 
 Cycles 
 1st 2nd 3rd 
Crank angle ° 
and 
Impact location 
-143 (TS) 574 (TS) 1290 (TS) 
-73 (ATS) 647 (ATS) 1369 (ATS) 
0.6 (TS) 727 (TS) 1442 (TS) 
52 (ATS) 773 (ATS) 1491 (ATS) 
214 (TS) 936 (TS) 1656 (TS) 
316 (TS - ATS) 1036 (TS – ATS) 1770 (TS – ATS) 
406 (ATS) 1127 (ATS) 1833 (ATS) 
485 (TS) 1195 (TS) 1911 (TS) 
497 (ATS) 1216 (ATS) 1940 (ATS) 
 
Table 4.5. Prediction of intervals (crank angle, °) and location of piston impact events for the piston-impact 
angular duration criterion at 3000 rpm and 27 Nm 
 Cycles 
 1st 2nd 3rd 
 Interval Location Interval Location Interval Location 
Crank angle ° 
and Impact 
location 
(-143, -65) TS (574, 655) TS (1290, 1373) TS 
(-73, 16) ATS (547, 736) ATS (1369, 1456) ATS 
(0.6, 62) TS (727, 782) TS (1442, 1502) TS 
(52, 249) ATS (773, 971) ATS (1491, 1687) ATS 
(214, 292) TS (936, 1015) TS (1656, 1721) TS 
(316, 363) ATS (1036, 1084) ATS (1770, 1805) ATS 
(316, 375) TS (1036, 1092) TS (1770, 1809) TS 
(406, 480) ATS (1127, 1203) ATS (1833, 1910) ATS 
(485, 520) TS (1195, 1241) TS (1911, 1963) TS 
(497, 605) ATS (1216, 1322) ATS (1940, --) ATS 
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Validation of the above six theoretical patterns is achieved by identifying the number of 
theoretical events that match the experimental ones in both crank angle and direction of 
occurrence (TS or ATS). The measured acceleration on the engine block surface is filtered 
between 450 - 3500 Hz. In order to identify the major events, 2D Continuous Wavelet Spectra 
(CWS) are used (Figure 4.14) for both TS and ATS accelerations (the events are shown with 
numbered white circles). Those with higher energy levels are clearly shown over a wider 
frequency range. The occurrence of these events is noted and then converted into crank angle 
for comparison purposes with the theoretical predictions. For this particular engine 
speed/torque combination, three main events are recorded at the TS (the third one is spread 
over a wider time interval and it is noticeably stronger). An explanation about this is discussed 
later. At the ATS, four events are captured for the first two cycles. In the third cycle, the fourth 
event diminishes slightly and merges with the third one at 2 - 2.5 kHz.  
 
 
Figure 4.14. CWS of the acceleration signals at the TS and ATS (3000 rpm engine speed and 27 Nm input 
torque) 
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The noted events in the wavelet spectra (converted into crank angle) are presented in table 4.6. 
The event with the highest energy level is expected to occur in the combustion stroke, where 
gas and inertia forces are at their highest. In the wavelet spectra, it is clear that the event with 
the highest energy level (number 3 at the TS and ATS in Figure 4.14) occurs in the intake 
stroke with long duration and wide frequency range. It appears that another mechanical source 
contributes to this event. The crank angle and periodicity of the event point to a potential 
contribution from the exhaust valve closure impact. Based on the engine specifications, the 
valve opening and closure impacts can coincide with piston impact events at certain crank 
angles (these are provided in bold in the second column of table 4.6). 
The experimental events are compared against the theoretical predictions from the six concepts 
(columns A-F in table 4.6): quasi-static lateral force (A), the transient lateral force (B), EHL 
minimum film thickness (C), the maximum transferred energy (D), the lubricant squeeze 
velocity (E) and the piston-impact angular duration (F) criteria. The grey cells denote a 
deviation of about 30° in the predicted positions. These deviations can be due to neglecting the 
connecting rod effect, as well as other piston assembly components. Overall, in the first cycle, 
5 events are predicted at the correct angular position by all concepts, except in column D where 
the maximum transferred energy concept estimates 6 events. 5 events out of these predictions 
are estimated in the correct location. This number reduces to 4 for the EHL minimum film 
thickness concept. The number of the predicted events respectively equals 3, 3, 4, 7, 5 and 7 in 
the second cycle. In the same sequence, 3, 3, 3, 4, 4 and 6 out of these predicted events agree 
with the experimental measurements with respect to TS / ATS location. All concepts except E 
succeed in predicting the correct location in the third cycle. The lubricant squeeze velocity 
extracts 2 correct locations out of 4 predictions. The quasi-static lateral force, transient lateral 
force and piston-impact angular duration concepts bring the most successful results (in terms 
of predicting both correct angular position in the engine cycle and location of impact). 
Excellent repeatability has been observed when comparing the theoretical predictions to 
numerous engine cycle intervals in the experimentally obtained signals. 
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Table 4.6. Experimental crank angle and location for piston impact events at 3000 rpm and 27 Nm versus: (A) 
quasi-static lateral force; (B) transient lateral force; (C) EHL minimum film thickness occurrence; (D) 
maximum transferred energy; (E) lubricant squeeze velocity; (F) piston-impact angular duration. [    ]: both 
angular position and location match; [    ]: deviation about 30° in the angular position; [ D ]: location mismatch; 
[    ]: position and location mismatch. (The events in bold indicate the possibility of coincidence with valve 
closure) 
Cycle Experimental events A B C D E F 
1 96 (TS)       
 196 (TS) – 191 (ATS)       
 300 (TS) – 295 (ATS)       
 339 (ATS)       
 440 (TS) – 445 (ATS)       
 499 (ATS)   D D   
 
2 577 (ATS)     D  
 613 (ATS)    D   
 815 (TS)      D 
 864 (ATS)    D   
 920 (TS) – 914 (ATS)       
 1150 (TS) – 1154 (ATS)       
 1228 (ATS)   D D   
 
3 1495 (TS)     D  
 1598 (TS) – 1592(ATS)       
 1641 (ATS)     D  
 1788 (TS)       
 1875 (TS) – 1875 (ATS)       
 
Total Correct in angular position 12 12 13 18 14 17 
 
Correct in angular position and 
location 
12 12 10 14 11 16 
 
Percentage of successfully predicted 
events (direction and occurrence) 
100 100 77 78 79 94.1 
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4.3.2. Engine speed of 3500 rpm and input torque of 40 Nm 
Similar analytical and experimental procedures have been applied for 3500 rpm engine speed 
and 40 Nm input torque. To avoid repetition, the commentary is brief but significant differences 
compared to the previous case are highlighted. The main changes are observed in the criteria 
that are based on piston transient tribodynamics. As the engine speed increases, the piston 
inertia contributes more and the film thickness squeezes further. An incipient minimum film 
thickness is observed about 30 - 40° before the BDC in the combustion stroke. This event is 
shown in the 𝐻𝐻𝑚𝑚𝑑𝑑𝑝𝑝 graph of Figure 4.15. A similar event appearance is investigated in the 
lubricant squeeze velocity. At about the same position, the oil film squeezes for a very short 
time and then continues to recede. The combination of these two events results in the 
introduction of a small piston-impact angular duration. These events are depicted by black 
arrows and dotted lines in Figure 4.15. 
 
Figure 4.15. The incipient theoretical event due to the increase in engine speed and load 
CWS are investigated for the measured surface accelerations in Figure 4.16. In the TS spectrum, 
four events are present in each engine cycle. The two larger events are easily distinguishable. 
In the proximity of the first one, two smaller events are observed. The first three events 
diminish in the beginning of the third cycle but their trace can still be seen. The number of 
consistently repeatable events reduces to two at the ATS. In the last cycle, the first event does 
not have as high energy as the others. In both directions, the significant event in the intake 
stroke is stronger than the other events. As already mentioned, this behaviour can be again 
correlated to exhaust valve closure impact. The crank angles where valve impact events 
coincide with piston impact events are shown in bold in the second column of table 4.7.  
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Figure 4.16. CWS of the acceleration signals at the TS and ATS (3500 rpm engine speed and 40 Nm input 
torque) 
The time occurrence of experimental events is again converted into crank angle. The measured 
crank angle values are given in table 4.7 along with the comparison with the theoretical 
predictions. The first event happens at -77°. This contribution is captured by the EHL minimum 
film thickness occurrence and squeeze velocity concepts. In the first cycle, the rest of the events 
are correctly estimated by the six criteria with respect to TS / ATS location. At 133° crank 
angle, the cells with asterisks correspond to the incipient events described earlier. For three 
consecutive cycles, the quasi-static lateral force and transient lateral force concepts identify 3, 
4 and 3 matches based on position. 3, 3 and 2 out of these events are in accordance with the 
experiment in terms of direction. The EHL minimum film thickness criterion identifies 4, 5 
and 3 events in each cycle. All these succeed direction-wise. The maximum energy concept 
identifies 3 angular positions with the correct location in each cycle. The lubricant squeeze 
velocity fails to identify the right location at the beginning of the first and second cycles; 
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besides that, it is capable of recording all the events. The only discrepancy in the piston-impact 
angular duration criterion is observed in the first event of the second cycle. In total, techniques 
based on transient film thickness describe better the piston-cylinder interactions. The most 
successful criterion is the EHL minimum film thickness occurrence.   
Table 4.7. Experimental crank angle and location for piston impact events at 3500 rpm and 40 Nm versus: (A) 
quasi-static lateral force; (B) transient lateral force; (C) EHL minimum film thickness occurrence; (D) 
maximum transferred energy; (E) lubricant squeeze velocity; (F) piston-impact angular duration. [    ]: both 
angular position and location match; [    ]: deviation about 30° in the angular position; [ D ]: location mismatch; 
[    ]: position and location mismatch. (The events in bold indicate the possibility of coincidence with valve 
closure) 
Cycle Experimental events A B C D E F 
1 -77 (TS)     D  
 33 (TS) – 36 (ATS)       
 133 (TS)   *  * * 
 439-470 (TS – ATS)       
 
2 675 (TS)    D D D 
 763 (TS) – 770 (ATS)       
 867 (TS) D D *  * * 
 1043 (ATS)       
 1135-1170 (TS – ATS)       
 
3 1470 (TS) – 1468(ATS)       
 1597(TS) D D *  * * 
 1860-1897 (TS – ATS)       
 
Total Correct in angular position 10 10 12 10 12 12 
 
Also correct in angular position and 
location 
8 8 12 9 10 11 
 
Percentage of successfully predicted 
events (direction and occurrence) 
80 80 100 90 83 92 
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4.3.3. Engine speed of 4250 rpm and input torque of 42 Nm 
Analysis of the piston secondary motion is presented for the quasi-static lateral force and 
transient lateral force in Figure 4.17. A comparison between Figures 4.17 and 4.10 reveals that 
the quasi-static lateral force noticeably deviates from the transient lateral force graph. The 
former concept fails to follow piston impact events in most parts of the engine cycle. Using 
piston tribodynamics, two events are added to the lateral force direction predictions. These two 
can be pinpointed in the compression stroke and at about 70 - 90° before the TDC. At these 
angular positions, the lateral force changes direction for a short period of time. The incipient 
minimum film thickness described in the previous engine condition is also present in the 
current engine speed.  
 
 
Figure 4.17. Lateral forces for quasi-static and transient criteria at 4250 rpm and 42 Nm 
The CWS are given in Figure 4.18 for the measured surface accelerations. As can be seen, 
some events are merged. The first cycle is between 0 and 0.03 s. Two large events are shown 
around 0.01 s and 0.025 s. A smaller contribution is clearly observed at about 0.005 s. The 
second cycle starts at about 0.03 s and ends around 0.055 s. The beginning of the cycle is 
unclear because events are slightly merged. Four events are available in the 0.03 - 0.045 s time 
interval. The last major event appears at about 0.05 s. A similar merging of events exists 
between 0.055 - 0.065 s in the third cycle. Unlike the TS spectrum, events are clearly 
highlighted at the ATS with 4 events occurring in the first cycle. The number of events reduces 
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to 2 and 3 in the next two cycles. The event that happens after 0.06 s is not as strong as the 
other contributions; however, it is distributed over a wide frequency range. 
 
 
 
Figure 4.18. CWS of the acceleration signals at the TS and ATS (4250 rpm engine speed and 42 Nm input 
torque) 
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Table 4.8. Experimental crank angle and direction for piston impact events at 4250 rpm and 42 Nm versus: (A) 
quasi-static lateral force; (B) transient lateral force; (C) EHL minimum film thickness occurrence; (D) 
maximum transferred energy; (E) lubricant squeeze velocity; (F) piston-impact angular duration. [    ]: both 
angular position and location match; [    ]: deviation about 30° in the angular position; [ D ]: location mismatch; 
[    ]: position and location mismatch. (The events in bold indicate the possibility of coincidence with valve 
closure) 
Cycle Experimental events A B C D E F 
1 -65 (TS – ATS)       
 32(TS – ATS)       
 164 (ATS)   D  D  
 423-476(TS – ATS)       
 
2 635 (TS)       
 665 (TS) D D  D D D 
 766(TS – ATS)       
 910 (TS)  D * D * * 
 1170(TS – ATS)       
 
3 1364 (TS)       
 1397 (TS) D D  D D D 
 1466(TS) – 1462(ATS)       
 1594 (TS) D  *  * * 
 1647 (ATS)     D  
 1874-1904(TS – ATS)       
        
Total Correct in angular position 8 13 13 14 13 15 
 
Also correct in angular position and 
location 
5 10 12 11 9 13 
 
Percentage of successfully predicted 
events (direction and occurrence) 
63 77 92 79 69 87 
 
The crank angle position of piston events identified through the CWS is shown in table 4.8. 
The events highlighted in bold may correspond to the valve opening and closure, as well as to 
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piston events. The measured and predicted events are compared using the six criteria in the 
same table. The cells with asterisks again correspond to the incipient minimum film thickness 
occurrence mentioned before. In the first cycle, the number of predicted events by the six 
concepts is 2, 4, 4, 3, 4 and 4, respectively. These events are all correct in direction, except 
those for the EHL minimum film thickness occurrence and squeeze velocity concepts. 3 out of 
4 predictions are in accordance with the experiment in the latter criteria. In the second engine 
cycle, the only concept that thoroughly estimates the piston events is the EHL minimum film 
thickness. Other concepts fail to follow 1 or 2 events out of the predicted ones in terms of 
direction. The total number of correct events is 2, 3, 3, 3, 3 and 4 out of 3, 5, 3, 5, 4 and 5 
estimations. The pattern of correct events changes to 1, 3, 5, 5, 3 and 5 in the third cycle. Only 
the locations in the EHL minimum film thickness occurrence completely match the 
experimental ones. In total, the methods based on film variations are more accurate as the 
engine speed increases. Amongst these techniques, the EHL minimum film thickness 
occurrence and the lubricant squeeze velocity are the most successful. 
Different numbers of events prevail in measurements for different engine conditions and cycles. 
The identification methods can only trace some of these events. The performance of these 
theoretical methods also varies with engine conditions and cycles. For example, quasi-static 
and transient lateral forces follow the measurements better at lower engine speeds. However, 
the overall performance of an identification method in different conditions defines its reliability. 
Therefore, the combined result for each method is given in Figure 4.19 and a comparison is 
established herein. The 45 measured events are used for the assessment of theoretical 
identification methods. The total number of events predicted by each method is depicted in 
blue, regardless of accuracy in predictions. The greatest number of events is successively traced 
by angular duration, the maximum energy, film squeeze velocity, the minimum film thickness, 
transient lateral force and quasi-static lateral force methods. The results are further narrowed 
down considering the location of events (i.e. TS and ATS) (red columns in Figure 4.19). The 
angular duration concept predicts 40 events in the correct location. The maximum energy and 
the minimum film thickness methods equally share the second place in the bar chart. The next 
two methods with similar performance are the film squeeze velocity and transient lateral force 
techniques. As discussed earlier, some predictions deviate about 30° from the measurements; 
therefore, the number of events are corrected using both location and angular position (green 
bars). The best approach is the angular duration in this case. The purple bars show the events’ 
mismatch in terms of location. The minimum film thickness approach accounts for the least 
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number of wrongly predicted events. The angular duration and maximum energy methods 
consistently and accurately identify the maximum number of events. These approaches are 
suggested as the best identification techniques in the current analysis. The maximum energy 
method might be more interesting as it suggests the exact position of piston impact events, 
while the angular duration suggests the angular interval for each single event. 
 
 
Figure 4.19. Comparison of different identification methods for piston-impact events. 
 
4.4. Piston-impact noise prediction 
In the previous section, piston identification was carried out for all the proposed engine 
conditions. For the noise prediction analysis only the conditions with greatest speed and load 
characteristics are selected: (i) 3500 rpm at 40 Nm and (ii) 4250 rpm at 42 Nm. Those test 
conditions are used to show the generic nature of the numerical predictive model through 
validation against the measured data. Transient numerical solutions of the piston’s secondary 
motion were carried out for both the aforementioned test conditions. A kinematic quasi-static 
solution (excluding the effects of piston pin rotation and lubricant film squeeze effect) was 
carried out for the case of 3500 rpm engine speed only in order to study the validity of the 
approach against the full transient analysis.  
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4.4.1. 3500 rpm engine speed and 40 Nm torque (nominal case) 
Since the lateral force is an indication of potential ensuing piston impacts, an investigation of 
the resultant side force obtained from the quasi-static or transient inertial dynamics approaches 
is deemed as essential. An explicit description of these approaches is given in section 3.4. Here, 
both approaches are reviewed to clarify their role in the noise prediction methodology for the 
nominal case study. Figure 4.20 shows a comparison of two net side force plots (one through 
quasi-static and the other through transient dynamics analysis). These are for an engine cycle 
at the engine speed of 3500 rpm with a maximum torque output of 40 Nm. The negative force 
values indicate net force direction towards the thrust side (TS) whilst the positive values 
correspond to the net force direction towards the anti-thrust side (ATS). The gas force is 
dominant from the end of the compression stroke up to 180° crank angle position in the power 
stroke. In this interval, the lateral (side) force for both the kinematic and the inertial dynamics 
analyses remain in agreement. In the other parts of the engine cycle, the inertial forces are 
dominant, thus there is some deviation between the results of the transient inertial dynamics 
and that of quasi-statics. This deviation can be as the result of piston tilt about the pin-bore 
bearing. In both analyses, six instances of incursion from the piston axis occur, which are 
indicated by the lateral force plots crossing the zero net force. Hence, six piston impacts can 
potentially occur (Geng and Chen, 2005; Haddad and Tjan, 1995).  
 
 
Figure 4.20. Kinematic and inertial dynamic lateral force profiles vs. crank angle (nominal case) 
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Figure 4.21. Eccentricity at the top and bottom of the piston skirt vs. crank angle (nominal case) 
 
Monitoring piston eccentricities (at its top and bottom skirt surfaces) is useful when 
investigating its tilting motion. Eccentricity plots obtained from the transient model are 
presented in Figure 4.21 for the top and bottom of the skirt (i.e. 𝑒𝑒𝑡𝑡 and 𝑒𝑒𝑏𝑏, respectively) for 
three consecutive engine cycles. The top (𝑒𝑒𝑡𝑡) and bottom (𝑒𝑒𝑏𝑏) eccentricities are the deviation 
of the piston top and bottom from its centre-line axis, respectively. The results for the first 20° 
crank angle are ignored, since the squeeze film action is initially neglected for the sake of 
numerical stability. The largest eccentricity values are noted at the bottom of the piston skirt 
during the power stroke and around the bottom-dead-centre (BDC) during the exhaust stroke. 
Larger eccentricities can lead to higher piston lateral velocities and potentially a greater impact 
severity. The repetitive nature of piston secondary dynamics is clear for the three cycles shown 
in the Figure.  
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Figure 4.22. Eccentricity velocity at: (a) the top and (b) bottom of the piston skirt (nominal case) 
The approaching velocities at the top, ?̇?𝑒𝑡𝑡, and bottom, ?̇?𝑒𝑏𝑏, of the skirt are presented in Figure 
4.22. As expected, the velocity amplitudes are higher at the bottom of the skirt, where the 
observed displacements are larger. When the approach velocity diminishes, either an impact 
has occurred or there may simply be no net side force (no secondary piston dynamics: 
momentary equilibrium condition). Therefore, identifying piston impacts through the use of 
rates of change of the top and bottom skirt eccentricities (lateral velocities) carries a certain 
degree of uncertainty. Thus, the velocities ?̇?𝑒𝑡𝑡  and ?̇?𝑒𝑏𝑏  are compared with the raw measured 
surface acceleration data at the thrust side (Figure 4.23). The acquired acceleration signals are 
qualitatively repeatable. However, their amplitudes can be inconsistent for similar observed 
events. This characteristic is mostly noted during the power stroke, where the combustion 
pressure reaches its maximum value. Close observation of the gas pressure has revealed that 
the engine knock due to uneven gas detonation is a possible source for this lack of consistency, 
particularly for the inherently unbalanced single cylinder configuration (Rahnejat (1998)).  
The second engine cycle has been chosen to examine the behaviour of the approach velocities 
(between 540° and 1260° crank angles). A minimum number of two momentary stationary 
points (zero velocity positions) are present between the crank angles 540° and 720°, whilst a 
significant spike occurs in the corresponding measured acceleration signal (acceleration 
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reaches its maximum value with zero velocity). For ?̇?𝑒𝑡𝑡 = 0, the marked 3 and 1 zero-value 
locations are present during the exhaust and intake strokes, respectively. The location of such 
events changes to those marked as 2 and 2 for ?̇?𝑒𝑏𝑏 = 0  (Figure 4.22). This difference is 
attributed to the sense of tilt of the piston. In the exhaust stroke the impact signature is masked 
by the neighbouring accelerations and it cannot be easily discerned (Figure 4.23). Therefore, 
the uncertainties encountered with ?̇?𝑒𝑡𝑡  and ?̇?𝑒𝑏𝑏  make it difficult to predict the piston impact 
events. Further refinements would be required both for the numerical method, as well as the 
experimental measurements, which are described in the following sections.  
 
Figure 4.23. Measured vibration acceleration at the engine block surface and correlation with the in-cylinder 
pressure (nominal case) 
The most significant output of the proposed method is the radiated power from the vibrating 
engine block surface. This is presented in Figure 4.24 for three consecutive engine cycles. The 
darker trace corresponds to the thrust side (TS) and the grey trace relates to the anti-thrust side 
(ATS). The results for the first 20° crank angle are again discounted. There are some gaps in 
the traces of Figure 4.24, where no power levels have been plotted. At these instances, the 
theoretical calculations encounter numerical instabilities and therefore the data is omitted. 
These instabilities are as the result of instantaneously non-varying lubricant film thickness, 
where no impact power is transferred onto the block. The maximum power is radiated during 
the combustion stroke, exhibiting a repeatable pattern in all the engine cycles. The Figure 4.24 
indirectly represents the direction of piston impact to the cylinder liner, when taking into 
account the level of sound power emanating from the TS and the ATS. The TS and ATS sound 
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power levels are calculated separately and can be treated as two distinct noise sources. In 
practice, the experimentally obtained sound power levels are the combination of both sources, 
occurring simultaneously. The combined sound power level alters with direction as the distance 
from each source varies with respect to the position of the receiver. Therefore, there are 
differences between the combined and single source sound power levels at the TS, since the 
former includes the effects of both the TS and the ATS sources, when determined at the TS 
location. It is well-established in the literature that the most severe impacts prevail at the TS 
during combustion. However, during other parts of the engine cycle, the ATS power levels can 
equal or surpass the TS levels. The severity of power/sound levels depends on the location and 
energy of the piston inside the clearance. For instance, the piston impinges to the TS wall at 
the beginning of the combustion stroke, where the severe side force is acting for a short amount 
of time. The ATS wall transfers higher power as the piston separates from the TS wall towards 
the end of the combustion stroke. 
 
 
Figure 4.24. Calculated sound power levels at the TS and ATS of the engine block (nominal case) 
 
 92 
 
Figure 4.25. Comparison of TS SPL measured and numerical data (nominal case). 
Sound pressure level (SPL) data are calculated at a distance of 1 m from the TS (Figure 4.25) 
and compared with the experimentally obtained noise levels. Although the combined TS and 
ATS SPL data can exhibit different characteristics (since their power levels and directions 
differ), for the sake of brevity only the combined predicted TS results are presented. Therefore, 
hereinafter all the combined SPL for transient and quasi-static solutions refer to the TS location. 
The three plots in Figure 4.25 generally conform well. To provide a clearer view, the results 
are magnified for the second engine cycle in the inset to the Figure. The theoretical results 
relate to the piston-cylinder liner interactions only. However, measurements include 
contributions from all noise sources in and out of the engine block. Consequently, the measured 
noise levels exceed those predicted during the intake and compression strokes, where the 
contributions of other sources become comparable to the piston impact as the gas pressure is 
reduced. Furthermore, in the transient dynamics solution the inertial effect of components other 
than the piston are neglected and the extent of deviation in the estimation of noise levels is 
anticipated (over-estimation or under-estimation). Therefore, the experimental and simulated 
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noise signals have been filtered using the aforementioned frequency interval (450 - 3500 Hz). 
The resulting time histories are shown in Figure 4.26. The three signals compare well with the 
anticipated average noise level of 106.04 dB for the measurements, and 104.05 dB and 105.26 
dB for the transient dynamics and quasi-static predictions respectively. Although both 
analytical models agree well with the measurements, a further analysis would be required to 
assess which is the most accurate model in terms of highlighting the piston impacting events. 
 
 
Figure 4.26. Filtered SPL histories as a function of crank angle (3500 rpm and 40 Nm) 
In order to identify the highest energy contributions in the acquired signals, two-dimensional 
Continuous Wavelet Spectra (CWS) are presented (using the AutoSIGNAL software). The 
spectra corresponding to the measured noise at the TS and ATS (at 1 m distance) are shown in 
Figure 4.27. The main contributions occur at 0.0082 s (A1), 0.04 s (D1), and 0.0713 s (F1) in 
the TS spectrum with additional weaker events at about 0.012 s (B1), 0.0305 s (C1), 0.0467 s 
(E1) and 0.0784 s (G1). The same main contributions are also present in the ATS spectrum 
around 0.00925 s (B2), 0.041 s (H2), and 0.073 s (M2). Additional contributions are identified 
in the ATS spectrum, which are located at 0.006 s (A2), 0.018 s (C2), 0.0205 s (D2), 0.022 s 
(E2), 0.0248 s (E2*) and 0.0303 s (F2) for the first engine cycle, at 0.037 s (G2), 0.049 s (I2), 
0.050 s (J2) and 0.0625 s (K2) for the second engine cycle and eventually at 0.068 s (L2), 
0.0828 s (N2) and 0.0861 s (O2) for the third engine cycle. These contributions follow the same 
pattern in all the displayed cycles. The highest energy contributions are located in the frequency 
band 500 - 1500 Hz. As described earlier, the experimental measurements are the result of 
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combined sources. Therefore, TS events can be present in the ATS location measurements with 
similar severity. The events D1 and H2 represent this behaviour in Figure 4.27. 
 
 
Figure 4.27. Continuous Wavelet Spectra (CWS) of noise measurements for three consecutive engine cycles 
(nominal case): (a) TS and (b) ATS 
The CWS of the transient numerical results are presented in Figure 4.28 for the combined SPL. 
Two predicted events are present in each cycle which can be correlated to those measured (in 
temporal, as well as in spectral sense). These occur at 0.0107 s (A3) and 0.0203 s (B3) for the 
first cycle, at 0.0419 s (C3) and 0.0524 s (D3) for the second cycle and finally at 0.0688 s (E3), 
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0.0729 s (F3) and 0.08146 s (G3) in the third cycle. A3, B3, C3, D3, F3 and G3 correspond to 
B2, E2, H2, J2, M2 and O2 (measured data), respectively. The contribution labelled F3 is rather 
weak and can be attributed to the fluctuations in the in-cylinder pressure between different 
cycles (cycle-to-cycle combustion variation). Figure 4.29 corresponds to the quasi-static CWS. 
As it can be seen, good agreement is observed after 0.039 s between the quasi-static and 
measured spectra (the latter events occur around 0.043 s (D4), 0.049 s (E4), 0.055 s (F4), 0.072 
s (G4) and 0.0828 s (H4)). Prior to this time interval, there are mismatched events (either 
temporally or based on spectral contributions). For instance the events marked as A4, B4 and 
C4 are approximately equivalent to B2, E2 and F2 temporally. However, their spectral 
compositions do not coincide. Overall, the transient approach is more consistent in predicting 
repeatable events and their degree of severity. Therefore, hereinafter the accuracy of the 
transient dynamics’ predictions is only assessed for the remaining test case at the engine speed 
of 4250 rpm. 
 
Figure 4.28. Transient numerical CWS for three consecutive engine cycles (nominal case) 
Small deviations in noise levels may be expected in the transient results due to not considering 
some inertial parameters, such as the connecting rod inertia, bearings and the crankshaft. These 
deviations can influence the severity of the predicted responses. As a consequence, some 
difference in the number of events can be observed between the measurements and the transient 
dynamics’ predictions. Furthermore, the selected frequency interval might include noises from 
other mechanical sources, which produce events in the same frequency range. Valve opening 
and closure impacts can possibly coincide with piston impacts. The inlet valve closure (IVC) 
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occurs at about 50° crank angle position or immediately after the bottom dead centre (ABDC) 
in the compression stroke. The exhaust valve opens (EVO) at 55° crank angle or immediately 
thereafter before the bottom dead centre (BBDC) in the combustion stroke. At the crank angle 
of 15° or slightly thereafter the inlet valve opens (IVO) in the exhaust stroke. Exhaust valve 
closure (EVC) commences at approximately the crank angle of 25° after the top dead centre 
(ATDC). These locations can be correlated to B1, E1 and G1 for EVO, E2, J2 and O2 for IVO, 
E2* and J2* for EVC and A2, G2 and L2 for IVC. 
 
Figure 4.29. Quasi-static numerical CWS for three consecutive engine cycles (nominal case) 
4.4.2. 4250 rpm engine speed and 42 Nm input torque 
Figure 4.30 depicts the noise levels from the experimental measurements and the corresponding 
numerical predictions using the transient dynamics analysis at the engine speed of 4250 rpm. 
The predictions conform well to the experimental measurements for the power and exhaust 
strokes. In the other engine strokes, the measurements exhibit slightly higher SPL values. 
Filtering is applied to both the experimental signal and numerical response, the outcome of 
which is shown in Figure 4.31. The average noise level for the measured data is 109.45 dB, 
whereas that for the predictions is 106.59 dB. As expected, the increase in engine speed leads 
to increased noise level, with the mean noise levels having increased by approximately 3 dB 
compared with the 3500 rpm engine speed case.  
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Figure 4.30. Transient SPL for three consecutive engine cycles (4250 rpm and 42 Nm). 
 
Figure 4.31. Filtered SPL histories as a function of crank angle for three consecutive engine cycles (4250 rpm 
and 42 Nm) 
Graphical interpretations of the piston impact events and their dominant frequencies are shown 
in the CWS of the TS and ATS measurements (Figure 4.32). At the TS, six significant events 
are evident in the first two engine cycles at 0.0077 s (A1), 0.0183 s (B1), 0.023 s (C1), 0.033 s 
(D1), 0.047 s (E1), and 0.05 s (F1). In the last engine cycle, only one major event is noted 
around 0.061 s (G1). There are other events in the ATS spectrum around 0.0095 s (A2), 0.0173 
s (B2), 0.0229 s (C2), 0.0365 s (D2), 0.0534 s (E2), 0.0563 s (F2) and 0.0636 s (G2). The 
spectrum of the corresponding transient numerical predictions is shown in Figure 4.33. The 
first two events occur around 0.0077 s (A3) and 0.0168 s (B3), matching those measured 
(Figure 4.32). More events take place at 0.035 s (C3), 0.044 s (D3), 0.0616 s (E3) and 0.07 s 
(F3). The first and third events occur simultaneously at both the TS and the ATS, whilst the 
event marked by (D3) is only observed in the TS spectrum. The event (G2) extends in the ATS 
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spectrum, showing the same characteristics as (F3). The CWS for the measured noise at the TS 
and ATS reveals three main piston events per engine cycle, whilst in the numerical results only 
two such events are present per engine cycle. This difference can be attributed to the omission 
of other inertial parameters than the piston inertia (e.g. pin, connecting rod) which may affect 
the timing of the events. A comparison between the recorded events and the valve timing 
reveals that piston impact can coincide with the valve-induced events at 0.023 s (C1), 0.05 s 
(F1) and 0.0563 s (F2). Small contributions are also present at 1000 Hz (in the TS spectrum), 
which are also correlated to the valve events. However, as the engine speed increases, the valve 
events become weaker.  
 
 
Figure 4.32. Continuous wavelet spectra (CWS) of noise measurements for three consecutive engine cycles 
(4250 rpm and 42 Nm): (a) TS and (b) ATS 
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Figure 4.33. Transient numerical CWS for three consecutive engine cycles (4250 rpm and 42 Nm) 
Summary 
The input data for simulations are measured from the experimental setup as described in 
Chapter 3. These data are illustrated at the beginning of this chapter to validate their 
flawlessness and conformability with engine cyclic events. There is a certain degree of 
nonlinearity in the crank speed due to imbalances and asymmetric cylinder pressure 
fluctuations. This nonlinearity invalidates the constant speed concept, which is frequently used 
in the literature. The theoretical equations for piston’s primary kinematics are validated 
afterwards using the measured input data.  
Three conventional techniques from the literature and three new approaches are proposed for 
the identification of piston impacts. The new methods rely on the tribodynamics and lubricated 
impact energy of piston, while the conventional methods are determined using connecting rod’s 
lateral force and oil film’s minimum film thickness. Two of the new techniques amongst the 
six approaches are promising in terms of consistency and accuracy of predictions: the angular 
duration and maxima energy. The latter is more desirable as it specifies the exact position of 
piston impacts. Moreover, the maxima energy method takes into account the impact through 
compressible oil film with structural deformation. The impact velocity and therefore impact 
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impedance depend on the oil film’s squeeze velocity.  The energy maxima method is exploited 
to predict the piston impact noise levels by taking into account the engine block’s structural 
attenuation and its surface power radiation. The transient noise methodology proposed is able 
to successfully predict the location of piston impact events during the engine cycle, as well as 
their associated frequencies. It also provides a reasonable estimate of engine noise levels 
arising from piston impact events. The methodology can detect the amplification of noise levels 
as the engine speed increases in a more robust manner compared to a quasi-static approach. 
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Chapter 5 
Nonlinear vibration absorbers to influence piston’s secondary motion 
 
5.1. Introduction 
The main concepts behind the development of piston’s tribodynamic model have been 
presented in the previous chapters and the model has been modified to estimate the radiated 
noise due to piston’s impacts. The impact events were then identified and compared to 
experimental measurements. The above objectives have been accomplished, as presented in 
Chapters 3 and 4. In the current chapter, the possibility of affecting piston’s secondary motion 
through passive control schemes is explored. 
Conventionally, the piston-skirt impact noise (slapping) is controlled by modifying effective 
parameters on the piston secondary motion, such as clearance size, piston skirt profile, piston 
skirt stiffness, piston pin offset and crankshaft offset (Edara (2008)). Although noise 
improvement can be achieved, other characteristics of the system’s performance can be 
negatively affected, such as friction loss and blow-by (Edara (2008)). For instance, smaller 
clearance size improves impact noise behaviour in spite of the increased friction loss. An 
alternative to parametric optimization could be the application of nonlinear energy absorbers, 
aimed to passively dissipate the excess of energy in the primary system (piston) (Lee et al. 
(2008)). The functionality of such absorbers in transient and strongly nonlinear dynamic 
problems (e.g. impact excitations) has been proven (Lee et al (2008), Sigalov et al (2012), 
Viguie and Kerschen (2008) and Gendelman (2008)).  
The application of nonlinear energy absorbers to control piston’s secondary motion is novel 
and requires systematic design considerations. The current problem differs from the previous 
studies in the literature in that the primary system (piston) is inherently nonlinear. Herein, the 
effective parameters leading to interaction of the piston with the nonlinear absorber are 
investigated and two alternative control mechanisms are proposed. A series of parametric 
studies are required to find the optimal design parameters (mass, stiffness and damping) of the 
nonlinear energy absorbers. In order to decrease the simulation time and satisfy the 
requirements for optimal design, the piston tribodynamics model has been simplified. Finally, 
the proposed algorithm and employed techniques are described. 
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5.2. Piston impact dynamics 
The tribodynamics model of piston impacts has been validated and its significance was 
demonstrated in the previous chapters. Such an analysis is appropriate for known engine 
parameters and design. In order to find an optimal design for any passive control device such 
that both impact noise and frictional losses are improved, an extensive series of simulations 
should be carried out while varying the characteristics of the absorber. The optimization cost 
proportionally varies with the simulation time. The application of nonlinear energy absorbers 
increases the number of degrees of freedom, leading to an increase in the complexity of the 
dynamic model and its numerical simulation time. The aforementioned drawbacks necessitate 
the use of a simplified impact model to speed up the simulation process, while appropriate 
levels of solution accuracy are met. 
In the previous chapters the piston impact force was determined through lubrication elasto-
hydrodynamics. In the available literature concerning piston impact studies, the contact 
dynamics are typically modelled using (often nonlinear) spring and (linear) damper 
arrangements in order to reduce the complexity of the system (Cho et al (2002), Ohta et al 
(2011a)). The values of stiffness and damping coefficients are either determined 
experimentally (Geng and Chen (2005) and Gerges et al (2002)) or deduced theoretically 
(Cho et al (2002)). The same convention will be deployed hereafter to simplify the numerical 
code. Moreover, the barrel shape of the piston skirt can be neglected as the wedge effect does 
not build up the oil film’s pressure in the basic model and deformations are localised when 
using lumped parameter features, such as springs. 
5.2.1. Hertzian contact 
Employing Hertz’s theory (Hertz (1882)) is a relatively straightforward way to estimate the 
stiffness (through the compliance) of the contacting bodies. This is briefly discussed in this 
section and its compatibility with piston-cylinder contact models is investigated. The Hertz’s 
approach is established based on the following assumptions (Johnson (1985)): 
- The surfaces of the contacting bodies are non-conforming (Figure 5.1). Those surfaces 
have dissimilar profiles and their contact geometry is in the form of a point or line prior to 
any deformations. As the contact load increases, the point contact reshapes into a small 
contact area (either circular or elliptical) and the line contact changes into a strip. 
- The contacting surfaces are smooth and continuous in both micro and macro scales, so that 
the small surface irregularities are neglected.  
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- The strains are small in the contact area, so that the linear theory of elasticity is satisfied. 
Metallic components confine to this condition provided they are loaded within their elastic 
limits. 
- Each body can be considered as an elastic half-space, so that stresses are not influenced by 
the boundaries of the contacting bodies.  
- The surfaces are frictionless, while calculating the elastic deformation. Only normal 
pressure is transmitted between them (any traction due to friction is neglected). The linear 
theory of elasticity does not account for changes in the boundary forces arising from the 
deformation they produce (Johnson (1985)). 
 
 
Figure 5.1. Non-conformal contacts: (a) concave contact type and (b) convex contact type 
Hertz’s formulation is applicable to both concave and convex contacting surfaces. The 
difference between the two cases lies in the calculation of the radius of curvature Ri of the 
surface (Equation 5.1). 𝑅𝑅1 and 𝑅𝑅2 indicate the radii of curvature of two bodies in contact (as 
shown in Figure 5.1). The summation sign is used for convex surfaces and subtraction pertains 
to a convex cylinder in contact with a concave surface, thus  
 1
𝑅𝑅
= 1
𝑅𝑅1
± 1
𝑅𝑅2
 (5.1) 
 
The modulus of elasticity at the contact E* is a function of the moduli of elasticity of the two 
bodies (𝐸𝐸1  and 𝐸𝐸2  in equation 5.2). 𝜈𝜈𝑑𝑑  represents Poisson’s ratio, where index 𝑖𝑖  shows the 
relevant body. Thus, 1
𝐸𝐸∗
= 1 − 𝜈𝜈12
𝐸𝐸1
+ 1 − 𝜈𝜈22
𝐸𝐸2
 (5.2) 
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The parameters of interest in Hertzian contacts are: the size of the contact area, the pressure 
developed and the deflection of the contacting bodies. The simplest shape of contact area is 
circular for contacting bodies in revolution. This model can estimate the value for contact 
stiffness. Thus, Hertzian theory for a circular contact area is explored hereafter. Hertz proposed 
pressure distribution in the form of equation 5.3. 𝑝𝑝0 is the maximum pressure at the origin of 
contact (centre of circular area), which reduces with the radial distance (𝑟𝑟) from the origin. 𝑎𝑎 
is the maximum radius of the circular contact area. The contact load is calculated in equation 
5.4 using the integral of the pressure function over the contact area. The average contact load 
is indicated by 𝑊𝑊. The maximum contact pressure is 3/2 times greater than the mean pressure 
(𝑝𝑝𝑚𝑚 = 𝑊𝑊/𝑘𝑘𝑎𝑎2). 
 
𝑝𝑝(𝑟𝑟) = 𝑝𝑝0 �1 − �𝑟𝑟𝑎𝑎�2�12 (5.3) 
 
𝑊𝑊 = � 𝑝𝑝(𝑟𝑟)2𝑘𝑘𝑟𝑟 𝑟𝑟𝑟𝑟𝑎𝑎
0
= 23𝑝𝑝0𝑘𝑘𝑎𝑎2 (5.4) 
 
The radius of the contact area and the relevant deflection are given by equations (5.5) and (5.6), 
i.e.  
 
𝑎𝑎 = 𝑘𝑘𝑝𝑝0𝑅𝑅2𝐸𝐸∗ = �3𝑊𝑊𝑅𝑅4𝐸𝐸∗ �13 
 
(5.5) 
𝛿𝛿 = 𝑘𝑘𝑎𝑎𝑝𝑝02𝐸𝐸∗ = 12� 9𝑊𝑊22𝐸𝐸∗2𝑅𝑅�13 (5.6) 
 
The relation between deflection 𝛿𝛿 and load 𝑊𝑊 returns a theoretical expression for the stiffness 
coefficient of the contact, 𝑘𝑘ℎ𝑒𝑒𝑟𝑟𝑡𝑡𝑒𝑒. The contact load nonlinearly varies with deflection as shown 
in equation 5.7. This relation will be employed to describe the piston-cylinder contact load for 
the basic model, thus 
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𝑊𝑊 = 43𝐸𝐸√𝑅𝑅𝛿𝛿3/2 = 𝑘𝑘ℎ𝑒𝑒𝑟𝑟𝑡𝑡𝑒𝑒𝛿𝛿3/2 (5.7) 
Ohta (Ohta et al. (2011)) similarly exploited the Hertz theory for point contacts to determine 
the stiffness of the impacting bodies in their piston impact model. 
 
5.2.2. Derivation of the equations of motion 
Equation 5.7 determines the stiffness properties of equivalent springs and their reaction load at 
the piston-cylinder conjunction. Damping is yet another property of the contact to be 
determined. There are two sources of energy dissipation at the piston-cylinder conjunction: (i) 
structural damping and (ii) the oil film within the clearance. The piston and cylinder liner in 
high performance engines are made of aluminium, as described in the previous chapters. The 
damping ratio of aluminium varies between 0.0001 and 0.01 with geometry, applied stress, 
acceleration and excitation frequency (Granick and Stern (1965), Crawley and Van Schoor 
(1987)) whereas the structural damping ratio of the cylinder liner, engine block and piston 
structures (for six- and four-cylinder engine geometries) reportedly varies between 0.01 and 
0.0378 (Haddad and Fortescue (1977), Cho et al (2002)). The Honda CRF 450 engine is a 
single cylinder with totally different geometry with respect to the aforementioned cases. Since 
the cylinder liner and the engine block in the Honda engine are made of aluminium, the 
damping ratio is anticipated to be different from the reported scenarios in the literature. An 
invariant damping ratio of 𝜁𝜁 = 0.003 is assumed to represent extreme conditions for impact 
dynamics. In order to avoid the nonlinearity and complexity of the oil film behaviour, a 
constant damping coefficient is extracted from the Reynolds solution (Nakada et al (1997)) or 
is alternatively estimated (Ohta et al (1987)). In a few studies, the oil film’s damping 
coefficient is neglected, as analysis is easier and less expensive. Such analyses are very useful 
to the optimization of piston parameters due to their computational efficiency (Goenka and 
Meernik (1992), Haddad and Tjan (1995)). Since the focus of this chapter is on the 
optimization of piston’s secondary motion through application of nonlinear energy absorbers, 
the latter assumption is adapted for similar reasons (less computational time and easier 
analysis). The model with computational efficiency is named the “basic” piston impact model 
hereafter. 
The aforementioned properties describe a generic spring and damper element in a single contact 
mode. The piston though can simultaneously undertake multiple contacts with the cylinder 
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liner during the engine cycle. These contact modes are best described by four conditions 
(Haddad and Tjan (1995)), which are illustrated in Figure 5.2. If the piston is moving freely 
inside the clearance and no contact takes place with the cylinder, the free translation/rotation 
mode exists (mode I). In the second mode, the contact can be in the form of a point contact at 
any of the four corners of the piston. Two-point contacts can take place either diagonally or 
vertically (modes III and IV). In those, both top and bottom of the piston skirt are in contact 
with the cylinder liner. Diagonal contact is considered as a two-point contact at two opposite 
surfaces of the cylinder liner (cylinder’s TS and ATS). The vertical mode (IV) is associated 
with a line contact at the same contacting surface (either cylinder’s TS or ATS). In this case, 
the line contact is expressed in terms of two single point contacts at the top and bottom corners 
of the piston. In the two-point contact mode (either diagonally or vertically), the equivalent 
stiffness of the contact will automatically become that of two springs in parallel. Similar 
distribution applies to the damping properties of the contacts. Therefore, the damping 
coefficient should split between the contacting points provided a two-point contact mode exists. 
The aforementioned conditions are applied to the spring-damper arrangement used in the piston 
impact model (Figure 5.3). In Figure 5.3, 𝑐𝑐𝐶𝐶𝑑𝑑𝑜𝑜 and 𝑐𝑐𝑑𝑑 are the oil damping and structural damping, 
respectively. 𝑐𝑐𝐶𝐶𝑑𝑑𝑜𝑜 will be taken as zero in the relevant numerical subroutine as explained earlier. 
𝑘𝑘ℎ𝑒𝑒𝑟𝑟𝑡𝑡𝑒𝑒 is defined in Equation 5.7. 
 
Figure 5.2. Schematics of contact modes at the piston-cylinder conjunction: mode (I) - free motion, mode (II) – 
single-point contact, mode (III) - diagonal contact and mode (IV) - vertical contact 
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Figure 5.3. Spring-damper arrangement for the piston impact model: (a) single-point contact; (b) Two-point 
contact 
The piston kinematics and dynamic equations for the basic piston impact model remain the 
same as in the tribodynamics model (Equation 3.26). The hydrodynamic reaction forces and 
moments in equation (3.26) though are replaced by the spring-damper reactions. These terms 
are subscripted by “Hertz” in equation 5.8, which presents the secondary dynamics of the piston. 
The remaining terms exploit the same nomenclature as;  
�
𝑚𝑚pis �1 − 𝑏𝑏𝐿𝐿� + 𝑚𝑚pin �1 − 𝑎𝑎𝐿𝐿� 𝑚𝑚pis 𝑏𝑏𝐿𝐿 + 𝑚𝑚pin 𝑎𝑎𝐿𝐿
𝐼𝐼pis
𝐿𝐿
+ 𝑚𝑚pis(𝑎𝑎 − 𝑏𝑏) �1 − 𝑎𝑎𝐿𝐿� − 𝐼𝐼pis𝐿𝐿 + 𝑚𝑚pis(𝑎𝑎 − 𝑏𝑏) 𝑏𝑏𝐿𝐿� �?̈?𝑒𝑡𝑡?̈?𝑒𝑏𝑏� = �𝐹𝐹Hertz ∓ 𝐹𝐹𝑓𝑓 tan𝜙𝜙 − 𝐹𝐹𝑡𝑡𝑀𝑀Hertz + 𝑀𝑀𝑓𝑓 + 𝑀𝑀𝑑𝑑 � (5.8) 
 
The Hertz force and moment in equation 5.8 are expanded in the following section and adapted 
for the piston dynamics. The piston has to travel within the clearance to initiate contact with 
the cylinder wall. Hence, the clearance length does not participate in deflection 𝛿𝛿 and it must 
be excluded from the piston eccentricities (Equation 5.9). 𝑒𝑒𝑡𝑡 and 𝑒𝑒𝑏𝑏 are the top and bottom 
eccentricities of the piston, following the convention used in Chapter 3. 𝐶𝐶  is the nominal 
clearance length at the piston-cylinder conjunction. 𝛿𝛿𝑡𝑡 and 𝛿𝛿𝑏𝑏 are contact deflections at the top 
and bottom of the piston skirt, respectively. The values of the deflections are calculated using 
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the absolute values of the eccentricities regardless of the contact location. The structural 
deflections are zero if the eccentricities are smaller than the clearance length. 
𝛿𝛿𝑡𝑡 = �|𝑒𝑒𝑡𝑡| − 𝐶𝐶, |𝑒𝑒𝑡𝑡| > 𝐶𝐶0, |𝑒𝑒𝑡𝑡| ≤ 𝐶𝐶  
𝛿𝛿𝑏𝑏 = �|𝑒𝑒𝑏𝑏| − 𝐶𝐶, |𝑒𝑒𝑏𝑏| ≤ 𝐶𝐶0, |𝑒𝑒𝑏𝑏| ≤ 𝐶𝐶  
(5.9) 
 
The sign of the deflection force is determined according to the contact location (TS or ATS). 
The sign of the damping force depends on both the location of contact and the eccentricity 
velocity during the contact. The direction of both forces is expressed through a series of 
conditional statements. For this purpose, the four corners of the piston skirt are indicated by 
letters A (top TS), B (top ATS), C (bottom TS) and D (bottom ATS). The contact forces are 
evaluated at corners A and C (at the TS) with similar conditions (Equations 5.10 and 5.11). 
Different conditions hold for the forces at corners B and D at the ATS (Equations 5.12 and 
5.13). The index 𝑖𝑖 is replaced with either 𝑡𝑡 for corners A and B (top of the skirt) or 𝑏𝑏 for corners 
C and D (bottom of the skirt). Thus 
𝐹𝐹𝑘𝑘,𝑇𝑇𝑆𝑆 = �0                  , 𝑒𝑒𝑑𝑑 > 0
𝑘𝑘ℎ𝑒𝑒𝑟𝑟𝑡𝑡𝑒𝑒𝛿𝛿𝑑𝑑
3
2     , 𝑒𝑒𝑑𝑑 < 0 (5.10) 
𝐹𝐹𝑐𝑐,𝑇𝑇𝑆𝑆 = � 0,                        𝑒𝑒𝑑𝑑 > 00, 𝑒𝑒𝑑𝑑 < 0  𝑎𝑎𝑛𝑛𝑟𝑟 ?̇?𝑒𝑑𝑑 > 0
𝑐𝑐𝑑𝑑,𝑑𝑑|?̇?𝑒𝑑𝑑|,   𝑒𝑒𝑑𝑑 < 0 𝑎𝑎𝑛𝑛𝑟𝑟 ?̇?𝑒𝑑𝑑 < 0 (5.11) 
𝐹𝐹𝑘𝑘,𝐴𝐴𝑇𝑇𝑆𝑆 = �−𝑘𝑘ℎ𝑒𝑒𝑟𝑟𝑡𝑡𝑒𝑒𝛿𝛿𝑑𝑑32, 𝑒𝑒𝑑𝑑 > 00, 𝑒𝑒𝑑𝑑 < 0  (5.12) 
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𝐹𝐹𝑐𝑐,𝐴𝐴𝑇𝑇𝑆𝑆 = � 0, 𝑒𝑒𝑑𝑑 < 00, 𝑒𝑒𝑑𝑑 > 0  𝑎𝑎𝑛𝑛𝑟𝑟 ?̇?𝑒𝑑𝑑 < 0
−𝑐𝑐𝑑𝑑,𝑑𝑑|?̇?𝑒𝑑𝑑|,   𝑒𝑒𝑑𝑑 > 0 𝑎𝑎𝑛𝑛𝑟𝑟 ?̇?𝑒𝑑𝑑 > 0 (5.13) 
 
𝑘𝑘ℎ𝑒𝑒𝑟𝑟𝑡𝑡𝑒𝑒  is evaluated from equation 5.7 for all contact types. 𝑐𝑐𝑑𝑑  is the structural damping 
coefficient calculated using the preselected damping ratio (as described earlier). 𝐹𝐹𝑘𝑘 and 𝐹𝐹𝑐𝑐 are 
the deflection and damping forces of each contact point. The overall contact force is the 
summation of all the forces acting at the four corners of the piston skirt (Equation 5.14), i.e.  
 
𝐹𝐹ℎ𝑒𝑒𝑟𝑟𝑡𝑡𝑒𝑒 = �𝐹𝐹𝑘𝑘,𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑐𝑐,𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑘𝑘,𝐴𝐴𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑐𝑐,𝐴𝐴𝑇𝑇𝑆𝑆�𝑡𝑡 + �𝐹𝐹𝑘𝑘,𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑐𝑐,𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑘𝑘,𝐴𝐴𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑐𝑐,𝐴𝐴𝑇𝑇𝑆𝑆�𝑏𝑏 (5.14) 
 
The moments about the piston pin are estimated using the geometric parameters of the piston 
and the predicted contact forces (Equation 5.15). The parameters 𝑎𝑎 and 𝐿𝐿𝑑𝑑 are illustrated in 
Figure 3.1. The subscripts 𝑡𝑡 and 𝑏𝑏 refer to the top and bottom of the piston skirt. 
 
𝑀𝑀ℎ𝑒𝑒𝑟𝑟𝑡𝑡𝑒𝑒 = �𝐹𝐹𝑘𝑘,𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑐𝑐,𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑘𝑘,𝐴𝐴𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑐𝑐,𝐴𝐴𝑇𝑇𝑆𝑆�𝑡𝑡.𝑎𝑎+ �𝐹𝐹𝑘𝑘,𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑐𝑐,𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑘𝑘,𝐴𝐴𝑇𝑇𝑆𝑆 + 𝐹𝐹𝑐𝑐,𝐴𝐴𝑇𝑇𝑆𝑆�𝑏𝑏 . (𝐿𝐿𝑑𝑑 − 𝑎𝑎) (5.15) 
 
The basic piston impact model is described by Equations (5.8) to (5.15). The time, crank angle 
position and in-cylinder pressure are required as inputs for the numerical simulations (similarly 
to the tribodynamic model). Since the aim is the design of a passive controller, the effect of 
engine operating conditions on the performance of the controller should be investigated. One 
of these parameters is the engine speed, which is directly related to crank angle and cylinder 
pressure fluctuations. In order to investigate the absorber’s robustness, the speed range should 
be swept and the performance of the absorber should be assessed. Input data are available from 
engine tests for three different engine operating conditions (3000 rpm, 3500 rpm and 4250 rpm). 
Thus, interpolation has been applied by using the Lagrange method (Burden and Faires (2004)) 
to expand the data density between 3000 – 4250 rpm. The Lagrange interpolator evaluates a 
function passing through specified points of interest using approximating polynomials 
(Equation 5.16). In the current problem,𝐿𝐿1, 𝐿𝐿2 and 𝐿𝐿3 are the corresponding polynomials for 
the three known engine speeds, described in equation 5.17. 𝑥𝑥𝑑𝑑 (𝑖𝑖 = 1,2,3) are the speeds for 
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which data are available with an ascending order and 𝑥𝑥 is any desired engine speed within the 
(𝑥𝑥1, 𝑥𝑥3) interval. The approximating polynomials are of order two for the three data points. The 
coefficients 𝑓𝑓(𝑥𝑥1), 𝑓𝑓(𝑥𝑥2) and 𝑓𝑓(𝑥𝑥3) are the values for the aforementioned engine parameters 
of study at each engine speed (𝑥𝑥1 , 𝑥𝑥2  and 𝑥𝑥3 ) with available data (Equation 5.16). The 
approximating polynomials must pass through these 𝑓𝑓(𝑥𝑥𝑑𝑑)  values. Thus, the four input 
parameters (time, crank angle, position and in-cylinder pressure) are interpolated for any 
desired engine speed in this formulation and interpolation is implemented along the entire 
engine cycle. The same engine cycle is then duplicated for as many engine cycles as required 
for simulation purposes. 
 
𝑓𝑓(𝑥𝑥) = 𝐿𝐿1.𝑓𝑓(𝑥𝑥1) + 𝐿𝐿2. 𝑓𝑓(𝑥𝑥2) + 𝐿𝐿3. 𝑓𝑓(𝑥𝑥3) (5.16) 
𝐿𝐿1 = (𝑥𝑥 − 𝑥𝑥2)(𝑥𝑥 − 𝑥𝑥3)(𝑥𝑥1 − 𝑥𝑥2)(𝑥𝑥1 − 𝑥𝑥3) 
𝐿𝐿2 = (𝑥𝑥 − 𝑥𝑥1)(𝑥𝑥 − 𝑥𝑥3)(𝑥𝑥2 − 𝑥𝑥1)(𝑥𝑥2 − 𝑥𝑥3) 
𝐿𝐿3 = (𝑥𝑥 − 𝑥𝑥1)(𝑥𝑥 − 𝑥𝑥2)(𝑥𝑥3 − 𝑥𝑥1)(𝑥𝑥3 − 𝑥𝑥2) 
(5.17) 
 
The accuracy of the Lagrange interpolator is shown in Figures 5.4 and 5.5 for in-cylinder 
pressure and engine speed data. The variation of time with engine speed is embedded in the 
interpolator model and its influence is present in the graphs. As the engine speed increases, one 
engine cycle occupies a shorter amount of time. 
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Figure 5.4: Measured and interpolated in-cylinder pressure variation 
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Figure 5.5. Measured and interpolated engine speed variation 
5.2.3. Validation of the numerical model 
The accuracy of the basic piston impact model should be investigated prior to running extensive 
simulations that will determine the design of the passive controller. A comparison between the 
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tribodynamics model and the basic piston impact model is illustrated in Figure 5.6 for piston 
translation and rotation at 3500 rpm. The discrepancies are due to the following reasons: (a) in 
the tribodynamics model, deformations are defined using the compliance matrix of the whole 
piston skirt area for conformal contact (the deformations are localised at the piston corners in 
the Hertz contact model) and (b) the damping effect of the oil film is neglected and dry contact 
conditions are assumed.  
 
Figure 5.6. Comparison of piston eccentricities between the tribodynamics model (black) and the basic model 
(red) 
The two models generally conform well with regard to translational motion (𝑒𝑒𝑝𝑝 in Figure 5.6). 
Two discrepancies are available between the basic piston impact model and the tribodynamics 
model. The first discrepancy appears towards the end of the compression stroke and continues 
up to the mid-stroke of the combustion phase (-90º to 90º). This deviation is due to the 
difference between compliance characteristics of both models. The tribodynamics model 
experiences larger deformations due to more flexibility in its compliance properties, as 
described earlier. The second deviation is discerned during the intake stroke (360º to 540º). 
Although both models follow similar trends, displacements are larger in the basic piston impact 
model. The piston side force is smaller during the intake stroke, as in-cylinder pressure drops 
to its lowest value. Consequently, piston can move freely inside the clearance. This motion is 
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more restricted in the tribodynamics model due to the presence of lubricant. Higher deviations 
are found in the rotational motion of the piston (𝛽𝛽) compared to the tribodynamics model 
(Figure 5.6). In the latter, the piston experiences larger rotations for the following reasons. The 
piston skirt deformation is not localised to point contacts (Hertzian stiffness) as in the “basic” 
model. The compliance matrix approach is more realistic for such conformal type of contacts. 
However, the “basic” piston impact model is more efficient for optimization studies with 
computational time concerns (Goenka and Meernik (1992)). 
The results of the current model qualitatively agree with the work of Offner et al (2001a) for 
“dry” contact conditions (Figure 5.7). A quantitative comparison is not valid, as the engine 
characteristics and operating conditions are different. Moreover, Offner et al (2001a) have 
employed the finite element method (FEM) to extract the stiffness properties of the piston-
cylinder conjunction. In order to be able to establish a comparison between the two models, 
one should note that Offner et al (2001a) have reported the gap size on the top land and bottom 
land of the piston skirt. The gap size shows the distance between two contacting bodies (which 
varies from zero to double size of the clearance, 2𝐶𝐶). The outputs of the “basic” piston impact 
model are eccentricities, whose reference is the centreline of the cylinder liner (varying from 
−𝐶𝐶 to 𝐶𝐶) Thus, the difference in the coordinate system and also direction of the TS and ATS 
should be taken into account while interpreting the results of these models. The average of TS 
and ATS gap sizes should represent eccentricity values. Figure 5.7 (a) shows the results of the 
gap sizes (𝐶𝐶𝑡𝑡,𝑇𝑇𝑆𝑆 and 𝐶𝐶𝑡𝑡,𝐴𝐴𝑇𝑇𝑆𝑆) and the “basic” model’s eccentricity (𝑒𝑒𝑡𝑡) at the top land of their 
piston skirt. The trend of eccentricity perfectly conforms to the gap size variations from 
Offner’s model (Offner et al (2001a)). The differences in the amplitudes and timing of the 
events are caused by the fact that stiffness properties, piston parameters and operating 
conditions are different in both models. The variations of gap sizes and eccentricity at the 
bottom land of the piston skirts are shown in Figure 5.7 (b). Offner’s “dry” model overestimates 
the gap sizes (𝐶𝐶𝑏𝑏,𝑇𝑇𝑆𝑆 and 𝐶𝐶𝑏𝑏,𝐴𝐴𝑇𝑇𝑆𝑆) towards the bottom dead centres, as his model does not generate 
any balancing force in this free-motion period (180 to 270 degrees). In other parts of the engine 
cycle, good conformity is observed between Offner’s model and the “basic” piston impact 
model. Offner et al (2001a) reported that the predicted secondary motion varies from 
extremely good to reasonably good for both the tribodynamics model and the basic “dry” 
contact model. Moreover, the results for three engine cycles prove the stability of the numerical 
method. The simulation time is reduced from eight hours for the tribodynamics model to a few 
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minutes for the “basic” model. Thus, the “basic” contact model is of sufficient accuracy for the 
optimal design of the passive controllers.  
 
Figure 5.7. Comparison of Offner’s measured clearance for dry contact (Offner et al (2001a)) and the basic 
piston impact model: (a) top eccentricity (b) bottom eccentricity 
5.3. Design considerations in passive targeted energy transfer 
The key role of piston’s impulsive behaviour in Noise, Vibration and Harshness (NVH) was 
explored in the previous chapters. The dynamic model to capture such behaviour is simplified 
to reduce computational complexities in order to carry out a large number of simulations for 
optimising the design of the passive controllers. The idea of controlling piston’s secondary 
motion (and the consequent impacts) is investigated hereafter and passive control approaches 
are presented using the Targeted Energy Transfer concept, where the energy excess of a 
primary system is pumped to a nonlinear energy absorber (also known as nonlinear energy sink 
– NES) in an irreversible manner. 
In the literature, the primary systems are usually linear and tuning the NES to the natural 
frequencies of such systems is relatively straightforward to implement. In reality, nonlinearities 
are present to some extent in all the dynamic systems. It is common practice that impact 
excitation is defined through initial conditions of the primary system (transient response). Some 
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studies have focused on the periodic or quasi-periodic excitations of linear systems (harmonic 
response) coupled to strongly nonlinear absorbers (Gendelman et al (2006) and Gendelman 
(2008)). The piston’s secondary motion is highly transient, characterised by system’s 
nonlinearities and harmonic external excitation. There are no rigorous analytical methods to 
investigate the interaction of NES with such systems (Vakakis et al (2008)). Numerical 
simulations could be an alternative to investigate Targeted Energy Transfer in such systems. 
Prior to any analysis, certain issues related to the NES design should be addressed. In order to 
elucidate the applicability of passive TET to piston’s dynamic system and realise the conditions 
for which it will operate satisfactory, the following considerations should be taken into account: 
- The proposed NES design should be robust to system uncertainties, initial conditions and 
external excitations. 
- Good understanding of the system dynamics is essential. 
- The specific design objectives should be clearly stated and ways to achieve optimal design 
through these objectives should be explored theoretically. 
- Provided that the NES design is theoretically sound, the practical implementation of such 
a design in a piston assembly should be investigated. 
In the piston assembly the excitation frequencies are expressed in terms of the engine firing 
orders. Combustion excitations are related to half engine orders in four-stroke single-cylinder 
engine and mechanical excitations (piston impact, big end bearing etc.) appear at multiples of 
the engine order (Rahnejat (1998)). The Fourier spectra of combustion and piston inertial 
forces are presented in Figure 5.8 for the single-cylinder Honda CRF 460 engine (operating at 
3000 rpm). The combustion pressure is measured from the test-rig as previously described in 
Chapter 3 and its excitation force is calculated using the area of the piston crown. The inertial 
force is derived from the piston kinematics in its primary direction of motion (along the axis 
of the cylinder liner). The calculation of piston kinematics is presented in Chapter 3. The 
mechanical (inertial) excitation dominates at the first engine order (50 Hz) and the main 
contribution of combustion excitation is present at 25 Hz (half engine order). The piston’s 
secondary motion is influenced by the combined effect of both forces. The FFT of the 
secondary motion contains these dominant frequencies. The frequency spectra of piston’s 
translation and rotation are given in Figure 5.9. Although inertial forces are dominant at 50 Hz 
(1st engine order), the contribution of both excitations is significant. Thus, any robust NES 
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design should be influenced by the frequency content of piston’s secondary motion in order to 
control the number and severity of impacts. 
 
Figure 5.8. Fourier spectra of the piston excitations: combustion force (𝑓𝑓𝑔𝑔) and mechanical (inertial) force 
(𝑓𝑓𝑝𝑝𝑑𝑑𝑑𝑑 + 𝑓𝑓𝑝𝑝𝑑𝑑𝑝𝑝) 
 
Figure 5.9. Fourier spectra of piston’s secondary motions: translation (𝑒𝑒𝑝𝑝) and rotation about piston pin (𝛽𝛽) 
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The trends in engine design are towards downsizing with higher performance and efficiency. 
Adding an NES attachment to the piston should increase the overall inertia of the system in 
spite of the potential advantages. Thus, a compromise is essential between adding weight and 
improving the vibro-impact behaviour. In general, there are two types of NES mechanisms: (i) 
grounded and (ii) ungrounded (Vakakis et al (2008)). These differ in terms of the way that the 
NES is attached to the primary system. In the grounded type, the primary system is linearly 
attached to the NES and the latter is then linked to a fixed component (ground) through 
nonlinear stiffness and weakly linear damping. This mechanism is unsuitable for high 
performance engine applications as the ground link is impossible to be identified in a piston 
assembly. Furthermore, this design allows for comparatively large NES inertias. In the 
ungrounded mechanism, the NES is attached to the primary system through an essential 
nonlinearity and weakly linear damping. The ungrounded NES has a small mass ratio 𝜀𝜀 
compared to the mass of the primary system. Thus, the latter design is favourable for piston 
applications due to feasibility and inertial considerations. 
The design procedure is followed up by identification of the NES dynamics, such that it locks 
into the secondary motion of the piston (translation and rotation). The secondary rotational 
motion is excited with greater spectral amplitude at the engine orders compared to the 
translational motion (Figure 5.9). Hence, an ideal NES design should primarily control the 
secondary rotational motion. Two ungrounded NES designs are proposed by considering the 
aforementioned points: (i) single pendulum oscillator and (ii) double pendulum mechanism. In 
the former design, the single pendulum rotates about the piston pin and it reacts to piston 
rotation (tilt) through a torsional spring with cubic nonlinearity and a weak linear damper (also 
torsional). This mechanism is responsive to both piston rotation and translation. Since the 
single pendulum is expected to mainly communicate with piston’s rotation, the addition of a 
second pendulum mechanism may allow for better transfer of energy at the translational 
frequencies (double pendulum mechanism). The essential nonlinearity can be determined 
through cubic nonlinear springs similar to the single pendulum case. The mathematical 
representation of these mechanisms and their contribution to the piston secondary motion will 
be sought in the following sections. 
5.4. Single pendulum NES 
An illustration for the single pendulum NES mechanism is provided in Figure 5.10. The relative 
sliding motion between the piston and its pin is neglected, so that the pendulum has the same 
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relative motion with respect to both parts. The torsional stiffness of the cubic nonlinear spring 
is represented by 𝑘𝑘𝑡𝑡 and 𝑐𝑐𝑡𝑡 is the torsional damping coefficient. 𝐿𝐿𝑡𝑡 and 𝛾𝛾 are the length of the 
pendulum and its angular oscillation with respect to the axis of the cylinder liner, respectively. 
The main assumptions employed are presented below: 
- The pendulum has a lumped mass 𝑚𝑚𝑡𝑡, located at its free end. 
- The masses of the link, spring and damper are negligible. Therefore, the centre of 
gravity of the pendulum coincides with the location of mass 𝑚𝑚𝑡𝑡. 
- The equilibrium position of the NES is at zero angular position (both piston and 
pendulum are aligned with the cylinder axis). 
- At the pivot location there is no friction or clearance between the pendulum and either 
the piston or the piston pin. 
- For certain combination of pendulum parameters, the pendulum might come into 
contact with the cylinder liner and/or piston. In these cases, the numerical simulation 
only takes into account the piston impacts to the cylinder liner and ignores the contacts 
between the pendulum and other physical boundaries. The scenarios of the NES impacts 
are later discarded during the post-processing of the results. 
 
 
Figure 5.10. Single pendulum NES mechanism coupled with the piston assembly 
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Figure 5.11. Free body diagrams of the piston and pin, including the NES reaction forces and moments 
 
The free body diagram of the piston is modified so that the NES reactions are included (Figure 
5.11). The same nomenclature from Figure 3.2 is exploited here, except for the contact forces 
at the piston-cylinder conjunction. These are shown at the four corners of the piston as  𝐹𝐹𝐻𝐻,𝐴𝐴 
and 𝐹𝐹𝐻𝐻,𝐶𝐶 at the TS and 𝐹𝐹𝐻𝐻,𝐵𝐵 and 𝐹𝐹𝐻𝐻,𝐷𝐷 at the ATS. The directions and magnitudes of these forces 
are determined through Equations (5.10) to (5.13). 𝐹𝐹𝑡𝑡,𝑥𝑥 and 𝐹𝐹𝑡𝑡,𝑒𝑒 are the pendulum’s reaction 
forces in x- and z-directions, respectively. 𝑀𝑀𝑡𝑡 represents the pendulum’s moment due to the 
cubic spring and linear damping reactions about the pivot at the piston-pin location. 𝐹𝐹𝑡𝑡,𝑥𝑥, 𝐹𝐹𝑡𝑡,𝑒𝑒 
and 𝑀𝑀𝑡𝑡 are evaluated from the pendulum dynamics (Figure 5.12) in relation to its motion with 
respect to the piston pin (Equations 5.18 and 5.19). 𝑥𝑥 and 𝐻𝐻 are piston translations as described 
in Chapter 3 (Equations 3.8 and 3.16). ?̈?𝑥𝑡𝑡  and ?̈?𝐻𝑡𝑡  are the pendulum accelerations in the 
corresponding directions. 𝑔𝑔 is the gravitational acceleration, acting along the x-direction. The 
pendulum is capable of reacting to both rotational motion (through 𝛾𝛾 about the pivot point) and 
translational motion (𝑥𝑥 and 𝐻𝐻 through the pivot’s translation with the piston). 
 
 
 120 
 
Figure 5.12. Free body diagram of a single pendulum NES (the left diagram shows external excitations and the 
right diagram depicts the inertial forces) 
𝑥𝑥𝑡𝑡 = 𝑥𝑥 + 𝐿𝐿𝑡𝑡 cos 𝛾𝛾 
?̇?𝑥𝑡𝑡 = ?̇?𝑥 − 𝐿𝐿𝑡𝑡?̇?𝛾 sin 𝛾𝛾 
?̈?𝑥𝑡𝑡 = ?̈?𝑥 − 𝐿𝐿𝑡𝑡?̈?𝛾 sin 𝛾𝛾 − 𝐿𝐿𝑡𝑡?̇?𝛾2 cos 𝛾𝛾 (5.18) 
𝐻𝐻𝑡𝑡 = 𝐻𝐻 − 𝐿𝐿𝑡𝑡 sin 𝛾𝛾 
?̇?𝐻𝑡𝑡 = ?̇?𝐻 − 𝐿𝐿𝑡𝑡?̇?𝛾 cos 𝛾𝛾 
?̈?𝐻𝑡𝑡 = ?̈?𝐻 − 𝐿𝐿𝑡𝑡?̈?𝛾 cos 𝛾𝛾 + 𝐿𝐿𝑡𝑡?̇?𝛾2 sin 𝛾𝛾 (5.19) 
 
A combined analysis of Figures 5.11 and 5.12 suggests that the system dynamics are described 
by three equations of motion. The derivation of these equations is similar to the case of the 
tribodynamics model in spite of some differences in the forcing terms. The generic form of 
piston’s equations of motion is presented below (5.20 – 5.22), i.e. 
 
𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑥 = 𝐹𝐹𝑝𝑝𝑑𝑑𝑝𝑝,𝑥𝑥 + 𝐹𝐹𝑡𝑡,𝑥𝑥 + 𝐹𝐹𝐺𝐺 ∓ 𝐹𝐹𝑓𝑓 (5.20) 
𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑒𝐶𝐶𝐶𝐶𝑔𝑔 = 𝐹𝐹𝑝𝑝𝑑𝑑𝑝𝑝,𝑒𝑒 − 𝐹𝐹𝑡𝑡,𝑒𝑒 + �𝐹𝐹𝐻𝐻,𝑑𝑑
𝑑𝑑
 (5.21) 
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𝐼𝐼𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝛽 + 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑒𝐶𝐶𝐶𝐶𝑔𝑔(𝑎𝑎 − 𝑏𝑏) −𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑥𝑟𝑟𝑝𝑝 = 𝐹𝐹𝐺𝐺𝑟𝑟𝑔𝑔 + 𝑀𝑀𝐻𝐻 + 𝑀𝑀𝑡𝑡 ∓ 𝐹𝐹𝑓𝑓𝑅𝑅 (5.22) 
 
𝑒𝑒𝐶𝐶𝐶𝐶𝑔𝑔 is the displacement at the centre of gravity of the piston, as shown in equation 3.17. 𝐹𝐹𝐻𝐻,𝑑𝑑 
represents the Hertzian contact forces at the four corners of the piston. 𝑀𝑀𝐻𝐻  is the overall 
moment due to the piston-cylinder contact forces. The top corners (𝐴𝐴 and 𝑑𝑑) are at distance 𝑎𝑎 
from the pin centre and the bottom corners (𝐶𝐶 and 𝐷𝐷) are located at (𝐿𝐿𝑑𝑑 − 𝑎𝑎) from the piston 
pin along the piston axis. Equations (5.23) and (5.24) are another representation of the 
Equations (5.14) and (5.15), respectively. The pendulum NES moment 𝑀𝑀𝑡𝑡  is described in 
equation 5.25. The piston tilt 𝛽𝛽 and its derivatives are deducted from equation 3.16. 
 
�𝐹𝐹𝐻𝐻,𝑑𝑑
𝑑𝑑
= 𝐹𝐹𝐻𝐻,𝐴𝐴 + 𝐹𝐹𝐻𝐻,𝐵𝐵 + 𝐹𝐹𝐻𝐻,𝐶𝐶 + 𝐹𝐹𝐻𝐻,𝐷𝐷 (5.23) 
𝑀𝑀𝐻𝐻 = �𝐹𝐹𝐻𝐻,𝐴𝐴 + 𝐹𝐹𝐻𝐻,𝐵𝐵�𝑎𝑎 − �𝐹𝐹𝐻𝐻,𝐶𝐶 + 𝐹𝐹𝐻𝐻,𝐷𝐷�(𝐿𝐿𝑑𝑑 − 𝑎𝑎) (5.24) 
𝑀𝑀𝑡𝑡 = 𝑘𝑘𝑡𝑡(𝛾𝛾 − 𝛽𝛽)3 + 𝑐𝑐𝑡𝑡�?̇?𝛾 − ?̇?𝛽� (5.25) 
 
The reaction forces at the piston pin are the same as in equations 3.20 and 3.21 (Chapter 3), 
which are repeated here (Equations 5.26 and 5.27) and are replaced in the aforementioned 
piston’s equations of motion (Equations 5.20 and 5.21), thus 
 
𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝?̈?𝑥 = −𝐹𝐹𝑝𝑝𝑑𝑑𝑝𝑝,𝑥𝑥 − 𝐹𝐹𝑐𝑐𝑟𝑟 cos𝜙𝜙 (5.26) 
𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝?̈?𝐻 = −𝐹𝐹𝑝𝑝𝑑𝑑𝑝𝑝,𝑒𝑒 − 𝐹𝐹𝑐𝑐𝑟𝑟 sin𝜙𝜙 (5.27) 
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The terms 𝐹𝐹𝑡𝑡,𝑥𝑥  and 𝐹𝐹𝑡𝑡,𝑒𝑒  for pendulum in equations (5.20) and (5.21) are extracted from 
equations (5.28) and (5.29). The piston and pendulum inertia are connected through these 
equations. Equations (5.20) to (5.22) describe piston’s primary motion, the translation inside 
the clearance and the rotation about the piston pin. In equation 5.22, the piston’s moment of 
inertia is related to the stiffness and damping moments of the NES through equation 5.25. The 
pendulum’s moment about its pivot point (piston pin) is required to describe the pendulum’s 
dynamics (Equation 5.30). The term 𝑀𝑀𝑡𝑡 shows the interaction between the piston and NES. 
 
𝑚𝑚𝑡𝑡?̈?𝑥𝑡𝑡 = 𝑚𝑚𝑡𝑡𝑔𝑔 − 𝐹𝐹𝑡𝑡,𝑥𝑥 (5.28) 
𝑚𝑚𝑡𝑡?̈?𝐻𝑡𝑡 = 𝐹𝐹𝑡𝑡,𝑒𝑒 (5.29) 
−𝑚𝑚𝑡𝑡?̈?𝐻𝑡𝑡𝐿𝐿𝑡𝑡 cos 𝛾𝛾 − 𝑚𝑚𝑡𝑡?̈?𝑥𝑡𝑡𝐿𝐿𝑡𝑡 sin 𝛾𝛾 = −𝑀𝑀𝑡𝑡 −𝑚𝑚𝑡𝑡𝑔𝑔𝐿𝐿𝑡𝑡 sin 𝛾𝛾 (5.30) 
 
The connecting rod force is calculated by substituting the piston pin and pendulum forces in 
the primary direction (Equations 5.26 and 5.28) into the piston’s primary motion (Equation 
5.20), i.e. 
 
𝐹𝐹𝑐𝑐𝑟𝑟 = 1cos𝜙𝜙 �−𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑥 − 𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝?̈?𝑥 + 𝑚𝑚𝑡𝑡𝑔𝑔 −𝑚𝑚𝑡𝑡?̈?𝑥𝑡𝑡 + 𝐹𝐹𝐺𝐺 ∓ 𝐹𝐹𝑓𝑓� (5.31) 
 
The translational motion of the piston in the secondary direction (Equation 5.21) is expanded 
using equations 5.27, 5.29 and 5.31. The kinematics are expressed in terms of the piston 
eccentricities (described in Chapter 3, equations 3.16 and 3.17). The expanded form of equation 
5.21 is shown below 
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𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑 �?̈?𝑒𝑡𝑡 + 𝑏𝑏𝐿𝐿𝑑𝑑 (?̈?𝑒𝑏𝑏 − ?̈?𝑒𝑡𝑡)� + 𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝 �?̈?𝑒𝑡𝑡 + 𝑎𝑎𝐿𝐿𝑑𝑑 (?̈?𝑒𝑏𝑏 − ?̈?𝑒𝑡𝑡)�= −�−𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑥 − 𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝?̈?𝑥 + 𝑚𝑚𝑡𝑡𝑔𝑔 −𝑚𝑚𝑡𝑡(?̈?𝑥 − 𝐿𝐿𝑡𝑡?̈?𝛾 sin 𝛾𝛾 − 𝐿𝐿𝑡𝑡?̇?𝛾2 cos 𝛾𝛾)+ 𝐹𝐹𝐺𝐺 ∓ 𝐹𝐹𝑓𝑓� tan𝜙𝜙
−𝑚𝑚𝑡𝑡 �?̈?𝑒𝑡𝑡 + 𝑎𝑎𝐿𝐿𝑑𝑑 (?̈?𝑒𝑏𝑏 − ?̈?𝑒𝑡𝑡) − 𝐿𝐿𝑡𝑡?̈?𝛾 cos 𝛾𝛾 + 𝐿𝐿𝑡𝑡?̇?𝛾2 sin 𝛾𝛾� + �𝐹𝐹𝐻𝐻,𝑑𝑑
𝑑𝑑
 
(5.32) 
 
Similarly, the moments about the piston pin (Equation 5.22) are expanded using eccentricity 
kinematics, i.e. 
𝐼𝐼𝑝𝑝𝑑𝑑𝑑𝑑 �
1
𝐿𝐿𝑑𝑑
(?̈?𝑒𝑡𝑡 − ?̈?𝑒𝑏𝑏)� + 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑 �?̈?𝑒𝑡𝑡 + 𝑏𝑏𝐿𝐿𝑑𝑑 (?̈?𝑒𝑏𝑏 − ?̈?𝑒𝑡𝑡)� (𝑎𝑎 − 𝑏𝑏)= 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑?̈?𝑥𝑟𝑟𝑝𝑝 + 𝐹𝐹𝐺𝐺𝑟𝑟𝑔𝑔 + 𝑀𝑀𝐻𝐻 + 𝑀𝑀𝑡𝑡 ∓ 𝐹𝐹𝑓𝑓𝑅𝑅 (5.33) 
 
The equation of motion for the pendulum NES is further expanded by exploiting the pendulum 
kinematics using equations (5.18) and (5.19) as follows 
 
−𝑚𝑚𝑡𝑡 �?̈?𝑒𝑡𝑡 + 𝑎𝑎𝐿𝐿𝑑𝑑 (?̈?𝑒𝑏𝑏 − ?̈?𝑒𝑡𝑡)�𝐿𝐿𝑡𝑡 cos 𝛾𝛾 + 𝑚𝑚𝑡𝑡𝐿𝐿𝑡𝑡2?̈?𝛾 = 𝑚𝑚𝑡𝑡(?̈?𝑥 − 𝑔𝑔)𝐿𝐿𝑡𝑡 sin 𝛾𝛾 −𝑀𝑀𝑡𝑡 (5.34) 
 
Equations (5.32) to (5.34) describe the system dynamics using eccentricities. The viscous 
friction between the piston skirt and the cylinder liner (𝐹𝐹𝑓𝑓) is neglected while studying piston 
secondary dynamics, similarly to the tribodynamic model.  The effect of friction on the piston-
cylinder contact force is negligible (3%) as mentioned in Chapter 3 (tribodynamics model 
description). As described earlier, the ungrounded pendulum NES has a small mass compared 
to the piston. The different scales in inertial terms can cause singularities in the numerical 
solution. This is resolved by exploiting the dimensionless form of equations. The mean angular 
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crankshaft speed 𝜔𝜔  and the clearance 𝐶𝐶  are employed to take dimensions out. The 
dimensionless time 𝜏𝜏 and its derivative are described in equation 5.35 as 
 
𝜏𝜏 = 𝜔𝜔𝑡𝑡, 𝑟𝑟𝜏𝜏 = 𝜔𝜔𝑟𝑟𝑡𝑡 (5.35) 
 
The dimensions of gravitational and piston primary accelerations are removed using both 𝜔𝜔 
and 𝐶𝐶 (Equation 5.36). The dimensionless parameters are shown using ( � ), thus 
 
𝑥𝑥�′′ = ?̈?𝑥
𝐶𝐶𝜔𝜔2
, 𝑔𝑔� = 𝑔𝑔
𝐶𝐶𝜔𝜔2
 (5.36) 
 
The dimensionless lengths and displacements are given in equation 5.37. 𝑅𝑅 is the radius of the 
piston crown. The other parameters have been described earlier in this chapter and in Chapter 
3. Thus 
 
𝑅𝑅� = 𝑅𝑅
𝐶𝐶
, 𝑎𝑎� = 𝑎𝑎
𝐶𝐶
, 𝑏𝑏� = 𝑏𝑏
𝐶𝐶
, 𝐿𝐿𝑑𝑑� = 𝐿𝐿𝑑𝑑𝐶𝐶 , 𝐿𝐿𝑡𝑡� = 𝐿𝐿𝑡𝑡𝐶𝐶  
?̃?𝑟𝑝𝑝 = 𝑟𝑟𝑝𝑝𝐶𝐶 , ?̃?𝑟𝑔𝑔 = 𝑟𝑟𝑔𝑔𝐶𝐶  
𝑒𝑒𝑡𝑡 = 𝐶𝐶?̃?𝑒𝑡𝑡, 𝑒𝑒𝑏𝑏 = 𝐶𝐶?̃?𝑒𝑏𝑏 , 𝛾𝛾 = 𝛾𝛾� (5.37) 
 
The first and second derivatives of displacement and rotation are shown below 
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?̇?𝑒𝑡𝑡 = 𝐶𝐶𝜔𝜔?̃?𝑒′𝑡𝑡, ?̇?𝑒𝑏𝑏 = 𝐶𝐶𝜔𝜔?̃?𝑒′𝑏𝑏 , ?̇?𝛾 = 𝜔𝜔𝛾𝛾�′ 
?̈?𝑒𝑡𝑡 = 𝐶𝐶𝜔𝜔2?̃?𝑒𝑡𝑡′′, ?̈?𝑒𝑏𝑏 = 𝐶𝐶𝜔𝜔2?̃?𝑒𝑏𝑏′′, ?̈?𝛾 = 𝜔𝜔2𝛾𝛾�′′ (5.38) 
 
The dimensionless form of equations (5.32) to (5.34) are numerically solved using matrix 
inversion, Newmark integration and predictor-corrector techniques, as described in Chapter 3. 
The inertial forces are calculated using the inertia matrix and vector of accelerations. The 
remaining forcing terms are included in the force vector regardless of their source being an 
external force, stiffness or damping forcing terms (Equation 5.39). The accelerations are 
calculated using matrix inversion. The predictor-corrector integrator is estimating the velocity 
and displacement values similarly to the tribodynamics model.  
 
𝑴𝑴3×3 �?̃?𝑒𝑡𝑡′′?̃?𝑒𝑏𝑏′′
𝛾𝛾�′′
� = 𝑭𝑭3×1 = � 𝐹𝐹1𝑀𝑀1
𝑀𝑀2
� (5.39) 
 
5.5. The double pendulum NES 
The double pendulum mechanism adds to the complexity of the problem in that the number of 
degrees of freedom and nonlinear elements are increasing in the dynamic system. The new 
arrangement comprises two similar single pendula (Figure 5.13). All the assumptions for the 
single pendulum mechanism apply to the double pendulum NES. 𝑚𝑚𝑡𝑡,𝑑𝑑, 𝑘𝑘𝑡𝑡,𝑑𝑑 and 𝑐𝑐𝑡𝑡,𝑑𝑑 are the mass, 
stiffness and damping coefficients in a similar manner to the single pendulum case, with (𝑖𝑖) 
referring to the first and second pendulum (𝑖𝑖 = 1, 2 respectively). The labels first and second 
are only used to distinguish between the pendula in Figure 5.13. 
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Figure 5.13. The double pendulum NES mechanism 
 
The piston free body diagram is illustrated in Figure 5.14 for the double NES arrangement. The 
Hertzian contact approach and representative forces remain the same as in the “dry” impact 
model. The physical parameters and external excitations have been previously described. The 
pendula moments are defined with the same convention as in the single NES model with indices 
1 and 2 referring to the first and second pendulum, respectively. For the brevity of the 
discussion, the free body diagrams of the piston pin and pendula are omitted, since they can be 
deduced from Figures 5.11 and 5.12.  
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Figure 5.14. The free body diagram of piston with the double pendulum NES 
 
From the free body diagram of Figure 5.14, the equations of motion are deducted. Four 
equations of motion are required to describe the piston and NES dynamics. Two equations 
describe the piston secondary motion, using the eccentricities. The remaining two equations 
relate the dynamics of the pendula to piston dynamics. The derivation of the equations is 
avoided for the brevity of the discussion. The dimensionless inertial terms are presented in 
equation 5.40. The mean value of the engine speed (𝜔𝜔) is used along with the clearance size 
(𝐶𝐶) to take the dimensions of variables out. The piston is coupled with the two pendula through 
𝑀𝑀11 to 𝑀𝑀14 elements of the inertia matrix. There is no direct communication between the two 
energy absorbers. 
𝑀𝑀11 = 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑 �1 − 𝑏𝑏�𝐿𝐿�𝑑𝑑� + 𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝 �1 − 𝑎𝑎�𝐿𝐿�𝑑𝑑� + 𝑚𝑚𝑡𝑡,1 �1 − 𝑎𝑎�𝐿𝐿�𝑑𝑑� + 𝑚𝑚𝑡𝑡,2 �1 − 𝑎𝑎�𝐿𝐿�𝑑𝑑� 
𝑀𝑀12 = 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑 𝑏𝑏�𝐿𝐿�𝑑𝑑 + 𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝 𝑎𝑎�𝐿𝐿�𝑑𝑑 + 𝑚𝑚𝑡𝑡,1 𝑎𝑎�𝐿𝐿�𝑑𝑑 + 𝑚𝑚𝑡𝑡,2 𝑎𝑎�𝐿𝐿�𝑑𝑑 
𝑀𝑀13 = −𝑚𝑚𝑡𝑡,1𝐿𝐿�𝑡𝑡,1 cos 𝛾𝛾�1 + 𝑚𝑚𝑡𝑡,1𝐿𝐿�𝑡𝑡,1 sin 𝛾𝛾�1 tan𝜙𝜙 
𝑀𝑀14 = −𝑚𝑚𝑡𝑡,2𝐿𝐿�𝑡𝑡,2 cos 𝛾𝛾�2 + 𝑚𝑚𝑡𝑡,2𝐿𝐿�𝑡𝑡,2 sin 𝛾𝛾�2 tan𝜙𝜙 
𝑀𝑀21 = 𝐼𝐼𝑝𝑝𝐿𝐿�𝑑𝑑𝐶𝐶 + 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑 �1 − 𝑏𝑏�𝐿𝐿�𝑑𝑑� �𝑎𝑎� − 𝑏𝑏�� 
𝑀𝑀22 = − 𝐼𝐼𝑝𝑝𝐿𝐿�𝑑𝑑𝐶𝐶 + 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑 𝑏𝑏�𝐿𝐿�𝑑𝑑 �𝑎𝑎� − 𝑏𝑏�� 
𝑀𝑀23 = 0 
(5.40) 
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𝑀𝑀24 = 0 
𝑀𝑀31 = −𝑚𝑚𝑡𝑡,1𝐿𝐿�𝑡𝑡,1 �1 − 𝑎𝑎�𝐿𝐿�𝑑𝑑� cos 𝛾𝛾�1 
𝑀𝑀32 = −𝑚𝑚𝑡𝑡,1𝐿𝐿�𝑡𝑡,1 𝑎𝑎�𝐿𝐿�𝑑𝑑 cos 𝛾𝛾�1 
𝑀𝑀33 = 𝑚𝑚𝑡𝑡,1𝐿𝐿�𝑡𝑡,12  
𝑀𝑀34 = 0 
𝑀𝑀41 = −𝑚𝑚𝑡𝑡,2𝐿𝐿�𝑡𝑡,2 �1 − 𝑎𝑎�𝐿𝐿�𝑑𝑑� cos 𝛾𝛾�2 
𝑀𝑀42 = −𝑚𝑚𝑡𝑡,2𝐿𝐿�𝑡𝑡,2 𝑎𝑎�𝐿𝐿�𝑑𝑑 cos 𝛾𝛾�2 
𝑀𝑀43 = 0 
𝑀𝑀44 = 𝑚𝑚𝑡𝑡,2𝐿𝐿�𝑡𝑡,22  
(5.40) 
 
Similarly to the single pendulum case, the stiffness - damping forces and moments are included 
in the forcing vector along with the external excitations (Equations 5.41). The two NES are not 
directly coupled through the elements of this array. 
𝐹𝐹1 = �−𝐹𝐹�𝐺𝐺 + 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑𝑥𝑥�′′ + 𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝𝑥𝑥�′′ + 𝑚𝑚𝑡𝑡,1�𝑥𝑥�′′ − 𝐿𝐿�𝑡𝑡,1𝛾𝛾�1′2 cos 𝛾𝛾�1 − 𝑔𝑔��+ 𝑚𝑚𝑡𝑡,2�𝑥𝑥�′′ − 𝐿𝐿�𝑡𝑡,2𝛾𝛾�2′2 cos 𝛾𝛾�2 − 𝑔𝑔��� tan𝜙𝜙 −𝑚𝑚𝑡𝑡,1𝐿𝐿�𝑡𝑡,1𝛾𝛾�1′2 sin 𝛾𝛾�1
− 𝑚𝑚𝑡𝑡,2𝐿𝐿�𝑡𝑡,2𝛾𝛾�2′2 sin 𝛾𝛾�2 + �𝐹𝐹�𝐻𝐻,𝑑𝑑
𝑑𝑑
 
𝑀𝑀1 = 𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑𝑥𝑥�′′?̃?𝑟𝑝𝑝 + 𝐹𝐹𝐺𝐺?̃?𝑟𝑔𝑔 + 𝑀𝑀𝐻𝐻 + 𝑀𝑀𝑡𝑡,1 + 𝑀𝑀𝑡𝑡,2 
𝑀𝑀2 = 𝑚𝑚𝑡𝑡,1(𝑥𝑥�′′ − 𝑔𝑔�)𝐿𝐿�𝑡𝑡,1 sin 𝛾𝛾�1 − 𝑀𝑀𝑡𝑡,1 
𝑀𝑀3 = 𝑚𝑚𝑡𝑡,2(𝑥𝑥�′′ − 𝑔𝑔�)𝐿𝐿�𝑡𝑡,2 sin 𝛾𝛾�2 − 𝑀𝑀𝑡𝑡,2 
(5.41) 
 
The generic form for the equations of motion is provided below (Equation 5.42). The set of 
equations is solved with the same convention described earlier in this chapter. The output of 
the Newmark method and predictor-corrector integrator is the piston and pendula kinematics. 
These data are later used in the parametric studies to define the objective functions for the 
optimization simulations. 
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𝑴𝑴4×4
⎩
⎨
⎧
?̃?𝑒𝑡𝑡
′′
?̃?𝑒𝑏𝑏
′′
𝛾𝛾�1
′′
𝛾𝛾�2′′⎭
⎬
⎫ = 𝑭𝑭4×1 = �𝐹𝐹1𝑀𝑀1𝑀𝑀2
𝑀𝑀3
� (5.42) 
 
5.6. Parametric design 
The “basic” contact model for piston impact dynamics is developed to facilitate the study of 
piston’s secondary motion in the presence of the NES attachments. An extensive parametric 
study is required to extract the optimal data for the design of the two proposed NES absorbers. 
Provided the analytical solution of the piston dynamics and controllers were easily achievable, 
the tuning of the passive controllers to the piston excitations would be a straightforward 
problem. The problem complexities are dealt with by employing design of experiment (DoE) 
techniques. One of these tools is a mapping technique, which generates contour maps of design 
parameters. In this approach, the design parameters are scanned over predefined intervals and 
the variations of the desired output(s) with respect to those parameters are mapped in contour 
plots. The contour maps are exploited to identify the optimal solution(s). In any DoE study, the 
aim, objective functions, design variables and constraints should be specified prior to 
simulations. The objective functions are the tools to achieve the DoE aim through investigation 
of the effect of the design variables. During DoE study, the problem constraints, such as 
boundary conditions, should be taken into account. The solutions that violate the system 
constraints should be discarded during either the solution process or the post-processing of 
results. In the following sections, the aim, objectives and constraints of the NES DoE process 
will be explored. 
 
5.6.1. Design of Experiment (DoE) problem 
The aim of the DoE is to find the best combination of design variables such that the objective 
functions are maximised, while the physical constraints are not violated. 
In general, design variables are categorised as NES variables and engine variables. The NES 
variables are the physical unknowns of the passive controllers (mass, stiffness coefficient, 
damping coefficient and the length of the pendula). Amongst the NES variables, the lengths of 
the pendula are assumed as constants for simplicity purposes. Engine variables (such as piston-
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pin offset, clearance etc.) are defined using the Honda CRF 460 specifications. The 
performance of the NES attachments should be consistent with the variation of the engine speed, 
which is the only engine variable that will be investigated during the parametric study.  
The piston translation and rotation inside the clearance cannot be completely eliminated due to 
the swing action of the connecting rod and the inevitable presence of the lateral force on the 
piston pin. Alternatively, the minimisation of the secondary motions is a viable objective. The 
piston and the pendulum communicate through nonlinear stiffness and linear damping elements. 
Provided that the pendulum reaction at the pin location adequately opposes the piston’s 
translation and rotation, then the piston’s eccentricity accelerations will be mitigated and 
subsequently the impact forces during contact will be reduced. For a fixed angular duration, 
lower contact forces denote lower accelerations and structural oscillations. Therefore, the 
eccentricity accelerations are representative of the impact severity. Equation 5.43 denotes the 
severity objective function. The maximum values of the objective function lead to the 
minimum eccentricity accelerations. 𝑖𝑖 indicates the location with respect to the four corners of 
the piston. The nominal case represents the maximum accelerations in the absence of passive 
controllers and it is used as the reference for comparison purposes. Thus 
% ?̈?𝑒𝑑𝑑 = �?̈?𝑒𝑑𝑑,𝑝𝑝𝐶𝐶𝑚𝑚𝑑𝑑𝑝𝑝𝑎𝑎𝑜𝑜 − ?̈?𝑒𝑑𝑑,𝑣𝑣𝑁𝑁𝑆𝑆�?̈?𝑒𝑑𝑑,𝑝𝑝𝐶𝐶𝑚𝑚𝑑𝑑𝑝𝑝𝑎𝑎𝑜𝑜 ×100 (5.43) 
 
The second objective of the DoE problem is to reduce the number of impacts. Figure 5.15 
suggests that two types of impacts can be present for Hertzian contact conditions. One type of 
impacts is taking place while piston separates from one side of the cylinder liner and 
immediately comes into contact with the opposite side of it (side to side impact). The other 
form of impacts is determined by the separation of the piston from one side of the cylinder liner 
and immediately being pushed back towards the same side (single-sided impact). The total 
number of these events counts for the number of piston impacts. The transient oscillations after 
each impact signify the impact severity through eccentricity accelerations (Equation 5.43). The 
piston impacts are identified through the change of direction in the lateral force. This technique 
is adapted to count for the crossings from the cylinder centre-line at the piston top and bottom 
lands, separately. The objective function is presented in equation 5.44. 𝑁𝑁 denotes the number 
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of impacts at either the top or bottom land of the piston skirt. The maximisation of equation 
5.44 leads to design data favouring the greatest reduction on the number of impacts.  
% 𝑁𝑁𝑑𝑑 = �𝑁𝑁𝑑𝑑,𝑝𝑝𝐶𝐶𝑚𝑚𝑑𝑑𝑝𝑝𝑎𝑎𝑜𝑜 − 𝑁𝑁𝑑𝑑,𝑣𝑣𝑁𝑁𝑆𝑆�𝑁𝑁𝑑𝑑,𝑝𝑝𝐶𝐶𝑚𝑚𝑑𝑑𝑝𝑝𝑎𝑎𝑜𝑜 ×100 (5.44) 
 
 
Figure 5.15. Presentation of impact types: side-to-side and single-sided 
The improvement on impact severity and number of impacts is a reasonable approach to reduce 
the noise and structural vibrations due to impact events. However, the impact severity does not 
clearly reflect the influence on structural deformation (e.g. a scenario in which the maximum 
impact acceleration (severity) is improved, whereas the structural deformation is extremely 
exacerbated at the same or other parts of the engine cycle). In order to avoid such combinations, 
a third criterion is implemented to represent the combined effect of the first two criteria, 
considering all the events over the engine cycle. The transferred energy to the cylinder liner (as 
described in Chapter 3) encapsulates the above. Consequently, the scenarios with extreme 
exacerbation in structural deformation are eliminated despite the possible improvement in 
impact severity. The transferred energy formulation requires a subtle modification to 
accommodate the results of the basic model (Equation 5.45), i.e. 
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𝐸𝐸𝑡𝑡,𝑇𝑇𝑆𝑆 = �𝐹𝐹�𝑡𝑡,𝑇𝑇𝑆𝑆.𝑟𝑟𝛿𝛿𝑡𝑡,𝑇𝑇𝑆𝑆 + �𝐹𝐹�𝑏𝑏,𝑇𝑇𝑆𝑆.𝑟𝑟𝛿𝛿𝑏𝑏,𝑇𝑇𝑆𝑆 
𝐸𝐸𝑡𝑡,𝐴𝐴𝑇𝑇𝑆𝑆 = �𝐹𝐹�𝑡𝑡,𝐴𝐴𝑇𝑇𝑆𝑆.𝑟𝑟𝛿𝛿𝑡𝑡,𝐴𝐴𝑇𝑇𝑆𝑆 + �𝐹𝐹�𝑏𝑏,𝐴𝐴𝑇𝑇𝑆𝑆.𝑟𝑟𝛿𝛿𝑏𝑏,𝐴𝐴𝑇𝑇𝑆𝑆 (5.45) 
 
The total transferred energy is separately calculated for the TS and ATS during one engine 
cycle. Indices 𝑡𝑡 and 𝑏𝑏 refer to the top and bottom lands of the piston skirt, respectively. 𝛿𝛿 is the 
structural deformation and 𝐹𝐹� indicates the contact force at each piston corner. The objective 
function for the third criterion is defined in equation 5.46 (where the subscript 𝑖𝑖 signifies either 
TS or ATS), thus 
% 𝐸𝐸𝑡𝑡,𝑑𝑑 = �𝐸𝐸𝑡𝑡,𝑑𝑑,𝑝𝑝𝐶𝐶𝑚𝑚𝑑𝑑𝑝𝑝𝑎𝑎𝑜𝑜 − 𝐸𝐸𝑡𝑡,𝑑𝑑,𝑣𝑣𝑁𝑁𝑆𝑆�𝐸𝐸𝑡𝑡,𝑑𝑑,𝑝𝑝𝐶𝐶𝑚𝑚𝑑𝑑𝑝𝑝𝑎𝑎𝑜𝑜 ×100 (5.46) 
 
The encapsulated parameters in the aforementioned functions are correlated. Achieving the 
maximum state of the mentioned objective functions might not occur simultaneously for a 
single combination of design data. Thus, the best compromise is leading to the optimal design. 
The best compromise is determined by the maximisation of as many objective functions as 
possible. Provided any objective function cannot be maximised along with other functions, its 
most possible improvement can contribute to the optimal design. 
The aforementioned objective functions are a useful starting point to select the optimal design 
data combination for minimising NVH. Although NVH improvement is targeted so far, the 
influence of the NES and the subsequent effects of piston dynamics on friction and engine 
power loss should be also investigated. The power loss for the optimal NES design(s) is 
calculated to ensure that the addition of absorbers does not deteriorate the frictional behaviour 
of the system (if no improvement is contributed). The cycle-averaged power loss is estimated 
over one crankshaft rotation through equation 5.47. 𝑃𝑃𝐿𝐿(𝜃𝜃) is the instantaneous power loss and 
varies with the friction force (𝐹𝐹𝑓𝑓) and sliding velocity (?̇?𝑥) at the piston-cylinder conjunction 
(Prata et al (2000), Cho and Moon (2005)), i.e.  
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𝑃𝑃𝐿𝐿𝑚𝑚 = 12𝑘𝑘� 𝑃𝑃𝐿𝐿(𝜃𝜃)𝑟𝑟𝜃𝜃2𝜋𝜋
0
 (5.47) 
𝑃𝑃𝐿𝐿(𝜃𝜃) = 𝐹𝐹𝑓𝑓?̇?𝑥 (5.48) 
 
The sliding velocity is known from piston kinematics. Friction is generated on both the TS and 
ATS of the cylinder liner. Although the effect of the viscous friction on the impact force is 
estimated to be less than 3% (Chapter 3), its effect on the power losses through the piston skirt, 
cannot be discarded. The contact forces in the basic piston impact model are exploited to 
estimate the regime of lubrication and friction forces. The normal loads on each side of the 
cylinder liner are provided by equations 5.49, using the contact forces at the corners of the 
piston skirt 
𝑊𝑊𝑇𝑇𝑆𝑆 = 𝐹𝐹𝐻𝐻,𝐴𝐴 + 𝐹𝐹𝐻𝐻,𝐶𝐶 
𝑊𝑊𝐴𝐴𝑇𝑇𝑆𝑆 = 𝐹𝐹𝐻𝐻,𝐵𝐵 + 𝐹𝐹𝐻𝐻,𝐷𝐷 (5.49) 
 
The normal loads (𝑊𝑊𝑑𝑑  and 𝑖𝑖 = 𝑇𝑇𝑆𝑆 or 𝐴𝐴𝑇𝑇𝑆𝑆) are substituted in equation 5.50 to estimate the 
minimum film thickness during elasto-hydrodynamic lubrication conditions (Gohar (1988)), 
thus 
ℎ𝑚𝑚 = 1.654 (𝜂𝜂𝐶𝐶?̇?𝑥)0.7𝑅𝑅0.43𝛼𝛼0.54𝐿𝐿0.13𝐸𝐸𝑟𝑟0.03𝑊𝑊𝑑𝑑  (5.50) 
 
𝛼𝛼 is the piezo-viscous constant and 𝐿𝐿 is the length of the contact. 𝜂𝜂𝐶𝐶, 𝑅𝑅 and 𝐸𝐸𝑟𝑟 are the viscosity 
at atmospheric pressure, the radius of curvature of the contacting bodies and the modified 
modulus of elasticity (𝐸𝐸𝑟𝑟 = 𝑘𝑘𝐸𝐸∗), respectively. This minimum film thickness also determines 
the transition from elasto-hydrodynamic mode to hydrodynamic lubrication (Equation 5.51). 
The average height of the surface asperities is indicated by 𝜎𝜎.  
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Λ = ℎ𝑚𝑚/𝜎𝜎 (5.51) 
 
The contributions to the friction force are given in equation 5.52. Provided Λ ≥ 3, the regime 
of lubrication is hydrodynamic and only viscous friction (𝐹𝐹𝑣𝑣) is generated (Equation 5.53). The 
term 𝜂𝜂 = 𝜂𝜂𝐶𝐶 exp(𝛼𝛼𝑃𝑃) takes into account the variation of viscosity with contact pressure 𝑃𝑃. 𝐴𝐴 
is the area of the piston skirt. If Λ < 3, mixed regime of lubrication is prevailing and both 
lubricant and asperities contribute to the friction force. The friction force due to asperities 
(boundary friction) is given by 𝐹𝐹𝑏𝑏 (Equation 5.54). 𝜏𝜏𝑒𝑒 is the Eyring stress (𝜏𝜏𝑒𝑒 ≈ 2 𝑀𝑀𝑃𝑃𝑎𝑎) and 
𝐶𝐶𝑝𝑝𝑏𝑏 ≈ 0.17 (Johnson (1985) and Teodorescu (2003)). 
𝐹𝐹𝑓𝑓 = 𝐹𝐹𝑣𝑣 + 𝐹𝐹𝑏𝑏 (5.52) 
𝐹𝐹𝑣𝑣 = 𝜂𝜂 ?̇?𝑥ℎ𝑚𝑚 𝐴𝐴 (5.53) 
𝐹𝐹𝑏𝑏 = 𝜏𝜏𝑒𝑒𝐴𝐴𝑎𝑎 + 𝐶𝐶𝑝𝑝𝑏𝑏𝑃𝑃𝑎𝑎 (5.54) 
𝐴𝐴𝑎𝑎 and 𝑃𝑃𝑎𝑎 are the asperities’ real contact area and contact pressure successively (Equations 
5.55 and 5.56), i.e. 
𝐴𝐴𝑎𝑎 = 𝑘𝑘2(𝛾𝛾𝛽𝛽𝜎𝜎)𝐴𝐴ℎ𝐹𝐹2(Λ) (5.55) 
𝑃𝑃𝑎𝑎 = 8√215 𝑘𝑘(𝛾𝛾𝛽𝛽𝜎𝜎)2�𝜎𝜎𝛽𝛽 𝐸𝐸∗𝐴𝐴ℎ𝐹𝐹52(Λ) (5.56) 
 
The product group 𝛾𝛾𝛽𝛽𝜎𝜎 is suggested to be reasonably constant (Greenwood and Williamson 
(1966)). This group and 𝜎𝜎/𝛽𝛽 are exploited (Teodorescu (2003)) for a cam-tappet contact with 
Gaussian distribution of asperity heights and constant radius of the curvature of the asperities. 
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According to (Greenwood and Tripp (1970), Teodorescu (2003)), the group 𝛾𝛾𝛽𝛽𝜎𝜎 = 0.055 
and 𝜎𝜎/𝛽𝛽 = 10−3  are selected for calculations. 𝐴𝐴ℎ  is the Herzian contact area and it is 
calculated from equation 5.57. 𝐹𝐹2(Λ)  and 𝐹𝐹5
2
(Λ)  are statistical functions, whose fitting 
polynomials are represented in equations 5.58 and 5.59 (Perera (2006)) as follows 
 
𝐴𝐴ℎ = �4𝑊𝑊𝑑𝑑𝑅𝑅𝐿𝐿𝑘𝑘𝐸𝐸∗  (5.57) 
𝐹𝐹2(Λ) = −0.0018Λ5 + 0.0281Λ4 − 0.1728Λ3 + 0.525Λ2 − 0.8043Λ + 0.5003 (5.58) 
𝐹𝐹5
2
(Λ) = −0.0046Λ5 + 0.0574Λ4 − 0.295Λ3 + 0.7844Λ2 − 1.0776Λ + 0.6167 (5.59) 
 
The film thickness can be very thin and it is assumed that at the asperities’ tip the lubricant 
behaves like non-Newtonian fluid. The Eyring shear stress (𝜏𝜏𝑒𝑒) is exploited to determine the 
limiting value of the shear stress where the non-Newtonian behaviour initiates. If the viscous 
shear stress exceeds the Eyring stress 𝜏𝜏𝑒𝑒 (while Λ < 3), the lubricant is non-Newtonian and its 
shear force (𝐹𝐹𝑣𝑣𝑣𝑣) is in the form of equation 5.60 (Perera (2006)), i.e. 
 
𝐹𝐹𝑣𝑣𝑣𝑣 = �𝜏𝜏𝑣𝑣 + 𝛾𝛾𝜎𝜎 �𝑃𝑃 − 𝑃𝑃𝑎𝑎𝐴𝐴ℎ �� 𝐴𝐴 (5.60) 
 
The parameter 𝛾𝛾𝜎𝜎  is approximated by ?̇?𝑥/2  and the viscous shear stress 𝜏𝜏𝑣𝑣 = 𝐹𝐹𝑣𝑣/𝐴𝐴 . The 
minimum film thickness formulation (Equation 5.50) is not accurate for low normal loads. The 
proposed formulations for hydrodynamic contacts overestimate the film thickness in that load 
range. Therefore, the friction force is directly calculated in these cases using an average 
coefficient of friction 𝜇𝜇 and contact load 𝑊𝑊𝑑𝑑 (where 𝐹𝐹𝑓𝑓 = 𝜇𝜇𝑊𝑊𝑑𝑑). Perera (2006) reported that 𝜇𝜇 
fluctuates around 0.008 for hydrodynamic lubrication at the piston-cylinder conjunction. 
Cameron (1966) explains that the friction coefficient 𝜇𝜇 does not exceed far above 0.05 for 
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highly loaded elasto-hydrodynamic contacts. Thus, these friction coefficient values are 
exploited to compensate for discrepant film thicknesses, considering the state of Λ. The friction 
force is simultaneously calculated for the TS and ATS contacts. The overall friction is the sum 
of both TS and ATS terms. The total value is substituted in equation 5.48 to evaluate the engine 
power loss and examine the influence of vibration absorbers on the frictional behaviour of the 
piston skirt. 
Additional criteria can confirm the successful implementation of the objective functions in 
determining the optimal design(s). The investigation of eccentricity values confirms that the 
conditions leading to exacerbated structural deformation are successfully discarded from the 
optimal solutions. For this purpose, the eccentricities for the filtered data through the 
transferred energy objective function will be directly compared between the original system 
and the system with NES. Another auxiliary criterion is the dissipated energy in the NES. The 
mitigated energy in the piston is not eliminated, but transferred to the NES absorbers. The 
transferred energy appears in the form of NES oscillations and it is later dissipated through the 
absorber’s local damping. Thus, the amount of dissipated energy is indicative of the 
improvement in piston’s secondary motion. The dissipated energy (𝐸𝐸𝑑𝑑𝑑𝑑𝑑𝑑.) shows the proportion 
of wasted energy through the absorber’s damping to the input energy in the piston (Equation 
5.61). The excitation force (𝐹𝐹𝑡𝑡) is acting along the translation of the piston pin (𝑒𝑒𝑝𝑝). The 
dissipated energy level is proportional to the improvement in piston’s secondary motion, thus 
%𝐸𝐸𝑑𝑑𝑑𝑑𝑑𝑑. = ∫ 𝑐𝑐𝑝𝑝�?̇?𝛾 − ?̇?𝛽�2𝑟𝑟𝑡𝑡∫𝐹𝐹𝑡𝑡𝑟𝑟𝑒𝑒𝑝𝑝 ×100 (5.61) 
 
5.6.2. Design of Experiment procedure 
In order to reach a satisfactory compromise among the three objective functions, a graphical 
representation of the results and finally a filtration procedure is adopted. The eccentricity 
accelerations, number of impacts (NoI) and the transferred energy (TE) are initially determined 
for the nominal piston system (without any absorber). These values are used as references for 
the objective functions. 
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The single pendulum design is initially investigated (being the simplest design). The proposed 
design variables (thereafter referred as “designs”) are scanned within a specified range with 
reasonably small step sizes. This range is imposed by either the physics of the problem or the 
information provided in the literature. The objective functions are then evaluated and visualised 
using contour plots, which present a good understanding of each objective function and its 
influence on piston’s secondary motion. However, the combined effect of the design variables 
will determine the optimal design, which necessitates a classification procedure. A two phase 
classification is adopted, using filtration and clustering.  
Hereafter, the filtration and clustering procedures are described through an example. It is 
assumed that the pendulum mass is 10% of the total mass of the piston and its pin. The damping 
coefficient is varied between 0 and 0.04 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 and the stiffness coefficient ranges from 10 
to 110 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3 . 189 simulations were carried out for this analysis (Figure 5.16). The 
objective functions are arranged in ascending order with damping coefficient. The impact 
severity objective function (Equation 5.43) is shown in Figure 5.17. The eccentricity 
accelerations are known for the top and bottom of the piston skirt. The TS and ATS components 
of these eccentricity accelerations are studied separately. Thus, four graphs are available for 
this objective function. For data numbers below 80 (lower damping coefficients), the maximum 
acceleration at the bottom eccentricity is largely improved. Other acceleration functions also 
experience improvement. For the same functions, there are areas with large exacerbation (up 
to -30%). The acceleration values with negative performance (exacerbation) are discarded from 
the design series.  
 
Figure 5.16. Simulation conditions for 10% NES mass ratio 
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Figure 5.17. Percentage of improvement in impact severity for the maximum and minimum eccentricity 
accelerations (not filtered) 
 
Figure 5.18 signifies the impact severity objective functions for the filtered designs (in similar 
ascending order with damping coefficient). For data numbers below 10 (horizontal axis), 
improvements are respectively large. The minimum improvement for the acceleration of an 
eccentricity motion can be zero. The simulation conditions for 10% mass ratio are shown in 
Figure 5.19 after the first filtration procedure. The NES mainly dissipates the energy excess at 
damping coefficient values of 0.02 and 0.025 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟. The parametric conditions with zero 
damping values are not of interest as the dissipative characteristic of the NES is physically 
present. These conditions are filtered in the next stages of the procedure. 
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Figure 5.18. Percentage of improvement in impact severity for the maximum and minimum eccentricity 
accelerations (filtered) 
 
Figure 5.19. Simulation conditions for 10% NES mass ratio after impact severity filtration 
The impact number objective function is explored thereafter. The percentage of improvement 
in this function is shown in Figure 5.20. The presented data have been previously filtered 
through the impact severity objective function. However, some designs exacerbate the number 
of impacts up to -10% at the top eccentricity. Thus, a second filter is applied based on the 
impact number objective function. The combination of design variables that deteriorates the 
number of impacts are discarded from the solutions (Figure 5.21). Similar to the impact severity 
conditions, larger improvements are present for the data numbers below 10 (Figure 5.21).  
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Figure 5.20. Percentage of improvement in the number of impacts at the top and bottom eccentricities (after the 
first filtration) 
 
Figure 5.21. Percentage of improvement in the number of impacts at the top and bottom eccentricities (after the 
second filtration) 
The final criterion of the filtration procedure is the transferred energy function (Equation 5.46). 
This objective function is presented after the second filtration (Figure 5.22). In contrary to the 
previous objective functions, the energy transfer function largely improves for the higher 
values of damping coefficient (larger data number values on the horizontal axis). At lower 
damping coefficients, the objective function can exacerbate up to -100%. The final filtration 
procedure is applied to discard the negatively affected designs in terms of energy transfer 
(Figure 5.23). With the transferred energy being the product of the contact force (severity 
criterion) and deformation (eccentricity), the cases leading to both exacerbation of the 
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structural deformation and structural vibrations are simultaneously taken out. The outcome of 
the DoE study is presented in Figure 5.24. The conditions with zero damping values are 
discarded through the filtration procedure.  
 
Figure 5.22. Percentage of improvement in the energy transfer function at the TS and ATS of the cylinder liner 
(after the second filtration) 
 
Figure 5.23. Percentage of improvement in the energy transfer function at the TS and ATS of the cylinder liner 
(after the third filtration) 
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Figure 5.24. Simulation conditions for 10% NES mass ratio after filtrations via three objective functions 
The design solutions that satisfy the filtration criteria are stored through the aforementioned 
procedure. These solutions are specified for each NES mass value. In each mass scenario, the 
stored designs represent a series of solutions that show improvement in the system behaviour. 
The optimal design for each NES mass scenario should be specified through a clustering 
procedure. The latter is ranking the designs based on their level of improvement in objective 
functions and prioritises the designs with respect to their cumulative performance. The design 
with the maximum state of all objective functions will be selected as the optimal design. 
Provided the objective functions do not maximise simultaneously for a single design, the design 
with the highest cumulative performance is appointed as the optimal. The selection process for 
this situation is as follows: 
• The objective functions are arranged based on the priorities. The impact severity function 
is the most important criterion, since it describes the improvement during the severest 
piston impact excitation. The impact perception directly depends on its severity regardless 
of the number of impacts. The impact number objective function is the second important 
criterion since it signifies the possibility of fewer contacts between the piston and the 
cylinder liner. The aforementioned criteria directly describe the cause of impact (piston 
motion). The energy transfer function, however, describes the result of impact (energy in 
the impacted structure). Thus, this function comes after the impact severity and impact 
number functions. 
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• These objective functions are analysed for each NES mass scenario using the stored 
designs during filtration procedure. The results are arranged with respect to the NES 
damping coefficient values. This arrangement is adopted to represent the dissipative 
behaviour of NES as the damping coefficient increases. 
• Designs with the largest improvement in impact severity are specified in a single cluster. 
This group includes any design with similar improvement (up to 5-10% fluctuations with 
respect to the largest improvement). Amongst this group, the design with the largest 
improvement in the impact number objective function is selected as the optimal design. 
Provided multiple designs are available, the maximum state of the energy transfer function 
will be examined for the selection of the optimal design.  
• Provided the cluster still contains multiple designs, the design with the lowest damping 
coefficient is desirable for the NES mechanism. 
The above mentioned procedure will be detailed during the selection of optimal designs in 
Chapter 6 (Section 6.4). The optimal designs for each NES mass will be compared through 
performance charts/tables and they will be arranged with respect to their impact dynamics 
performance. The clustering procedure does not take into account the power loss performance 
of these designs, which will be analysed using the friction calculation methodology presented 
in this chapter (Equations (5.47) to (5.60)). The final design amongst those optimal designs 
will be selected exploiting both dynamic and power loss performances.  
The DoE procedure in this chapter is developed for single pendulum NES. The double pendula 
mechanism is studied for two design cases in order to highlight the potential advantages of this 
mechanism to the single pendulum design. The parameters for double pendula NES will be 
specified using two optimal cases for single pendulum NES. Both concepts will be compared 
against the performance of a system without NES, examining the potential of double pendula 
NES (compared to a single one) in reducing piston impacts severity and number.  
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Summary 
Targeted dissipation of energy through a nonlinear energy sink is proven to improve the system 
response to different external excitations. The same concept is proposed in this chapter to 
control the piston secondary motion and its impacts against the cylinder liner. Since the “dry” 
contact models are suggested in DoE studies for their economic and time saving features, a 
basic piston impact model is developed. This basic ‘dry’ contact model is validated against the 
transient triodynamics model (presented in Chapter 3) and against another ‘dry’ contact model 
from literature. Two ungrounded NES designs are proposed in the form of pendula. The first 
design suggests a single pendulum swinging about the piston pin, whereas the second design 
comprises two independent pendula targeting separate ranges of impact frequencies. These 
parametric models are exploited in the basic impact model to determine the DoE objective 
functions. These latter comprise: impact severity, impact number and energy transfer. These 
functions are exploited to select the optimal design through filtration and clustering procedures, 
which have been thoroughly described through an example in this chapter.  
. 
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Chapter 6 
Parametric studies of the proposed nonlinear energy sink designs 
 
6.1. Introduction 
Traditional methods to influence piston impacts are calling for a compromise between NVH 
and power loss. The concept of targeted energy transfer through Nonlinear Energy Sinks (NES) 
was described in Chapter 5 as an alternative passive control scheme that might improve NVH 
performance whilst exacerbation in power loss is minimal (or even improvements are achieved). 
The NES is tuned to act over a wide range of excitation frequencies, provided that sufficient 
energy input is in place. The energy level dependence of the NES performance distinguishes 
this concept from conventional vibration control methods, whereas the NES should effectively 
cover variations in engine operating conditions. In the current chapter, a series of parametric 
studies are carried out to investigate the sensitivity of NES to engine speed (the most 
influential/transient operating condition). Later, extensive parametric studies are conducted to 
select the optimal characteristics for single pendulum NES. The power loss is evaluated 
numerically for a piston equipped with the optimal design(s). Eventually, the single pendulum 
with optimal conditions is replaced by two pendula. The potential advantages of a double 
pendula mechanism over a single pendulum are explored. 
 
6.2. NES performance with respect to engine speed variations 
Many dynamic systems are operating under steady state conditions, comprising invariable 
excitation frequency content. Thus, NES can be conveniently tuned to those frequencies. In 
dynamic systems such as internal combustion engines, the operating conditions can transiently 
vary and influence the excitation frequency content. The influence of the engine speed (main 
input variable) requires a detailed investigation to identify the frequency content of the system, 
since the generation of piston impacts depends on the engine speed. Moreover, the energy 
content of impacts increases with the engine speed, since cylinder pressure increases at higher 
speeds. Therefore, the NES design should be robust within the above operating conditions. A 
detailed analysis is required to prove the performance of NES designs to such fluctuations. 
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Thus, three objective functions have been identified to assess the performance of the NES 
absorber (Chapter 5): 
• Severity of impact (amplitude of the eccentricity acceleration) 
• Number of impacts 
• Energy transfer (the energy transferred into the impacted structure through contact) 
An additional concern is that the engine speed fluctuates during the engine cycle. These 
fluctuations should be taken into account in the analysis. The engine operating conditions 
(cylinder pressure and speed fluctuation) were measured for three different engine speeds in 
the laboratory (Chapter 3). The Lagrange interpolator was exploited to expand the data density 
between 3000 rpm and 4250 rpm (Chapter 5). Thereafter, seven different engine speeds are 
selected, ranging from 3000 rpm to 4200 rpm, for the engine speed analysis. The piston 
eccentricity acceleration and number of impacts are evaluated in the presence of the single 
pendulum NES and they are compared with the primary state of the system (without NES). 
Since the NES response can noticeably vary with its stiffness properties, the nonlinear stiffness 
coefficient is varied between 10 and 110 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3. The damping coefficient and pendulum 
length are assumed as constants (0.01 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟  and 0.05 𝑚𝑚 , respectively). For stiffness 
coefficients greater than 110 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3, it was found that the NES oscillation amplitudes and 
energy absorption capability are negligible. On the other hand, the NES oscillations were found 
to be severe for stiffness coefficients lower than 10 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3. These oscillations can lead to 
undesirable impacts between the NES and the cylinder liner as the length of pendulum is greater 
than the radius of the cylinder bore. In a separate analysis, the damping coefficient was varied 
from 0 to 0.045 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 whilst the stiffness coefficient was assumed to be constant (40 
𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3). The upper limit for the damping coefficient has been selected using the energy 
dissipation capacity for 20% NES mass ratio (the latter ratio is determined with respect to the 
total mass of the piston and its pin). The mass ratio parameter equals to 10% for the current 
engine speed analysis. The piston parameters are those of the tribodynamics model (Chapters 
3 and 4). 
The contour plots in Figures 6.1 to 6.4 reveal the percentage of improvement (reduction) in 
eccentricity acceleration amplitudes and number of impacts, using the objective functions of 
Chapter 5. For the brevity of the discussion, only results related to the above two main objective 
functions are presented here. The energy transfer function shows similar behaviour to the 
impact severity and impact number objective functions. The horizontal axis indicates the 
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engine speed. The vertical axis in Figures 6.1 and 6.2 shows the variation of the stiffness 
coefficient. The variation of damping coefficient is signified on the vertical axis of Figures 6.3 
and 6.4. Although the energy content of impacts and eccentricity accelerations increases with 
the engine speed, the NES performance is shown to be consistent for specific damping and 
stiffness properties. The eccentricity accelerations are further improved at the ATS and mainly 
at lower stiffness coefficient values. The number of Impacts (NoI) reduces up to 30% within 
the range 20 - 60 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3 of the nonlinear stiffness coefficient in Figure 6.2. The objective 
functions show good NES performance at damping coefficients ranging from 0.01 to 0.02 
𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 (Figures 6.3 and 6.4). Since the NES performance shows robustness with the engine 
speed (Figures 6.1 to 6.4), a single speed suffices for the DoE study hereafter. The selection of 
a single speed reduces the number of design variables and improves the overall simulation time. 
 
Figure 6.1. Variation of eccentricity acceleration amplitudes (impact severity objective function) with respect to 
the NES stiffness coefficient and engine speed. TS indicates the thrust side and ATS the anti-thrust side. The 
indices t and b indicate piston skirt’s top land and bottom land. 
  
(%) (%) 
(%) (%) 
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Figure 6.2. Variation of number of impacts with respect to the NES stiffness coefficient and engine speed: 
piston skirt top land (𝑒𝑒𝑡𝑡) and bottom land (𝑒𝑒𝑏𝑏)  
 
Figure 6.3. Variation of eccentricity acceleration amplitudes (impact severity objective function) with respect to 
the NES damping coefficient and engine speed. TS indicates the thrust side and ATS the anti-thrust side. The 
indices t and b indicate piston skirt’s top land and bottom land. 
(%) 
(%) 
 
 
Impact improvement at 𝑒𝑒𝑡𝑡 
Impact improvement at 𝑒𝑒𝑏𝑏 
(%) (%) 
(%) (%) 
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Figure 6.4. Variation of number of impacts with respect to the damping coefficient and engine speed: piston 
skirt top land (𝑒𝑒𝑡𝑡) and bottom land (𝑒𝑒𝑏𝑏) 
 
6.3. Parametric Study 
The equations of motion for piston equipped with a single pendulum and double pendula NES 
were derived parametrically in Chapter 5. The parameters defining the NES design are the 
pendulum mass, stiffness, damping and length. The robustness of the NES performance with 
engine speed variations was shown in the previous section. Thus, a single speed (3500 rpm) 
will be exploited in the parametric study. In pendulum oscillations, the natural frequency of the 
system depends on its mass (𝑚𝑚𝑡𝑡), torsional stiffness (𝑘𝑘𝑡𝑡) and length (𝐿𝐿𝑡𝑡). This natural frequency 
should coincide with the excitation frequencies of the primary system (piston impacts). 
Provided the torsional stiffness is linear and external excitations are negligible, the problem is 
similar to the classic pendulum with small angular oscillations (Figure 6.5). This analogy is 
exploited to determine the interaction amongst the aforementioned design variables. 
 
(%) 
(%) 
 
 
Impact improvement at 𝑒𝑒𝑡𝑡 
Impact improvement at 𝑒𝑒𝑏𝑏 
 150 
 
Figure 6.5. Pendulum with no external excitation and linearly torsional stiffness at its pivot 
The equation of motion for the pendulum of Figure 6.5 is in the form of equation 6.1, i.e. 
𝑚𝑚𝑡𝑡𝐿𝐿𝑡𝑡
2?̈?𝜃 + 𝑚𝑚𝑡𝑡𝑔𝑔𝐿𝐿𝑡𝑡 sin 𝜃𝜃 + 𝑘𝑘𝑡𝑡𝜃𝜃 = 0 (6.1) 
A simple harmonic solution is selected as Θ = Θ𝐶𝐶 cos𝜔𝜔𝑡𝑡. The natural frequency of the linear 
pendulum (small angular oscillations) is given by 
𝜔𝜔𝑣𝑣 = �𝑔𝑔𝐿𝐿𝑡𝑡 + 𝑘𝑘𝑡𝑡𝑚𝑚𝑡𝑡𝐿𝐿𝑡𝑡2 (6.2) 
Although the concept of a single natural frequency does not exist in the case of the nonlinear 
pendulum (NES), the analogy between the two systems assists with the reduction of design 
variables for the DoE study. Different combinations of 𝑘𝑘𝑡𝑡, 𝑚𝑚𝑡𝑡 and 𝐿𝐿𝑡𝑡 values can lead to the 
same natural frequency 𝜔𝜔𝑣𝑣 (Equation 6.2). Provided one of these design parameters is assumed 
as invariable, the same frequency is still achievable through the other two variables. 𝑘𝑘𝑡𝑡 is the 
nonlinear stiffness coefficient in the current NES concept and its influence on energy transfer 
is significant. The pendulum mass (𝑚𝑚𝑡𝑡) should be variable for the DoE study, as the influence 
of added mass on engine’s performance is of paramount importance. Thus, the pendulum length 
is assumed as a fixed value. Another significant parameter for the NES performance is the 
damping coefficient (𝑐𝑐𝑡𝑡) and its influence on energy dissipation. The moments due to torsional 
stiffness and damping are directly influenced by the angular displacement and velocity of the 
pendulum. Thus, large angular oscillations of the pendulum produce greater energy transfer 
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and energy dissipation in the NES. Those oscillations are restricted to the cylinder bore size 
and piston skirt length. The selected pendulum length (0.05 𝑚𝑚 ) allows for large angular 
oscillations of the pendulum inside the cylinder bore whilst its contact with the piston skirt is 
avoided. The contact between the NES and cylinder liner is confined to very weak stiffness 
coefficient values (values below 10 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3) for this specific pendulum length. 
The three aforementioned parameters (𝑚𝑚𝑡𝑡, 𝑘𝑘𝑡𝑡 and 𝑐𝑐𝑡𝑡) are the examined variables of the NES 
design. A series of parametric studies are carried out, where the nonlinear stiffness coefficient 
is varied between 10 and 110 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3  (as explained in the description of the NES 
performance analysis with the engine speed variations) with 5 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3 steps. The NES mass 
in ungrounded designs should be small compared to the mass of the primary system. Thus, the 
NES mass ratio is expressed in terms of the proportion of the NES mass over the total mass of 
the piston and pin (𝜀𝜀 = 𝑚𝑚𝑡𝑡/(𝑚𝑚𝑝𝑝𝑑𝑑𝑑𝑑 + 𝑚𝑚𝑝𝑝𝑑𝑑𝑝𝑝)). The value of 𝜀𝜀 is commonly chosen between 0 
and 20% for the parametric study of two-degree-of-freedom and multi-degree-of-freedom 
systems (Vakakis, 2008). As a constraint, the NES mass ratio should not exceed 20% for the 
current problem and it is varied between 5 - 20% with 2.5% steps.  
Finally, the energy dissipation mechanism is a key to the absorption of the energy excess 
(secondary motion) of the primary system by the absorber. The dissipated energy shows the 
proportion of wasted energy through the absorber’s damping to the input energy in the piston 
(Equation 5.62, Chapter 5). Figure 6.6 shows the percentage of dissipated energy through the 
NES damping element for four NES mass ratios (7.5, 12.5, 17.5 and 20%). The mass ratio has 
critical influence on the capacity of the nonlinear attachment to passively absorb energy from 
the piston during a cycle of motion. Up to 50% energy is dissipated through the NES damping 
element for 20% mass ratio (Figure 6.6-d). This is achieved due to the large angular velocity 
of the NES, since the energy dissipated energy proportional to the angular velocity (Equation 
5.62, Chapter 5). Low values of the stiffness coefficient and large NES mass ratios (inertia) 
result in larger angular displacement and velocities in the NES. Satisfactory energy dissipation 
is achieved over wider range of stiffness and damping coefficients as the mass ratio increases. 
The effective damping coefficient ranges up to 0.04 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 for 20% NES mass ratio (Figure 
6.6-d). Since the NES damping should be linear (and small, in order not to prevent the NES 
oscillations), the maximum value of 0.04 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟  has been selected for the damping 
coefficient. 𝑐𝑐𝑡𝑡  is varied from 0 to 0.04 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟  with 0.005 steps. The results of the 
parametric study are illustrated in the form of contour plots; the horizontal axis represents the 
 152 
damping coefficient, whereas the vertical axis signifies the variation of the stiffness coefficient. 
The colour map shows the variation of each objective function. Contour plots are obtained for 
each NES mass ratio. Seven mass ratios have been analysed. In order to prevent unnecessary 
repetition and for the brevity of the discussion only three cases are presented (7.5, 12.5 and 20% 
mass ratios). The results of other mass ratios are presented only if they are required for the 
clarity of the discussion.  
 
 
Figure 6.6. Energy dissipation through the NES with the variation of stiffness and damping coefficients. Mass 
ratios are (a) 7.5%, (b) 12.5%, (c) 17.5% and (d) 20%. 
Figure 6.7 illustrates the eccentricity accelerations (severity objective function) for 7.5% mass 
ratio. This NES mass ratio generally improves eccentricity accelerations at the top and bottom 
lands of the piston skirt. Positive accelerations are labelled by ATS as the coordinate system 
points towards the ATS of the cylinder liner. Thus, negative accelerations are towards the TS 
and they are labelled accordingly. Accelerations are mainly improved for damping coefficients 
between 0.005 and 0.01 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟. Further improvements are present at the top eccentricity 
for damping coefficients above 0.03 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟. These areas are shown as stripes over different 
(%) (%) 
(%) (%) NES damping coefficient (Nms/rad) NES damping coefficient (Nms/rad) 
NES damping coefficient (Nms/rad) NES damping coefficient (Nms/rad) 
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stiffness coefficient values. The improvement area for lower damping coefficients (about 0.01 
𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟), however, is restricted between stiffness values of 20 and 50 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3 at the ATS 
of the piston top land. The area of interest at the TS of the piston bottom land is shifted towards 
damping coefficient value of 0.02 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟. The same study is carried out for 12.5% mass 
ratio and the severity objective functions are presented in Figure 6.8. The areas of improvement 
are extended over damping coefficient values of 0.01 to 0.02 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟. In spite of wider areas 
of beneficial performance, the overlapping between areas of improved performance (TS of 
bottom eccentricity) and areas of exacerbated performance (ATS of top eccentricity) restricts 
the number of scenarios for optimal design. The eccentricity accelerations are consistently 
improved between damping coefficient values of 0.01 and 0.04 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 for 20% mass ratio 
at the TS (Figure 6.9). The area of improved performance grows wider as the NES mass ratio 
increases. Simultaneously, the overlapping between areas of improved performance (ATS of 
piston top land) and areas of exacerbated performance (ATS of piston bottom land) enlarges in 
Figure 6.9.  
 
Figure 6.7. Variation of the eccentricity acceleration objective function with damping coefficient 𝑐𝑐𝑡𝑡 and stiffness 
coefficient 𝑘𝑘𝑡𝑡 for 𝑚𝑚𝑡𝑡 = 7.5% 
(%) (%) 
(%) (%) 
  
  
NES damping coefficient (Nms/rad) NES damping coefficient (Nms/rad) 
NES damping coefficient (Nms/rad) NES damping coefficient (Nms/rad) 
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Figure 6.8. Variation of the eccentricity acceleration objective function with damping coefficient 𝑐𝑐𝑡𝑡 and stiffness 
coefficient 𝑘𝑘𝑡𝑡 for 𝑚𝑚𝑡𝑡 = 12.5% 
 
Figure 6.9. Variation of the eccentricity acceleration objective function with damping coefficient 𝑐𝑐𝑡𝑡 and stiffness 
coefficient 𝑘𝑘𝑡𝑡 for 𝑚𝑚𝑡𝑡 = 20% 
 
(%) (%) 
(%) (%) 
  
  
NES damping coefficient (Nms/rad) NES damping coefficient (Nms/rad) 
NES damping coefficient (Nms/rad) NES damping coefficient (Nms/rad) 
(%) 
(%) 
(%) 
(%) 
 
 
 
 
NES damping coefficient (Nms/rad) NES damping coefficient (Nms/rad) 
NES damping coefficient (Nms/rad) NES damping coefficient (Nms/rad) 
 155 
The second objective function is the number of impacts (NoI). Figure 6.10 illustrates the 
percentage of improvement in this objective function for 7.5% mass ratio. The areas of 
improved performance are restricted between damping coefficient values of 0.005 and 0.015 
𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 (similarly to the severity objective function). This area is stretched over a wider 
range of stiffness coefficients for the bottom eccentricity. The improved areas are shifted 
towards higher damping coefficient values for 12.5% mass ratio (Figure 6.11). The effective 
damping coefficients are between 0.01 and 0.025 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 . The areas of exacerbated 
performance overlap with the areas of improved performance for stiffness coefficient values 
below 40 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3 at the bottom eccentricity. As the NES mass ratio increases to 20% (Figure 
6.12), the number of impacts are improved between 0.01 and 0.04 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟  damping 
coefficients at the top eccentricity. This area at the bottom eccentricity is covered with a wide 
area of exacerbated number of impacts. In spite of the larger areas of improved performance, 
this overlap reduces the number of scenarios for optimal designs as the mass ratio increases. 
Regardless of the overlaps with the areas of exacerbated performance, piston impacts can 
improve about 30 - 50% as the NES mass ratio changes between 7.5 - 20%. 
 
 
Figure 6.10. Variation of the number of impacts objective function with damping coefficient 𝑐𝑐𝑡𝑡 and stiffness 
coefficient 𝑘𝑘𝑡𝑡 for 𝑚𝑚𝑡𝑡 = 7.5% 
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(%) 
 
 
NES damping coefficient (Nms/rad) 
NES damping coefficient (Nms/rad) 
Impact improvement at 𝑒𝑒𝑡𝑡
Impact improvement at 𝑒𝑒𝑏𝑏 
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Figure 6.11. Variation of the number of impacts objective function with damping coefficient 𝑐𝑐𝑡𝑡 and stiffness 
coefficient 𝑘𝑘𝑡𝑡 for 𝑚𝑚𝑡𝑡 = 12.5% 
 
Figure 6.12. Variation of the number of impacts objective function with damping coefficient 𝑐𝑐𝑡𝑡 and stiffness 
coefficient 𝑘𝑘𝑡𝑡 for 𝑚𝑚𝑡𝑡 = 20% 
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The impact severity and number of impacts objective functions are the main criteria to study 
the NVH performance through piston’s secondary motion. These functions do not take into 
account the structural deformation. Scenarios in which the structural deformations of the engine 
components are exacerbated can negatively influence the transferred energy to the engine block 
in spite of improvement in impact severity. Thus, the transferred energy objective function is 
exploited to avoid such scenarios. The transferred energy to the cylinder liner is expressed in 
terms of improvement percentage with respect to the original system’s behaviour without NES 
(Equation 5.47 in Chapter 5). This objective function is illustrated in Figures 6.13 to 6.15 for 
7.5, 12.5 and 20% mass ratios successively. The percentage of improvement drops from about 
10% to approximately 0% at the TS of the cylinder liner as the mass ratio increases. This is 
consistently in the proximity of 0% at the ATS for all mass ratios. The exacerbated areas of 
performance are confined to zero damping conditions, which are not the concern for NES 
design. The areas of improved performance are shifted towards higher damping coefficients as 
the NES mass ratio increases. This effect is more apparent at the bottom eccentricity.  
 
 
Figure 6.13. Variation of the transferred energy objective function with damping coefficient 𝑐𝑐𝑡𝑡 and stiffness 
coefficient 𝑘𝑘𝑡𝑡 for 𝑚𝑚𝑡𝑡 = 7.5% 
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Figure 6.14. Variation of the transferred energy objective function with damping coefficient 𝑐𝑐𝑡𝑡 and stiffness 
coefficient 𝑘𝑘𝑡𝑡 for 𝑚𝑚𝑡𝑡 = 12.5% 
 
Figure 6.15. Variation of the transferred energy objective function with damping coefficient 𝑐𝑐𝑡𝑡 and stiffness 
coefficient 𝑘𝑘𝑡𝑡 for 𝑚𝑚𝑡𝑡 = 20% 
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The aforementioned objective functions are the main criteria for the DoE analysis. The physical 
constraints of the system, however, should be considered as well. The pendulum can come into 
contact with the cylinder liner for weak stiffness coefficient values below 10 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3 (as 
already mentioned). The contour plots of Figure 6.16 show the maximum and minimum 
amplitude of angular oscillations of the NES (12.5% mass ratio), which are very small for 
damping coefficient values of 0.025 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 and above. On the contrary, the oscillations are 
severe for zero damping and stiffness coefficient values less than 25 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3 . The zero 
damping conditions are of no interest for the NES design. Thus, the angular oscillations are 
well confined between 0 and 70° (the maximum angle at which the NES impacts the cylinder 
liner). For the brevity of the discussion, the contour plots for other mass ratios are not presented 
as their trends are very similar to the case of 12.5% mass ratio.  
 
 
Figure 6.16. Amplitude of the NES angular oscillations with damping coefficient 𝑐𝑐𝑡𝑡 and stiffness coefficient 𝑘𝑘𝑡𝑡 
for 𝑚𝑚𝑡𝑡 = 12.5% 
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6.4. Selection of the optimal designs 
In the previous section, the areas of improved performance for each objective function are 
specified through a series of simulations. The percentage of improvement in the transferred 
energy function generally reduces with increasing the NES mass ratio. This trend is opposing 
the findings related to the impact severity and number of impacts objective functions as the 
NES mass ratio increases. Thus, a detailed study of the contour plots is essential through DoE. 
The NES design characteristics leading to best performance are specified for each mass ratio 
using the results of all objective functions simultaneously. A filtration procedure is adopted to 
eliminate the stiffness-damping combinations that lead to poor state of each objective function. 
This approach was explored in Chapter 5. The output of filtration is post-processed hereafter 
to pinpoint the optimal design characteristics for each NES mass ratio. The selection approach 
is described using two examples for 7.5 and 12.5% mass ratios. 
Initially, 189 simulations have been carried out for each NES mass ratio through the variation 
of stiffness and damping coefficients. The output of the filtration procedure is shown in Figure 
6.17 for 7.5% NES mass ratio. 84 out of 189 designs lead to simultaneous improvement in all 
the objective functions. The stiffness-damping combinations for these designs are specified in 
Figure 6.17. These designs (data points) are arranged in ascending order with the damping 
coefficient. The horizontal axis specifies the data number and the vertical axes signify the 
stiffness and damping coefficients. This group participates in the selection of the optimal 
design through a clustering procedure, as described in Chapter 5. The same information is 
presented for 12.5% mass ratio in Figure 6.18. Only 12 out of 189 designs show improvement 
in all the objective functions. The data point density is less at 12.5% mass ratio due to larger 
overlaps between the areas of improved and exacerbated performance in the contour plots. The 
damping coefficients vary between 0.01 and 0.03 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 for the case of 7.5% mass ratio, 
whilst these values are mainly located at 0.025 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟  for the 12.5% mass ratio. The 
stiffness coefficients are distributed over similar intervals for both cases. 
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Figure 6.17. The stiffness – damping combinations for the filtered data at 7.5 % NES mass ratio: stiffness 
coefficients (blue squares) and damping coefficients (red circles) 
 
Figure 6.18. Stiffness – damping combinations for the filtered data at 12.5 % NES mass ratio: stiffness 
coefficients (blue squares) and damping coefficients (red circles) 
The impact severity objective functions are investigated for 7.5 and 12.5% mass ratios using 
the filtered data points (Figures 6.19 and 6.20). The horizontal axis shows the data number in 
ascending order with the damping coefficient. In these Figures, the state of the maximum (𝑚𝑚𝑥𝑥) 
and minimum (𝑚𝑚𝑛𝑛) eccentricity acceleration are shown for the piston top land (𝑒𝑒𝑡𝑡) and bottom 
land (𝑒𝑒𝑏𝑏 ). The improvements are greater for lower values of damping coefficient (0.01 
𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟  for 7.5% mass ratio and 0.015-0.02 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟  for 12.5% mass ratio). The 
maximum improvement takes place at the piston bottom land and towards the ATS for both 
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cases ( ?̈?𝑒𝑏𝑏,𝑚𝑚𝑥𝑥 ). The positive direction of the coordinate system is towards the ATS and 
represents the maximum accelerations. The percentage of improvement initially drops to very 
small values and then it gradually rises as the damping coefficient increases. It is inferred that 
weaker damping allows for better NES communication with the piston. The NES capability in 
reducing impact severity improves from about 20 - 35% as the NES mass ratio increases.  
 
Figure 6.19. Eccentricity acceleration variation with damping coefficient for 7.5% NES mass ratio (maximum 
and minimum values at the piston top (𝑒𝑒𝑡𝑡) and bottom (𝑒𝑒𝑏𝑏) lands) 
 
Figure 6.20. Eccentricity acceleration variation with damping coefficient for 12.5% NES mass ratio (maximum 
and minimum values at the piston top (𝑒𝑒𝑡𝑡) and bottom (𝑒𝑒𝑏𝑏) lands) 
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The objective function for number of impacts (abbreviated as NoI hereafter) is presented for 
the top and bottom eccentricities for 7.5% and 12.5% mass ratios (Figures 6.21 and 6.22). the 
horizontal axis describes the data number in ascending order with respect to damping 
coefficient. The NoI is largely improved for lower damping coefficient values. The NES 
mechanism has greater influence on NoI at the bottom eccentricity (𝑁𝑁𝑓𝑓𝐼𝐼𝑏𝑏) in both cases. The 
improvement rises between 25 - 35% as the NES mass ratio increases between 7.5 - 12.5%. 
The NoI improvement remains below 20% for high damping coefficients. 
 
Figure 6.21. Number of impacts (NoI) with damping coefficient for 7.5% NES mass ratio (NoI at the top (𝑁𝑁𝑓𝑓𝐼𝐼𝑡𝑡) 
and bottom (𝑁𝑁𝑓𝑓𝐼𝐼𝑏𝑏) lands) 
 
Figure 6.22. Number of impacts (NoI) with damping coefficient for 12.5% NES mass ratio (NoI at the top 
(𝑁𝑁𝑓𝑓𝐼𝐼𝑡𝑡) and bottom (𝑁𝑁𝑓𝑓𝐼𝐼𝑏𝑏) lands) 
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The energy transfer function shows the combined effect of structural deformation and 
eccentricity acceleration, thus ensuring that scenarios with exacerbated structural deformation 
are removed from the data points, whilst the cases with exacerbated acceleration have been 
already discarded through the impact severity objective function. Figures 6.23 and 6.24 
illustrate the energy transfer functions for 7.5% and 12.5% NES mass ratios. The transferred 
energy function is shown for the TS and ATS sides of the cylinder liner (𝐸𝐸𝑡𝑡𝑡𝑡𝑠𝑠 and 𝐸𝐸𝑡𝑡𝑎𝑎𝑡𝑡𝑠𝑠). In 
spite of large improvements for low damping coefficients, the maximum results of the function 
are achieved at high damping coefficients for 7.5% mass ratio, whereas for 12.5% mass ratio 
the bigger improvements are observed at lower damping coefficients. The maximum 
percentage of improvement rises from 7% to about 14% at the ATS as the NES mass increases. 
The difference at the TS is small between the two cases. 
Figure 6.25 illustrates the angular oscillations of the NES for 12.5% mass ratio. The NES 
undergoes large displacements at low damping. As the damping coefficient increases (greater 
data number), the angular oscillations reduce to small amplitudes. This behaviour signifies that 
damping dominates the NES dynamics (at higher damping values). Therefore, the optimal NES 
design should be sought in areas with lower damping coefficients. 
 
 
Figure 6.23 Transferred energy with damping coefficient at 7.5% NES mass ratio (TS and ATS of the cylinder 
liner) 
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Figure 6.24. Transferred energy with damping coefficient at 12.5% NES mass ratio (TS and ATS of the cylinder 
liner) 
 
Figure 6.25. Maximum and minimum angular oscillation amplitudes of the NES at 12.5% mass ratio with 
damping coefficient 
Since the optimum of the objective functions requires low damping coefficients, these areas 
are explored for optimal NES design characteristics. The simultaneous study of all the objective 
functions is essential for this selection. This analysis exploits the same definitions as in Figures 
6.19 – 6.24. Each data point corresponds to a design with its combined stiffness-damping 
characteristics. The data number is an integer value, specifying the position of each data point 
on the horizontal axis of these Figures. The selection process is convenient for 12.5% mass 
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ratio, as only the first two data points should be compared (data numbers 1 and 2). The second 
data point (𝑐𝑐𝑡𝑡 = 0.02 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 and 𝑘𝑘𝑡𝑡 = 80 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3) has the maximum improvement in 
all objective functions (Figures 6.20, 6.22 and 6.24). Thus, this stiffness-damping combination 
is appointed as the optimal design for 12.5% mass ratio. The first four data points (data numbers 
1 to 4) are located at the lowest damping coefficient (0.01 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟) for 7.5% mass ratio 
(Figure 6.17). Impact severity and energy transfer objective functions are at their maximum 
state with less than 5% fluctuations across these data points (Figures 6.19 and 6.23). NoI 
function at the bottom land is following similar pattern. NoI at the top land, however, has the 
minimum improvement amongst the objective functions, except for the second data point (𝑐𝑐𝑡𝑡 =0.01 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 and 𝑘𝑘𝑡𝑡 = 80 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3). For this data point, the NoI at the top land suddenly 
rises to 15% and all objective functions are approximately optimum. Therefore, the second data 
point is selected as the optimal design for 7.5% mass ratio. Similar analyses are carried out for 
other NES mass ratios and the stiffness and damping properties of optimal designs for each 
mass ratio are tabulated in table 6.1. The optimal designs are shifted towards higher damping 
coefficients as the NES mass ratio increases. None of stiffness-damping combinations can lead 
to simultaneous improvement of objective functions for 15% mass ratio. Therefore, no optimal 
design is suggested for this case. 
 
Table 6.1. The optimal NES designs for each NES mass ratio 
𝒎𝒎𝒕𝒕 (%) 5 7.5 10 12.5 15 20 
𝒌𝒌𝒕𝒕 (𝑵𝑵/𝒎𝒎𝟑𝟑) 20 80 105 80 NA 60 
𝒄𝒄𝒕𝒕 (𝑵𝑵. 𝒔𝒔/𝒎𝒎) 0.005 0.01 0.01 0.02 NA 0.035 
 
The optimal designs of table 6.1 are compared in Figure 6.26. Different colours in the bar chart 
represent different NES mass ratios. The horizontal axis shows the objective functions and the 
vertical axis signifies the percentage of improvement for each function. The optimal designs 
with 12.5% and 20% mass ratios show better performance in terms of impact severity 
(eccentricity acceleration). The optimal NES design with 17.5% mass ratio has the maximum 
improvement of NoI at the piston top land (𝑁𝑁𝑓𝑓𝐼𝐼 (𝑒𝑒𝑡𝑡)). On the other hand, the NoI function 
undergoes simultaneous improvement at both piston top land and bottom land for 12.5% and 
20% mass ratios. In terms of transferred energy, the NES with 20% mass ratio performs better. 
Since the performance of the optimal designs fluctuates with the objective function and their 
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location on the piston skirt, the average performance for each objective function assists with 
the selection of the best NES design. These average values are tabulated for each mass ratio in 
table 6.2. The NES with 20% mass ratio performs better in terms of piston impact dynamics. 
The scenarios with 12.5% and 17.5% mass ratios are coming next successively. The NES with 
10% and 7.5% mass ratios show moderate performance, whereas the optimal design for 5% 
mass ratio shows minimum improvements. The effect of frictional losses is not taken into 
account for the proposed analysis. Thus, the best design is selected using only piston impact 
performance. The influence of NES designs on the power loss through piston skirt will be 
detailed in the next section. 
 
 
Figure 6.26. Comparison of performance improvement for different objective functions and NES designs  
 
Table 6.2. The average values of the objective functions for optimal NES designs 
𝒎𝒎𝒕𝒕 (%) 5 7.5 10 12.5 17.5 20 
Impact severity (%) 8.11 8.98 9.14 13.60 11.89 14.77 
NoI (%) 7.69 17.42 21.55 34.03 33.80 37.94 
Energy transfer (%) 3.94 6.15 5.57 11.20 8.29 13.50 
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6.5. Performance analysis for the optimal designs 
The optimal design for 20% mass ratio performs better in terms of piston impact improvement. 
This conclusion is derived in the absence of power loss effects. Thus, performance analysis is 
carried out hereafter for two reasons: (i) To derive the time history of the kinematics in order 
to confirm the previous findings and (ii) To calculate friction losses at the piston-cylinder 
conjunction for the optimal NES designs. 
The piston eccentricity time history is illustrated for the optimal design (20% mass ratio) in 
Figure 6.27. The top and bottom eccentricities are directly exploited to predict the number of 
impacts. Structural deformations are estimated as well. The time history results are simulated 
for 60 engine cycles to prove the NES stability. Only the last three cycles are presented in 
Figure 6.27. The engine cycles are shown in terms of crank angle (horizontal axis). In these 
graphs, the piston eccentricity without NES (2dof) is compared with the eccentricity in the 
presence of NES (3dof model). As it can be seen, two piston impacts are removed at the top 
eccentricity during the intake stroke (C labels in Figure 6.27). Transient impacts are initiated 
by separation of the piston from the cylinder liner due to transient oscillations at the piston-
cylinder conjunction (single-sided impacts as described in Chapter 5). These impacts are 
present towards the top dead centre of the exhaust stroke (B labels in Figure 6.27) in the 2dof 
system. These transient impacts are considerably mitigated at the top eccentricity using NES. 
Transient oscillations are present after the main impact at the beginning of the compression 
stroke (A labels in Figure 6.27). These oscillations are remarkably reduced at the bottom 
eccentricity (𝑒𝑒𝑏𝑏) using the NES. Similar improvements are observed in transient impacts at the 
bottom eccentricity during the first half of the intake stroke (E labels in Figure 6.27). One 
transient impact appears in the middle of the compression stroke (D labels in Figure 6.27). 
Generally, the eccentricity time history (structural deformations) is improved in the presence 
of NES (3dof). These observations comply with the previous findings in section 6.4. 
 
 
 
 
 
 
 
 169 
 
 
Figure 6.27. Time history of eccentricity for three engine cycles (20% mass ratio) 
 
The time histories of piston’s secondary motion (translation 𝑒𝑒𝑝𝑝 and rotation 𝛽𝛽) and angular 
oscillation of the pendulum (𝛾𝛾) are illustrated in Figure 6.28. The performance of the system 
without NES (2dof) is compared to that of the 3dof system (single pendulum NES). The piston 
translation is remarkably controlled during the intake stroke (360 to 540°). The piston rotates 
anti-clockwise during the same part of the engine cycle. Thus, piston rotation is an effective 
method to restrict the translational motion of the piston inside the clearance. The transient 
impact during the compression mid-stroke (630°) is generated by piston rotation. One 
oscillation of the NES corresponds to the completion of one engine cycle. The angular 
oscillations are slightly distorted during the combustion stroke (0 to 90°). Fast Fourier 
transform (FFT) analysis elucidates the frequency content of piston’s secondary motion and 
the NES oscillations (Figure 6.29). The engine frequency is 58.3 Hz at 3500 rpm. As mentioned 
in Chapter 5, piston’s translation and rotation are mainly driven by the engine orders (58.3 Hz 
and its multiples). The NES influences the amplitude of the frequency content of piston’s 
secondary motion. The spectral amplitude of piston’s translation is driven by the engine orders 
as before (58.3 and 116.6 Hz in Figure 6.29). The frequency content of the piston rotation is 
Crank angle (deg) 
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dominant at half engine order (29.16 Hz). The domination of half engine order is imposed by 
NES oscillations (𝛾𝛾) whose dominant frequency also lies at 29.16 Hz. 
 
 
 
Figure 6.28. Time history of piston secondary motion and NES angular oscillation along three engine cycles 
(20% mass ratio) 
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Figure 6.29. FFT of piston’s secondary motion and NES angular oscillation (20% mass ratio) 
The time history of eccentricity acceleration is shown in Figure 6.30 for 20% NES mass ratio. 
The 3dof model results are compared with those of the system without NES (2dof) for three 
engine cycles. As it can be seen, the eccentricity acceleration is improved in the system with 
NES during the engine cycle. The acceleration during combustion stroke (0 to 180°) is 
significant, producing the largest piston impact. The NES action reduces those oscillations at 
both eccentricities, whilst improvements at the bottom eccentricity are noticeably larger. These 
observations conform to the findings in section 6.4. Further improvements are noticed in the 
proximity of the top and bottom dead centres. The NES alters the rotational motion in these 
locations such that the eccentricity acceleration is reduced.  
The time history analysis conforms to the findings of the objective functions (impact severity 
and NoI). The influence of NES on power loss through piston-cylinder conjunction is detailed 
hereafter. The power loss is analysed in detail for the optimal designs with 10, 12.5 and 20% 
mass ratios and it varies with friction and the sliding velocity of the piston. The minimum film 
thickness has been estimated for elasto-hydrodynamic conditions using the contact loads at the 
piston-cylinder conjunction (Figure 6.31) and the empirical model described in Chapter 5. For 
low contact loads, the film thickness is set to zero and an average friction coefficient is  
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Figure 6.30. Time history of eccentricity acceleration for three engine cycles (20% mass ratio) 
exploited. Perera (2006) has monitored the variation of friction coefficient at the piston-
cylinder conjunction for a single-cylinder four-stroke E6 Ricardo engine. His friction model 
considers hydrodynamic regime of lubrication for rigid body contacts. The asperities on the 
contacting bodies are generating boundary friction. The coefficient of friction varies from 
0.002 to 0.02 at 1800 rpm in this research. The friction coefficient is showing extremes during 
boundary contacts (asperity interactions); whereas, it exhibits a rather stable behaviour (with 
value of 0.008) during the hydrodynamic regime of lubrication. At low contact loads, the 
regime of lubrication is hydrodynamic. Thus, this value is exploited as estimation for the 
coefficient of friction during low contact load conditions.  The EHL film thickness for the 3dof 
system is compared with that of the system without NES (2dof) at the TS and ATS of the 
cylinder liner (Figure 6.31). The trends are similar but the film thickness varies more smoothly. 
The NES action reduces piston oscillations and increases the contact duration. Moreover, the 
lubricant film is forming at both the TS and ATS during this part of the cycle due to piston 
rotation. The piston rotation causes simultaneous corner contacts with both cylinder walls. 
The friction force comprising boundary and viscous actions is depicted in Figure 6.32 for 
models with and without NES. The boundary friction escalates in the proximity of dead centres, 
 
-180 0 180 360 540 720 900 1080 1260 1440 1620 1800 1980
-1
-0.5
0
0.5
1
1.5
2
d
2
e
t (
m
s
- 2
)
10 4
2dof 3dof
-180 0 180 360 540 720 900 1080 1260 1440 1620 1800 1980
crank angle (deg)
-1.6
-0.8
0
0.8
1.6
2.4
d
2
e
b
 (m
s
- 2
)
10 4
 173 
appearing as spikes. In other parts of the cycle, friction is driven by viscous shear effects. The 
piston’s primary motion is upwards during compression stroke (negative direction of 
coordinate system), thus friction force is positive (-180 to 0°) and opposes to the motion. The 
NES action reduces the friction force at the beginning of the compression and exhaust strokes 
(-180 and 180° successively). The boundary friction is initially improved at  
 
 
Figure 6.31. Lubricant film predicted for viscous friction (20% mass ratio) 
the bottom dead centre of the combustion stroke (prior to 180°) and then it slightly overshoots 
at the beginning of the exhaust stroke (after 180°). Since the lubricant film forms on both sides 
of the cylinder liner during the intake stroke (3dof model), the viscous friction rises slightly 
between 360 and 540°. Friction smoothens towards the end of the intake stroke (near 540°). 
The friction force and sliding velocity of the piston are exploited to predict the power loss at 
the piston-cylinder conjunction. The power loss formulation is described in Chapter 5. Figures 
6.33 to 6.35 illustrate the power loss time histories for 10%, 12.5% and 20% NES mass ratios 
successively. As it can be seen, the power loss improves at the beginning of the compression 
stroke as the NES mass ratio increases from 10% to 20% (-180, 540 and 1260° of the crank 
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angle). The maximum power loss during the combustion stroke, however, remains unaltered in 
the presence of the NES. (e.g. 0 to 180°). The NES mechanism enforces the piston to rotate 
during the intake stroke (e.g. 360 to 540°). The longer duration of the contact at this part of the 
engine cycle slightly increases the friction force as already mentioned. Thus, the power loss 
slightly rises at the same part of the cycle. This rise is proportional to the NES mass ratio.  
 
 
 
Figure 6.32. Friction force (𝐹𝐹𝑓𝑓) time history at the piston-cylinder conjunction (20% mass ratio) 
 
It appears that power loss improves at some parts of the engine cycle, whilst it exacerbates at 
other parts. Therefore, the cycle-averaged power loss is a good estimation for the overall loss 
(Equation 5.48 in Chapter 5). The system without NES (2dof) loses up to 107 W on average. 
This value equals to 111, 113 and 119 W, as the NES mass ratio increases from 10% to 12.5% 
and 20%, successively. Figure 6.36 shows the percentage of power loss increase as the NES 
mass ratio increases. 
 
 
 
 
 
-180 0 180 360 540 720 900 1080 1260 1440 1620 1800 1980
crank angle (deg)
-100
-50
0
50
100
F
f (
N
)
2dof
3dof
 175 
 
 
Figure 6.33. Power loss time history at the piston-cylinder conjunction (10% mass ratio) 
 
 
Figure 6.34. Power loss time history at the piston-cylinder conjunction (12.5% mass ratio) 
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Figure 6.35. Power loss time history at the piston-cylinder conjunction (20% mass ratio) 
 
NES with 17.5% mass ratio loses up to 12.23% more power than the system without NES. The 
power loss percentages are about 6% and 3.8% for 12.5% and 10% mass ratios respectively. 
In spite of exacerbation in power loss through the NES mechanism, the NES performance 
should be weighed against conventional control methods of piston’s secondary motion. One 
case study shows that 67% reduction in clearance size can lead to 158% increase in mean 
friction power loss at 4000 rpm engine speed (Offner et al (2012)). At 1800 rpm engine speed, 
60% reduction in clearance size exacerbates the mean friction power loss by 5.88% (Mansouri 
and Wang (2005)). Offner et al (2012) studied the effect of piston pin height on the friction 
power losses. It is estimated that 60% increase in the pin height can exacerbate the power loss 
by 16.2%. Nakayama (Nakayama et al., 2000) proves that the effectiveness of crankshaft offset 
reduces at high engine speeds. The NES performance at 3500rpm is robust in comparison with 
the aforementioned studies. Moreover, it was proved that the NES performance is robust with 
engine speed variation as well. Despite its performance at higher engine speed, the NES with 
12.5% mass ratio generates similar or even less power losses in comparison with the 
conventional methods. Thus, the optimal design with 12.5% mass ratio is appointed as the most 
optimal design for single pendulum mechanism. 
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Figure 6.36. Power loss increase with respect to the original system without NES 
6.6. Double pendula NES 
The single pendulum absorber mechanism can communicate with the primary system within a 
certain range of excitation frequencies. In a double pendula mechanism the stiffness and mass 
of each pendulum could differ, which can drive the second pendulum to interact with the 
primary system over a different range of frequencies than the first pendulum does. Thus, the 
double pendula NES will be able to act over wider range of frequencies, performing more 
effectively in comparison with the single pendulum NES. The performance of double pendula 
NES will be compared against the optimal cases of single pendulum NES and the primary 
system without NES. The optimal designs for 20% and 12.5% mass ratios are selected for the 
single pendulum scenarios. The characteristics of double pendula NES are specified in 
comparison with the single pendulum. The nonlinear stiffness coefficients of each pendulum 
are chosen as half the stiffness of the single pendulum NES. The damping coefficients of the 
pendula are equal and their values are half the damping of the single pendulum design. Equal 
stiffness coefficients allow for tuning the pendula through variation of their mass ratios. The 
mass of the single pendulum is divided into two unequal masses, forming the double pendula.  
The stiffness and damping coefficients equal 60 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3 and 0.035 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 for single 
pendulum with 20% mass ratio. The stiffness and damping parameters are equally set to 30 
𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3 and 0.0175 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 for double pendula. The masses of pendula are chosen as 
12.5% and 7.5%. Piston eccentricities for double pendula mechanism (4dof system) are 
compared with the case of single pendulum (3dof system) and 2dof system (Figure 6.37). The 
4dof and 3dof NES mechanisms reduce two impacts at the top eccentricity (D labels). The 3dof 
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NES experiences single sided impacts at the compression mid-stroke (A labels). This impact 
is mitigated in the presence of double pendula. The 3dof system undergoes transient 
oscillations during the combustion stroke (B labels) and exhaust stroke (C labels). These 
oscillations are slightly improved at the bottom eccentricity for 4dof NES. 
 
Figure 6.37. Comparison of eccentricities for double pendula NES (4dof), single pendulum NES (3dof) and 
normal state of the system (20% total mass ratio) 
The influence of 3dof and 4dof NES on piston’s secondary motions (𝑒𝑒𝑝𝑝 and 𝛽𝛽) are compared 
against the behaviour of the system without absorber (Figure 6.38). The single pendulum 
oscillations ( 𝛾𝛾3𝑑𝑑𝐶𝐶𝑓𝑓 ) and double pendula oscillations ( 𝛾𝛾4𝑑𝑑𝐶𝐶𝑓𝑓 ) are presented for better 
understanding of the events. Similar to the 3dof NES, the piston’s rotation restricts its 
translational motion. This behaviour is observed during the intake stroke (360 to 540º). The 
aforementioned characteristics for piston eccentricities (Figure 6.37) are trackable in piston’s 
secondary motions. The single-sided impact at the compression mid-stroke is caused by the 
combined translational and rotational motion of the piston (-180 to 0º). Every oscillation of 
single pendulum coincides with two rotations of the crankshaft (one engine cycle). A small 
distortion appears in 𝛾𝛾3𝑑𝑑𝐶𝐶𝑓𝑓 during the combustion stroke (0 to 180º). In double pendula NES, 
the pendulum with larger mass ratio is referred to as the first pendulum and the smaller mass 
ratio is named the second pendulum. Similar distortion appears in the oscillations of the first 
pendulum (𝛾𝛾4𝑑𝑑𝐶𝐶𝑓𝑓, blue line). This distortion is more pronounced in comparison with the 3dof 
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NES. The size and slope of this distortion is influenced by the oscillations of the second 
pendulum (brown line). The second pendulum oscillates 14 times faster than the first pendulum 
and its amplitude is two orders of magnitude smaller.  
 
Figure 6.38. Comparison of piston secondary motions and pendula angular oscillations for double pendula NES 
(4dof), single pendulum NES (3dof) and normal state of the system (20% total mass ratio) 
Eccentricity accelerations are compared for 3dof NES (piston with single pendulum), 4dof NES 
(piston with double pendula) and the original system in Figure 6.39. The accelerations at the 
top eccentricity of the 4dof model exhibit similar behaviour to the 3dof system. Both models 
improve the accelerations with respect to the original system without NES. Accelerations are 
remarkably improved at the bottom eccentricity during the combustion stroke (0 to 180 
degrees). The accelerations of double pendula are improved slightly more than the single 
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pendulum. Double pendula has larger capacity to control the impact severity. Friction force 
and power loss for the double pendula are illustrated in Figures 6.40 and 6.41 successively. In 
spite of improvements in piston impact dynamics, friction force is negatively influenced during 
the compression stroke (-180 to 0 degrees) and the intake stroke (360 to 540 degrees). Friction 
spikes are present during piston reversal at the bottom dead centre of the combustion stroke 
(180, 900 and 1620º). These spikes are produced by boundary friction and they are largely 
mitigated in the presence of double pendula. This improvement is less pronounced in the 3dof 
model (Figure 6.32). However, the friction spikes are amplified towards the end of the 
compression stroke (720 and 1440º). These variations are influencing power loss accordingly 
(Figure 6.41). The instantaneous power loss increases remarkably as the friction force increases 
during the compression and intake strokes. The cycle-averaged power loss of the system 
increases from 107 Watts to 268 Watts in the presence of large friction losses. However, it 
must be noted that power loss has not been optimised for the specified double pendula design. 
 
Figure 6.39. Comparison of eccentricity accelerations for double pendula NES (4dof), single pendulum NES 
(3dof) and normal state of the system (20% total mass ratio) 
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Figure 6.40. Calculated friction force at piston-cylinder conjunction (4dof system with 12.5% and 7.5% mass 
ratios) 
 
Figure 6.41. Calculated power loss through piston-cylinder conjunction (4dof system with 12.5%  and 7.5% 
mass ratios) 
Another double pendula NES design is examined hereafter. The properties of the pendula are 
specified in comparison with the optimal single pendulum for 12.5% mass ratio. The stiffness 
and damping coefficients for the optimal single pendulum equal to 80 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3 and 0.02 
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𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 , respectively. These parameters successively equal to 40 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3  and 0.01 
𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 for each pendulum in the double pendula design. The total mass of the pendula 
equals to the mass of the single pendulum NES. The mass ratios are unequally divided between 
the first (7.5%) and second (5%) pendula. The eccentricity variations are illustrated for the 
double pendula NES (4dof) in Figure 6.42. These parameters are compared with the optimal 
single pendulum NES for 12.5% mass ratio (3dof) and against the original system. The NES 
performance is very similar for 3dof and 4dof systems at the bottom eccentricity. The 4dof 
system undergoes more oscillations at the top eccentricity during the transition from the 
exhaust stroke to the intake stroke (B labels). The top eccentricity values for 4dof model are 
largely improved during the combustion stroke (A labels). Two impacts are removed by single 
pendulum NES at the top eccentricity (C labels). The 4dof model shows similar tendency 
although single-sided impacts appear during the same part of the engine cycle. The specified 
double pendula design generally responds better to combustion excitations. 
 
 
Figure 6.42. Comparison of eccentricities for double pendula NES (4dof), single pendulum NES (3dof) and 
normal state of the system (12.5% total mass ratio) 
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Figure 6.43 shows the piston secondary motions (𝑒𝑒𝑝𝑝 and 𝛽𝛽) and angular oscillations for single 
pendulum (3dof) and double pendula (4dof) mechanisms. The secondary motions for 3dof and 
4dof models are compared against the original system. The piston translations (𝑒𝑒𝑝𝑝) are very 
similar between the 3dof and 4dof models. The piston rotation (𝛽𝛽) slightly decreases during 
the combustion stroke (0 to 180º) and the beginning of the intake stroke (540º). The angular 
oscillation of the single pendulum is very similar to that of the first pendulum in the double 
pendula NES. The oscillation frequency of the second pendulum (brown line) is 14 times 
greater than the frequency of the first pendulum (blue line). The oscillation amplitudes are one 
order of magnitude smaller in the second pendulum.  
 
Figure 6.43. Comparison of piston secondary motions and pendula angular oscillations for double pendula NES 
(4dof), single pendulum NES (3dof) and normal state of the system (12.5% total mass ratio) 
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The eccentricity displacements represent variations in the number of impacts. The eccentricity 
accelerations can explain the effectiveness of the double pendula mechanism on impact 
severity. These accelerations are presented in Figure 6.44 for 4dof, 3dof and the original system 
models. Both NES mechanisms improve the eccentricity accelerations with respect to the 
normal system (Figure 6.44). These improvements are very similar at the bottom eccentricity. 
The double pendula remarkably perform better at the top eccentricity during the combustion 
stroke (between 0 and 180º). At the other parts of the engine cycle, the double pendula perform 
similar to the single pendulum NES, which is designed at an optimal state; whereas, the double 
pendulum characteristics are comparatively selected and the current design does not represent 
its optimum. Thus, the performance of double pendula design might improve further through 
DoE analysis. 
 
 
Figure 6.44. Comparison of eccentricity accelerations for double pendula NES (4dof), single pendulum NES 
(3dof) and normal state of the system (12.5% total mass ratio) 
Friction force and power loss for the current double pendula design are illustrated in Figures 
6.45 and 6.46. The friction force for the 4dof design complies with friction of the original 
system. The friction spike towards the combustion bottom dead centre (180º) is largely 
improved. This improvement, however, is smaller at 900 and 1620º. Similar deviation is 
present at the beginning of the intake stroke (1080º). This increase is not repeated for the same 
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part of the engine cycle at 360 and 1800º. These deviations could be due to inaccurate tuning 
of the double pendula to the primary system excitations. The influence of these deviations on 
the power loss performance is shown in Figure 6.46. The power loss for the 4dof system is 
exacerbated during the compression stroke (-180 to 0º) and the intake stroke (360 to 540º). The 
losses vary with the same trend as in the original system for other parts of the engine cycle. 
The cycle-averaged power loss of the system increases from 107 Watts to 144 Watts in the 
presence of the double pendula mechanism.  
The overview of impact severity and eccentricity objective functions for double pendula NES 
confirms the potential of this concept to control piston impact dynamics. The double pendula 
NES effectively reduces impact severity during the combustion stroke. The impact dynamics 
performance is similar to the single pendulum during other parts of the engine cycle. The 
boundary friction generally reduces to lower values using a double pendula NES mechanism. 
The power loss is exacerbated in comparison with the optimal single pendulum design. The 
design parameters for double pendula, however, are not determined as a result of an 
optimisation process. Thus, there is potential for further improvement. This chapter only 
contributes to the potential improvements on piston’s secondary motion through the use of 
double pendula NES and the extensive DoE analysis of the concept is suggested as future work. 
 
 
Figure 6.45. Calculated friction force at piston-cylinder conjunction (4dof system with 7.5% and 5% mass 
ratios) 
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Figure 6.46. Calculated power loss through piston-cylinder conjunction (4dof system with 7.5% and 5% mass 
ratios) 
Summary 
The concept of nonlinear energy absorbers was described in Chapter 5. This chapter is allocated 
to the performance analysis of the single pendulum and double pendula NES mechanisms. The 
robustness of single pendulum mechanism with engine speed is explored. Since the NES 
performance is robust with the engine speed fluctuations, a single speed (3500rpm) is exploited 
for DoE analysis. The optimal cases for seven NES masses are specified using three objective 
functions: impact severity, impact numbers and energy transfer. The findings of the DoE 
analysis are confirmed through the time histories of piston kinematics. Power loss and friction 
analyses are later carried out and compared against conventional control methods of piston’s 
motion. The optimal NES design for single pendulum mechanism is assigned. The 
effectiveness of double pendula mechanism is confirmed for the control of piston impact 
dynamics through two case studies. 
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Chapter 7 
Conclusions and suggestions for future work 
 
7.1. Conclusions 
Despite the current reliance of the society on IC engines, their negative effects on the 
environment have become increasingly important during the last decades. In addition, noise 
pollution has medium health impact on European citizens and a major source of traffic noise 
in urban areas is the engine. Engine losses appear in the form of friction, vibration and noise in 
the piston-cylinder conjunction. The potential to improve engine vibration and noise through 
modifications to the piston-cylinder impacts (through the lubricant’s cushioning effect) has 
been the impetus for the research undertaken in this thesis.  
Interactions between the piston and cylinder bore lead to small amplitude translational and 
rotational motions of the piston, referred to as piston secondary motions. The latter dynamics 
are driven by piston kinematics, which are induced primarily by the combustion gas force and 
the inertia of components. The piston impact problem is multi-scale and multi-physics in nature 
as the deformable mating surfaces are separated by a thin film of lubricant. Piston impact 
investigations involve the macro-scale rigid body inertial motion, the micro-scale component 
flexibility, tribological contacts and their noise propagation considerations. Multi-physics 
investigations of piston-cylinder interactions lead to more accurate identification and 
prediction of piston impacts and their associated noise levels. The above study is integrated 
with the relatively recent concept of targeted energy transfer to passively control the piston’s 
secondary motion. This passive control scheme acts through an essentially nonlinear oscillator 
(nonlinear energy absorber). The excess energy of the piston impacts is irreversibly transferred 
into the energy absorber, provided that weakly linear damping is present between the absorber 
and the primary system. The optimal design for the absorber is determined through extensive 
numerical simulations. The functionality of such a concept is proven for the transient dynamics 
of piston secondary motion. Therefore, the analyses in this thesis include physics disciplines 
such as nonlinear dynamics, tribology, contact mechanics, vibrations and noise. 
The study of any multi-disciplinary problem requires appropriate numerical and analytical tools. 
The piston’s secondary motions and their effect on engine NVH are described through a 
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tribodynamics model. In this model, the piston kinematics are detailed using geometrical 
specifications of the piston assembly and crank kinematics. The dynamics of the system are 
known in the primary direction through simple analytical calculations and experimental 
measurements. The transient dynamics of the piston secondary motions are described taking 
into account the reaction forces at the cylinder liner’s interface. The reaction force from the 
cylinder liner is described using the piston deflection and the lubricant’s hydrodynamics. The 
interactions of the oil film’s tribology are introduced using Reynolds equation. The combined 
average acceleration integrator (also known as the Newmark integrator) and a predictor-
corrector scheme are exploited for solution of the tribodynamics model. 
In the tribodynamics model, the lubrication regime at the piston-cylinder conjunction is Elasto-
Hydrodynamic (EHL). The contact pressure and squeeze action of the lubricant film are 
exploited to establish new identification methods for the piston impacts. Three conventional 
identification methods (quasi-static lateral force, transient lateral force and the minimum film 
thickness) and three new concepts (the maximum energy transfer, lubricant squeeze velocity 
and piston impact angular duration) are examined against experimentally identified piston 
impact events. The results obtained prove that the new concepts accurately identify the number 
and timing of the piston impact events, utilising the numerically predicted lubricant film 
properties (between the piston and the cylinder). These methods are also more robust with 
respect to variations in the engine operating conditions. The angular duration and maximum 
energy concepts are the best impact identifiers. The latter might be more interesting as it 
suggests the exact timing of impact events, while the former suggests the crank angle interval 
for each event.  
The lubricant film that separates the two mating surfaces during impacts leads to mitigation of 
the transferred impact energy. Since the lubricant is behaving as a piezo-viscous fluid (its 
viscosity depends on pressure), its mechanical impedance properties are transiently varying 
with the supported contact pressure, squeeze velocity and structural deformation. The mitigated 
impact energy at the inner surface of the cylinder liner is predicted using the mechanical 
impedance for the lubricated contact. The radiated power from the engine surface is predicted 
through noise calculations and the sound pressure levels are calculated at the TS and ATS of 
the engine. The obtained sound pressure levels from this analytical ‘noise prediction’ model 
conform well to the measured sound pressure levels both in time and frequency domains. The 
frequency range of piston impact noise extends from 500 to 1500 Hz for both the measured 
data and the analytical prediction. The analytical model accurately predicts the main impact 
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events. The RMS of sound pressure levels vary between 112 and 115 dB for the examined 
engine speed range. The predicted noise levels are within 1.25% with respect to the measured 
ones. The proposed transient noise methodology successfully predicts the timing of piston 
impact events during the engine cycle, as well as their associated frequencies. The methodology 
can detect the amplification of noise levels in a more robust manner compared to a quasi-static 
approach as the engine speed increases in a transient manner. The accurate prediction of piston 
impact events and their associated noise levels is crucial in developing an analytical tool to 
improve the engine design. 
The tribodynamics model is not a convenient tool for studying the possibility of establishing 
targeted energy transfer. The complexity of the dynamics model and the necessity for extensive 
simulations to identify the optimal design of the energy absorber are calling for the 
development of a less complicated (numerically) impact model. The latter imitates the 
behaviour of the tribodynamics model with reduced complexity in terms of the contact model. 
Thus, the elasto-hydrodynamic lubrication model is replaced by a nonlinear spring and linear 
damper arrangement. The barrel shape of the piston skirt is neglected as the wedge effect does 
not build up the oil film’s pressure in this ‘basic’ model and deformations are localised when 
using lumped parameter features, such as springs. The ‘Basic’ impact model is verified against 
another ‘dry’ impact model in the literature and it is exploited in the absorber DoE studies due 
to computational efficiency (less computation time and easier analysis of results).  
Two nonlinear energy absorber (NES) models have been studied in this thesis for establishing 
targeted energy transfer from the piston (primary system). These NES designs are in the form 
of single- and double- pendula. The main design parameters for the absorber are the mass ratio, 
nonlinear stiffness coefficient and damping coefficient. The NES performance is initially 
examined over a wide range of engine speeds (3000 rpm to 4250 rpm), where it is proven to be 
robust. Thus, an indicative engine speed (3500 rpm) is selected for the entire DoE process. The 
optimal designs for different NES mass ratios are specified through a DoE study with three 
objective functions (impact severity, impact number and energy transfer). The DoE analysis 
signifies that the case with 20% NES mass ratio, stiffness coefficient of 60 𝑁𝑁𝑚𝑚/𝑟𝑟𝑎𝑎𝑟𝑟3 and 
damping coefficient of 0.035 𝑁𝑁𝑚𝑚𝑠𝑠/𝑟𝑟𝑎𝑎𝑟𝑟 has the best performance in terms of alleviating the 
severity of piston impact dynamics. The friction losses are estimated for the optimal NES 
designs, taking into account the contributions from viscous and boundary friction. The 
hydrodynamic, elasto-hydrodynamic and mixed regimes of lubrication are included in the 
prediction of friction forces, which are then combined with piston kinematics in the primary 
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direction to evaluate power losses. The results obtained for power loss calculations show that 
the larger mass ratios produce greater power loss. Thus, the optimal design is selected using 
the combined effect of the absorber on impact dynamics and power loss (12.5% mass ratio, 80 Nm/rad3 stiffness coefficient and 0.02 Nms/rad damping coefficient). This design generates 
up to 6% power loss at 3500 rpm, performing comparatively better with respect to conventional 
control methods for piston secondary motion: the reduction in clearance size and increasing 
the pin height are exacerbating the friction losses in comparison to the NES; the crankshaft 
offset is shown to be effective only at lower engine speeds, whereas the NES performance is 
consistent with engine speed variations. The influence of double pendula concept on piston 
secondary motion has been explored through two case studies. The double pendula design has 
the potential for further improvements in terms of piston impact dynamics. The influence of 
this concept on power loss through piston-cylinder conjunction is neglected in this study. An 
extensive DoE study is essential in the future to find the optimal design in terms of both 
dynamics and power loss. 
7.2. Achievement of aims 
The project sets out to develop fundamental new knowledge surrounding the intrinsically 
impulsive behaviour of the conformal contacts at the piston-cylinder conjunction. The effects 
of realistic lubricated contact on the piston secondary motion and impact prediction are detailed 
throughout. The potential to reduce the severity of piston oscillations and the associated impact 
noise are examined through the concept of targeted energy transfer.  
A set of analytical/numerical tribodynamic routines has been developed to describe piston 
transient motion leading to impacts and resultant noise. The research ensures that the 
analytical/numerical tools are sufficiently validated with accurate representative measurements. 
This overall objective has been achieved through detailed comparisons with experimentally 
obtained engine surface vibrations and the radiated sound pressures. The varying operational 
parameters of the engine and their effects on the impulsive behaviour of the piston have been 
ascertained. 
The potential of the targeted energy transfer concept between the piston and a nonlinear 
vibration absorber has also been examined. The effectiveness of the absorber in the 
improvement of piston impact dynamics as well as the robustness of this concept to the engine 
operating conditions have been numerically verified. 
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7.3. Contributions to knowledge 
The primary contributions to new knowledge in this thesis are the following: 
• A multi-scale multi physics model is developed to analyse the impulsive behaviour of the 
piston against the cylinder liner. This model comprises rigid body inertial dynamics, 
structural deformations, tribological contacts and acoustic radiation predictions. The 
lubricant film’s squeeze action and its effect on the mechanical impedance of the impact 
have been taken into account for the first time. Experimentally obtained cylinder pressure 
has been used to reflect the realistic engine operating conditions in the numerical/analytical 
studies. A comprehensive model with this level of detail has not hitherto been reported in 
the study of piston impact dynamics. 
 
• This methodology is fundamental to the definition of three new piston impact 
identification criteria. These encapsulate the lubricant’s squeeze behaviour and they are 
proven to be more accurate than conventional criteria. These criteria are: the maximum 
energy transfer, lubricant squeeze velocity and piston impact angular duration. The 
accuracy of these methods is validated against experimentally obtained surface vibrations 
from a Honda CRF 450R engine. These identification criteria have not been reported 
before in the literature. 
 
• A ‘noise prediction’ model is developed using the multi-scale multi-physics tribodynamics 
model. The noise model evaluates the impact power at the contact and it predicts the 
radiated sound power at the engine surface. The new methodology allows for the 
evaluation of noise levels at any desired distance from the structure. This ‘noise prediction’ 
model is validated in both time and frequency domains against the measured sound 
pressures from the Honda CRF 450R engine.  
 
• The concept of targeted energy transfer is applied to the piston’s secondary motion for the 
first time. This comprises the nonlinear dynamics of the piston and the energy absorber. 
An analytical model is developed to study this concept. The performance of the absorber 
is validated through a series of simulations for different values of the design parameters. 
Contour mapping methods and objective functions are employed to determine the optimal 
design features of the absorber. Passive control of the piston’s impulsive behaviour 
through targeted energy transfer has not been reported previously.  
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7.4. Suggestions for future work 
A number of areas are suggested for future work in numerical and experimental domains. These 
areas are divided using the physics of the problem and they are: dynamics, tribology, targeted 
energy transfer and NVH experiments. 
Dynamics: 
• The connecting rod inertia was neglected in this research. This inertia can increase the 
piston side force and slightly change the position of the impacts. The connecting rod 
inertia is commonly divided into two parts with one part added to piston and the other 
one assumed as crankshaft inertia. A more detailed approach is to include the 
connecting rod as a separate component in the multi-body dynamics model of the piston 
assembly.  
 
• Piston ring packs are commonly ignored in the study of piston impacts. The tension in 
the ring packs ensures contact against the cylinder wall. This contact and its resultant 
impulses and losses could be taken into account for more accurate prediction of piston’s 
dynamics. Moreover, piston rings designs that are forcing the piston on single-sided 
contacts with the cylinder liner can be explored.  
 
• A few assumptions are implemented in the prediction of the radiated noise. The 
complexities in the engine block structure are neglected. The engine block geometry is 
simplified to a cylinder with an equivalent radius. The structural geometry influences 
the direction and amplitude of the propagated waves inside the structure. Complexities 
such as water jackets can also influence the wave transfer through reflection, dissipation 
and variation in the medium material. The surface vibration velocities and acoustic 
power can vary with different surface geometries. In order to distinguish the sound 
levels at the TS and ATS of the engine block, these geometrical complexities should be 
taken into account. As part of the future work, the cylinder and engine block designs 
can be modified such that the high frequency vibrations are isolated at the structural 
level, whereas reduced displacement transmissibility is established. 
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Tribology: 
• The tribological characteristics can vary at different locations on the cylinder liner, as 
the boundary conditions vary (temperature and lubrication regime). In the current 
research, it is assumed that the lubricant temperature is constant during the engine 
operation. In reality, the temperature increases with the engine operation time from cold 
start. The variations in temperature can influence the lubricant viscosity. Viscosity 
variations influence the load carrying capacity of the lubricant film under piston 
impacts. With regard to the second boundary condition, the regime of lubrication 
considered in the tribodynamics model is elasto-hydrodynamic. The regime of 
lubrication may be mixed or boundary in the proximity of the dead centres, leading to 
direct solid-to-solid contact of the mating surfaces. During oil starvation, air bubbles 
can trap in the lubricant film and form cavitation. The direct contact of the solids and 
the cushioning effect of air bubbles may influence the impact severity. The above 
variations in the boundary conditions can add to the complexity and accuracy of the 
numerical/analytical solutions.  
Targeted energy transfer: 
• Frequency – Energy plots (FEP) that describe the interactions between the primary 
system and nonlinear absorber should be obtained in order to direct the optimisation 
process. The FEPs describe the Nonlinear Normal Modes (NNMs) of the nonlinear 
absorber and how these can interact with the input energy content of the examined 
system, leading to maximisation of the absorber’s performance. 
 
• The double pendula NES has been examined in terms of piston impact dynamics. This 
concept has the potential to reduce the impact severity with respect to the optimal single 
pendulum designs. The power loss properties, however, have not been optimised for 
the presented case. Thus, an extensive DoE study of this model can lead to optimal 
designs in terms of both dynamics and power loss. 
 
• The optimal designs for a single pendulum have been investigated numerically. 
Conceptual designs should be built to validate the model results by fitting them either 
in a small-scale engine. A series of experiments can prove the robustness of the NES to 
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engine operating conditions. Moreover, selective variations in the NES design 
parameters can show the conformity of numerical results with experiments.  
 
The above suggestions for future work aim to improve the accuracy of piston noise predictions, 
piston impact identification and to decrease the severity of piston secondary motion dynamics. 
The additional features in the numerical codes will reduce the differences between the predicted 
results and the measured events. Moreover, the noise level differences between the TS and 
ATS sides of the engine block, as well as the location and duration of the impact events will be 
estimated more accurately. Although the aforementioned approaches are influential in the 
accuracy of predictions, the effect of the ring pack and engine block geometry are anticipated 
to be more significant. Finally, the optimisation between piston power loss and secondary 
motion dynamics under the action of the absorber aims to lead to amplification in the reduction 
of the number of impacts and better piston efficiency compared to conventional methods that 
are used for smoothening the piston’s secondary motion. 
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The following papers were presented in International conferences: 
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The following paper is submitted to a scientific peer reviewed journal: 
1. Dolatabadi, N., Theodossiades, S. and Rothberg, S.J. (under review) Passive 
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Appendix B 
 
Sensitivity Analysis: 
To better understand the sensitivity of piston impact noise to system parameters, the previously 
developed noise model is numerically examined for three design elements. In these simulations, 
three piston-to-cylinder clearances (20, 50 and 80 𝜇𝜇𝑚𝑚) and three engine oils (0W30, 10W40 
and 10W60) are examined. These clearance sizes are common in engine applications, as 
mentioned in Chapter 2. Oil types are selected from the viscosity encyclopaedia for engine 
oils1. Dynamic viscosities of oils are 9.35, 11.88 and 18.99 (mPa.s) at 100 ºC for 0W30, 10W40 
and 10W60 successively. The last design parameter is piston skirt profile. Profile curvature is 
indicated with the percentage of deviation from the original profile. Thus, the original profile 
has 0% deviation from the reference profile. Two profiles with -25% and -50% deviation are 
also included in the analysis. The negative sign shows the trend towards flatness of profile. 
Extreme deviations towards flatness was also practiced by (Mansouri and Wong (2005)). The 
total of 27 simulations are run for different values of design parameters. Each simulation 
provides sound pressure levels (SPL) for the thrust side and anti-thrust side of the engine block.  
Figure B.1 shows the SPL variations with clearance and oil type. SPL values increase with both 
clearance size and oil viscosity. The effect of oil viscosity on noise levels, however, is larger 
for the selected range of clearances. 10W60 is more viscous than the other oils and its 
associated noise levels are noticeably lower. Piston impact noise levels are generally higher at 
the thrust side than the anti-thrust side. This trend follows the findings of these thesis and the 
literature. Since the influence of oil viscosity on piston impact is more pronounced, the effect 
of piston profile is compared with oil type (Figure B.2). This comparison shows the relative 
sensitivity of piston impact to these parameters. The flatness in piston profile causes larger 
levels of impact noise in comparison with variation in dynamic viscosity of oils. For the 
selected values of design variables, piston impact noise is sensitive to piston profile, oil 
dynamic viscosity and clearance size successively.  
1 www.viscopedia.com/viscosity-tables/substances/engine-oil: measured with SVM 3000, data accessed: 
31/10/2016. 
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Figure B.1. Variation of engine noise levels with clearance and oil dynamics viscosity at the thrust 
side and anti-thrust side 
 
 
Figure B.2. Variation of engine noise levels with piston profile and oil dynamics viscosity at the thrust 
side and anti-thrust side 
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Appendix C 
 
Error Analysis:  
Table C.1. List of instrumentation: 
Measuring 
parameter 
Manufacturer 
Measuring 
principle 
Model Range 
Accuracy/ 
sensitivity 
Crank angle Hubner Berlin 
Optical shaft 
encoder 
TTL 1024 360 pulse/rev 
± 0.1 º Crank 
Angle 
Cylinder 
pressure 
Kistler Piezo-electric 6081A40 0-250 bar 37 pC/bar 
Acceleration Bruel and Kjaer Piezo-electric 
DeltaTron 
4517-002 
1 Hz-20 kHz 1.006 mV/ms-2 
Sound pressure Bruel and Kjaer  4942A021 
6.3 Hz – 16 
kHz 
50.7 mV/Pa 
 
Errors impose some level of uncertainty in the measured data. Regardless of the care taken 
during measurements, error is present in all experimental results. These errors can be either 
systematic (fixed) or random. Systematic errors can be corrected by calibration. The 
uncertainty in the results due to random errors is obtained statistically. Uncertainty of the 
measured parameter P is 
Δ𝑃𝑃 = 1.96𝜎𝜎
𝑃𝑃𝑚𝑚
 C.1 
𝑃𝑃𝑚𝑚 and 𝜎𝜎 are the mean value and standard deviation of the measured quantities, successively. 
The total uncertainty, 𝑈𝑈𝑡𝑡, is the sum of the uncertainties due to systematic error (E) and random 
error (Δ𝑃𝑃), i.e. 
𝑈𝑈𝑡𝑡 = �(Δ𝑃𝑃)2 + (𝐸𝐸)2 C.2 
From the uncertainties of the measured parameters, the uncertainties in the calculated functions 
are evaluated by using an expression, which is derived as follows (Holman (2001)2). While 
calculating the function 𝑅𝑅(𝑥𝑥, 𝑦𝑦), which is a function of measured parameters 𝑥𝑥 and 𝑦𝑦, and the 
uncertainties associated with 𝑥𝑥 and 𝑦𝑦 are Δ𝑥𝑥 and Δ𝑦𝑦 respectively, the uncertainty limit for the 
calculated parameter 𝑅𝑅 will be 𝑅𝑅 ± Δ𝑅𝑅. Δ𝑅𝑅 can be calculated using the following equation: 
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For instance, cylinder pressure is measured at 4250 rpm for piston impact problem. The average 
pressure is about 7.46 bar over 74 engine cycles with the standard deviation from this value 
being 0.03. Equation C1 is exploited to estimate the measured uncertainty in cylinder pressure 
data. This uncertainty equals 0.789 percent. The systematic error from the pressure sensor is 
0.8 percent at high temperatures. Thus, the overall uncertainty is 
𝑈𝑈𝑡𝑡 = �0.7892 + 0.82 = 1.12% 
This uncertainty replicates the possible error in the measured data. The lateral force of piston 
varies with the measured cylinder pressure and crank angle (equation 3.24). The uncertainty in 
the lateral force function due to the crank angle and cylinder pressure parameters is about 0.731 
percent. This value is indicative value of the uncertainty. For more accurate result, the 
uncertainties in the measured mass, connecting rod length and crank radius should also be 
considered. 
 
 
 
 
 
 
 
 
 
 
2 Holman, J.P., 2001, Experimental Methods for Engineers, 7th edition, McGraw-Hill Book 
Company, USA. 
